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Preface

The turbocharger was invented a surprisingly long time ago but only relatively
recently has it been an accepted component on all but very small diesel engines.
After several false starts they are now also being used on petrol engines. Unlike
most other components of an engine, the turbocharger can radically transform
the performance of the engine and is therefore very much a critical component.
As a result more engineers need to understand how and why it does what it
does.

The characteristics of turbomachines are fundamentally different from
those of reciprocating machines, hence the combination of turbocharger and
engine has many complex characteristics. Yet engineers with diesel or petrol
engine experience have little knowledge of turbomachines, and vice versa, and
are therefore not well equipped to optimise the combination. This book is an
attempt to help these engineers by explaining the principles of turbocharging,
with special emphasis on the interactions between engine and turbocharger.
Many examples of the current practice of turbocharging are also given to
explain how the principles can be used to advantage. Although examples
relating to large industrial and marine engines are not omitted, preference has
deliberately been given to examples of practice on automotive (truck-type)
diesel engines for several reasons. Firstly turbocharging is longer established on
marine and industrial engines and hence the principles are better known in that
industry. Secondly engine designers, development engineers and users who are
new to turbocharging are mainly involved with truck and passenger car diesel
engines.

The application of turbocharging to passenger car petrol engines has many
unique features and therefore a special chapter has been devoted to this
subject.

The authors, as academics, are firmly convinced that an understanding of the
basic theory underlying a subject will lead the engineer to make wiser decisions.
It is common practice to present this theory to students through mathematics,
as the language of the engineer. This book is aimed at both the student and the
practising engineer and the authors have recognised that the latter finds a
mathematical approach tedious. As far as possible therefore explanations of
principles have been presented in words and not through mathematics, so that
the book is more readable than it would otherwise be. However, the techniques
of analysis, mathematics and computer-aided design are now so useful to the
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engine designer that they should not be ignored. The mathematical represent-
ation of turbocharged engines has therefore been treated in a chapter of its own
at the end of the book (chapter 15).

The organisation of the book is based on the premise that most readers will
know more about engines than turbomachines. Following a brief over-all
introduction to turbocharging, chapters 2 to 5 are devoted to the construction
of turbochargers and the principles of radial compressors and radial and axial
turbines, with reference to the turbocharger application (axial compressors are
not used on turbochargers, being more suited for larger and more expensive gas
turbines). Some readers may wish to omit the detailed description of flow
processes in the turbomachines. Chapters 6 to 9 are concerned with turbocharg-
ing systems and the best methods of utilising exhaust gas energy via the turbo-
charger. Chapter 10 describes the critical task of matching the turbomachine to
the engine to achieve optimum performance of the combination for all the
common applications. Chapters 11, 12, 13 and 14 are concerned with factors
specific to or important in certain applications such as high-output turbocharging,
transient performance, applications to petrol engines and the effect of turbo-
charging on exhaust emissions. The final chapter (15) has been mentioned above.

The authors are indebted to a large number of individuals, companies and
organisations who have helped them in the preparation of this book. In particular,
thanks are due to Professor F.J. Wallace, B.E. Walsham, I.W. Goodlet, E. Meier,
Dr M. Marzouk, past and present students, Garrett-AiResearch, Holset Engineer-
ing Co. Ltd, Brown Boveri et Cie and Napier Turbochargers.

Mrs U. Harris, Mrs S. Boyle and Mrs M. Parsons have stoically retyped and
redrawn as the authors have changed the manuscript.

Finally the authors are grateful to I.Mech.E., SAE, ASME, VDI, CIMAC,
FISITA, MTZ, Butterworths, and Longman for permission to reproduce many
of the illustrations used in the book.

N. WATSON
M. S.JANOTA

Marian Janota died shortly before the publication of this book. We had completed
every stage in preparing the book but sadly he did not see the final bound volume.

N. WATSON
February 1982
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BBDC
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BMEP
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BSFC
Cp

Sy

C

Cl

cd

Ch
CLF
CP, CPR
CPL
CR
19
D

Df
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expansion ratio

exhaust valve closes

exhaust valve opens
frequency; friction factor; function; burnt fuel/
air ratio

equivalence ratio; force

fuel burnt

fuel burning rate

frictional loss as torque
frictional loss as loss of mean effective pressure
fuel prepared

fuel reacted

height; specific enthalpy
pressure head

humidity factor

Hartridge smoke units

high pressure

heat transfer coefficient
incidence angle; control volume number
section modulus (inertia)

inlet port or valve closes
ignition delay

indirect injection diesel engine
indicated mean effective pressure
inlet port or valve opens

inlet valve closure
conductivity ; constant

general constant

kinetic energy

length, chord

losses

lift force

low pressure

load torque

mass

mass flow rate

Mach number

maximum brake torque

Mach number ratio

number

rotational speed

naturally aspirated

specific diameter

specific speed

Nusselt number

pressure

potential energy

partial pressure

m; kJ/kg
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specific volume
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volumetric flow rate
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work done; velocity relative to blade
power

distance; relative change in rack movement
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relative change in speed
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number of blades

angle

backsweep angle; phase proportionality factor;

Riemann parameter

Cp/cv
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effective impeller exit area ratio; arc of admission;

effectiveness; emissivity
efficiency

angle
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Thub /T tip

dynamic viscosity; energy transfer coefficient

Poisson’s ratio; kinematic viscocity
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Subscripts
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alt altitude
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c compressor; centrifugal
carb carburettor

cl,C clearance

com combustion

cool coolant

cyl cylinder
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e engine; trailing edge
es end of sector

ex exhaust

f fuel
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for formation

fr friction

g gas

gb gas bending

ge gas exchange

h hoop; hub

ht heat transfer

i instantaneous

ic inlet casing
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j control volume port
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m manifold; mean
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mot motored
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sto

tot

ult
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pressure
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piston
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surface
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swept
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volume

volumetric
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Introduction to Turbocharging
and Turbochargers

1.1 Supercharging

Supercharging can be defined as the introduction of air (or air/fuel mixture) into
an engine cylinder at a density greater than ambient. This allows a proportional
increase in the fuel that can be burned and hence raises the potential power out-
put. The principal objective is to increase power output, not to improve efficiency,
although the efficiency may benefit. The effect of supercharging on power out-
put can be seen from a cylinder pressure/volume (P-V’) diagram. Figure 1.1
shows an ideal naturally aspirated dual-combustion cycle. Point 1 denotes the
beginning of the compression stroke when the piston is at bottom dead centre
(BDC). Process 1-2 is the compression stroke. 2-3 is the part of the combustion
process occurring (instantaneously) at constant volume (top dead centre, TDC).
3-4 is the remaining part of the combustion process occurring at constant
pressure while the piston is moving along the cylinder. 4-5 is the continuation
of the expansion process following the end of combustion. At point 5 the

Process

4 1-2 Compression
2-4 Combustion
4-5 Expansion

Work Done = §PdVv
= Area 1-2-3-4-5-1

_."rl"—_ Vo v
TDC BDC

Figure 1.1 Ideal dual-combustion (limited pressure) air standard cycle; Naturally
aspirated engine
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—~~- Naturally Aspirated
Supercharged

§ — ~ “Ambient

e, Vsw v
TDC BDC

Figure 1.2 Comparison of supercharged and naturally aspirated air standard
dual-combustion cycles having the same compression ratio

exhaust valve opens, allowing some exhaust gas to leave the cylinder and the
pressure to fall back to the ambient level. The intake and exhaust processes are
not shown.

Useful work is obtained during processes 3-4-5 since the pressure acting on
the piston is aiding its outward motion. This is the power stroke. Against this
must be set the work required to compress the gas in the cylinder, process 1-2.
The work done (W) may be calculated from the integral

W=/pdv a.n

It follows that the net work output (expansion work minus compression
work) is given by the area inside the diagram, area 1-2-3-4-5-1. This is the work
output per complete cycle. The process described above takes one revolution of
the crankshaft (four-stroke engine). The intake and exhaust processes occupy a
second revolution. Useful power is therefore obtained every second revolution of
the crankshaft. It follows that the area inside the diagram multiplied by half the
engine speed gives the power output of a four-stroke engine.

Figure 1.2 compares the naturally aspirated and supercharged ideal cycles. The
supercharged cycle starts at a higher pressure (and density) point 1'. Extra fuel
can be burned between 2'-4' because more air is available (the same volume, but
a higher density). Two things are clear: the supercharged engine has a greater
power output (see diagram area) and a much higher maximum pressure. Unless
the engine is designed to be supercharged, the high maximum pressure may not
be acceptable — the engine may not withstand the stresses involved. By reducing
the compression ratio the clearance volume (¥;) is increased and maximum press-
ure will be reduced. If the compression ratio is suitably chosen, the maximum
pressure in the supercharged engine can equal that of the naturally aspirated
engine (figure 1.3); the power output of the supercharged engine remains greater
than that of the naturally aspirated engine.

In considering the power output as the product of the area of the P-V diagram
and the cyclic operating speed, the fact that not all of this power can be trans-



INTRODUCTION TO TURBOCHARGING AND TURBOCHARGERS 3

Supercharged

——— Naturally Aspirated

¥YcL = Clearance Volume

Vsw= Swept Volume
Compression Ratio = ‘sw'Vcl
Vet

,
S
v Boost pressure

T ——===== 3~ —— Ambient pressure

el Vow ¥

Figure 1.3 Comparison of supercharged and naturally aspirated air standard
dual-combustion cycle having the same maximum pressure but differ-
ent compression ratios

mitted to the output shaft of the engine has been ignored. Some will be lost as
friction, in the bearings, at the piston rings, etc., and some will be required to
drive the valve gear, oil and water pumps. This must be debited from the ‘indi-
cated” power of the P-V diagram. Furthermore in order to obtain high density
air at point 1', work must be done to compress ambient air up to the boost press-
ure at that point. A compressor can be driven from the crankshaft of the engine
(figure 1.4). This is a conventional mechanically driven supercharger. In addition
to the frictional losses the power required to drive this compressor must be
debited from the indicated power (P-V diagram) output. Fortunately, when
fitting a mechanically driven supercharger to an engine it is easy to ensure that
the indicated power output rises sufficiently to more than compensate for the
power requirement of the supercharger and any additional frictional losses.

The ideal dual-combustion four-stroke cycle has been used to illustrate the
power gain of the supercharged engine. A similar argument can be put forward
for the ideal two-stroke engine cycle and for real petrol and diesel engines.

The mechanically driven supercharger is not the only method of supercharging.
This type of supercharger has been successfully used many times in the past, par-
ticularly on piston aircraft engines, but it is not in common use today. This book
is exclusively concerned with quite a different method—turbocharging—but the
basic objective of increasing the power output of a given size of engine remains
unaltered.

Inlet manifold

Power
c| Compressor
Exhaust

tiet Chain belt
outle or gear drive

Ambient air iniet

Figure 1.4 Typical arrangement of an engine fitted with a mechanically driven
supercharger
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1.2 Turbocharging

Since 1945, the power output of diesel engines has rapidly increased as a result
of developmentsin turbocharging. This is particularly true of the engines used for
ship and rail propulsion and industrial generating sets.

Figure 1.5 shows this trend for four and two-stroke engines. The BMEP (brake
mean effective pressure) is a measure of the work output for a given swept
volume or cylinder capacity. The indicated mean effective pressure (IMEP) is
the average pressure obtained by dividing the indicator diagram (area 1-2-3-4-
5-1 in the ideal case, see figure 1.1) by the swept volume of the cylinder (V).
The brake mean effective pressure is the equivalent of IMEP at the engine out-
put shaft, IMEP reduced by friction, etc.

N Wb onm
——T—r

Pressure ratio

a) 301

8

BMEP (bar)
o

o

1950 1960 1970 1980

Pressure ratio
N oW A on
T T ]

b)

201 -
F:
g 10} Siow & medium speed
=
]

o A N L N

1950 1960 1970 1980
Year

Figure 1.5 (a) Four-stroke diesel engine: increase in BMEP and compressor
pressure ratio. (b) Two-stroke diesel engine: increase in BMEP and
compressor pressure ratio



INTRODUCTION TO TURBOCHARGING AND TURBOCHARGERS 5

Figure 1.5 shows that the average BMEP of some types of engines has tripled
since 1945. Figure 1.5a shows that the commercial ratings of medium-speed
four-stroke diesel engines increased rapidly in the last 30 years, approaching 20
bar (290 Ibf/in.?) at present. The combined effects of legislation regarding power/
weight ratio, pollutant emission, economic constraints and the need to conserve
liquid fuel resources, have led to increasing use of turbochargers on vehicle diesel
engines. In consequence, an increase in the rating of these engines has been evi-
dent recently and is expected to continue.

If these trends are extrapolated to the future, one might expect ratings of
some engines to exceed 27.5 bar (400 Ibf/in.?) in the 1990s. Already experimental
engines have run at this rating, and higher ratings, with no absolute limitation in
performance or thermal loading. However, most current turbocharger compressors
are limited to a maximum useful pressure ratio of 3.5, by aerodynamic and stress
considerations. This has caused the trends of increased BMEP to diverge. Some
manufacturers, retaining the standard type of turbocharger, have given more
attention to improved reliability without appreciable increase in rating. Others
are exploring higher ratings using two-stage turbocharging or more sophisticated
single stage systems.

The trend of increasing BMEP developed by slow and medium-speed two-
stroke diesel engines over the past 30 years, has been similar to that of four-
stroke engines (figure 1.5b). Again experimental work has revealed no fundamental
reason why this trend should not continue beyond the typical figure of 14 bar
(2001bf/in ?) BMEP current in 1980. Fortunately, the pressure ratio developed
by current turbochargers is sufficient to meet the immediate needs of most two-
stroke engines, although two-stage systems are being considered for large marine
two-stroke engines.

Turbocharging is a specific method of supercharging. An attempt is made to
use the energy of the hot exhaust gas of the engine to drive the supercharging
compressor. The user is not getting something for nothing, but is merely using
energy that would normally go to waste; however, it is clear that it is no longer
necessary to debit the power requirement of the compressor from the indicated
power of the engine.

The ideal available exhaust energy is shown in figure 1.6. The energy consists
of the ‘blow-down’ energy after reversible adiabatic expansion from condition 1
(where the exhaust valve opens) to ambient pressure at point 2, area 1-2-3, and
the work done by the piston in displacing remaining exhaust gas, area 3-4-5-6,
in the case of the four-stroke engine.

Figure 1.6 Work available from ideal exhaust process
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P, Compressor Inlet
c

air inlet

Power

Exhaust
outlet «

P T, Tarbine Exhaust manifold

Figure 1.7 Typical arrangement of a turbocharged engine operating with the
constant pressure system. The compressor and turbine form a self-
contained unit: the turbocharger

The first attempts to use exhaust gas energy to drive a supercharging com-
pressor were proposed by Biichi [1] as long ago as 1909. However, it was many
years before Biichi achieved success (around 1925). He used the exhaust gas to
drive a turbine which in turn drove the supercharging compressor (figure 1.7).
The compressor and turbine were a self-contained unit (the turbocharger) with
no mechanical linkage to the engine other than ducting for the compressed air
and exhaust gas. The turbocharger, in principle, remains the same today.

It might be thought that the back pressure created by the turbine would
hinder the exhaust process from the cylinders and hence reduce the potential
gain in power output. However, provided that the turbocharger is efficient
enough to raise the boost pressure above the exhaust pressure of the engine, the
intake and exhaust process will benefit. Paradoxically it was the advent of the
aircraft gas turbine in the 1940s that enabled major strides to be made in turbo-
charging. Both the gas turbine and the turbocharger required turbine blade ma-
terials that would withstand high stresses at very high temperatures. These
materials were developed for aircraft gas turbines and were then used in turbo-
chargers. It was primarily the development of the materials, and more efficient
compressors and turbines, that permitted the trends shown in figure 1.5 to occur.

1.2.1 Constant Pressure Turbocharging

Biichi’s early (unsuccessful) attempts at turbocharging utilised the constant press-
ure system (figure 1.7) with a multi-cylinder four-stroke diesel engine. The exhaust
manifolds from all cylinders were connected to a common large chamber. This
led to a single turbocharger turbine. A reciprocating engine is inherently an un-
steady flow device, each cylinder exhausting in turn at intervals during the cycle.
Turbines can be designed to accept such an unsteady flow, but they operate more
efficiently under steady flow conditions. Thus the combination of engine and
turbine is a difficult one.Biichi used a large chamber to damp out the fluctuating
gas flow from the cylinders so that the flow to the turbine was essentially steady
(constant pressure). Biichi’s turbocharger was not efficient enough to maintain a
reasonable boost pressure, but many engines today operate successfully with the
constant pressure system.

Figure 1.8 shows a specific enthalpy/specific entropy (h-s) diagram for the
constant pressure turbocharging process. It is relatively simple to calculate whether
the turbocharger will run as a self-supporting unit producing a specified boost
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Turbine inlet

pressure
Boost pressure
—
a
10
. .
e Ambient pressure

1 1=2 compressor
s 34 turbine

Figure 1.8 Constant pressure turbocharging

pressure under the constant pressure system, by considering the energy balance
between turbine power (process 3-4, figure 1.8) and compressor power (process
1-2, figure 1.8).

The calculation is presented in chapter 6, but figure 1.9 shows a typical set
of results. When turbocharging, it is desirable to achieve a small positive pressure
difference between intake and exhaust manifold (P, - P;, figure 1.8), or a press-
ure ratio (P,/P;) greater than unity. Figure 1 9 shows that a reasonably high turbo-
charger efficiency and turbine inlet temperature are required to achieve this (for
example, 45% efficiency and 500 °C for a pressure ratio of 2:1).
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Figure 1.9 Effect of over-all turbocharger efficiency on the pressure drop be-
tween inlet and exhaust manifolds (constant pressure system) for
P,/Py =2
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Figure 1.10 Constant pressure system

Figure 1.10 (top and middle) shows the principle of constant pressure turbo-
charging, by means of the cylinder and exhaust pressure diagrams for a single
cylinder. The large volume of the exhaust manifold ensures that its pressure (P,)
remains substantially constant. During the exhaust process, the cylinder pressure
(Fey1) drops to almost equal the exhaust manifold pressure. With a sufficiently
high turbocharger efficiency, the inlet manifold pressure (Py,), slightly exceeds
the exhaust manifold pressure. Thus during the period when inlet and exhaust
valves are both slightly open (valve overlap), some fresh air flows through the
cylinder,

1.2.2 Pulse System Turbocharging
A disadvantage of the constant pressure system is that it does not fully utilise the

high kinetic energy of the gases leaving the exhaust valves or ports. As the gas
blows down from a relatively high pressure in the cylinder through the small area
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of the partly opened exhaust valve, the discharge velocity is high. This high-
velocity gas enters the relatively large volume of low-velocity gas in the damping
chamber. The frictional losses inherent in this mixing process ensure that not all
of the velocity is converted into a pressure rise in the damping chamber.

Bichi developed the pulse system to try to improve the transmission of energy
from the cylinders to the turbine. The principle can be explained with reference
to a single-cylinder engine (figure 1.11) fitted with a single turbocharger (although
it would not normally be sensible to turbocharge such an engine). A short narrow
pipe ensures that some of the kinetic energy of the gas leaving the exhaust port
is maintained and not destroyed in a sudden expansion. The kinetic energy is
partially transmitted to the turbine (with sonic velocity) in the form of a press-
ure wave. Figure 1.11 also shows a typical pressure/time diagram in the cylinder
and in the pipe. Compared with the constant pressure system (figure 1.10), the
exhaust manifold pressure is no longer constant.

By improving the transmission of energy from the cylinder to the turbine
the energy available at the turbine is increased. However, this is of little benefit

P P

Inlet Exhaust manifold

\ €0,

}’/Pcyl

Vo, — f—Vow v

TDC BDC TDC

Figure 1.11 Pulse system
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unless the energy can be usefully recovered in the turbine. Consider the pressure
diagram in the exhaust pipe (figure 1.11). It is clear that the gas flow into the
turbine is highly unsteady and will in fact be zero for much of the time. When
the pressure wave arrives at the turbine entry, the turbine will tend to accelerate.
When the pressure wave decays, the turbine will tend to decelerate due to the
power absorption of the compressor. It is difficult to design a turbine that will
operate efficiently under these conditions and hence the utilisation of the exhaust
energy is poor. In this case the pulse system has increased the available energy at
the turbine, but has reduced the efficiency of its conversion into compressor
work. For the system to work well, attempts must be made to reduce the flow
unsteadiness at the turbine entry.

It is possible to reduce flow unsteadiness by connecting the narrow exhaust
pipes from several cylinders to a common turbine. The pulses from the additional
cylinders can help fill in the voids in the pressure diagram (P,) shown in figure
1.11. For example, if the firing intervals of the cylinders of a three-cylinder
engine are phased at 240° in the 720° complete operating four-stroke cycle, and
their exhaust valves are open for 250°, then the exhaust pipes from all three
cylinders may be connected together. Their exhaust pulses will follow each other
sequentially, with only 10° periods when the end of an exhaust process from one
cylinder might influence the beginning of the exhaust process from another
cylinder. If all the cylinders of a six-cylinder engine were connected to a common
exhaust pipe, the exhaust processes would overlap in time. The high-pressure
blow-down pulse from the early part of one exhaust process would interfere with
the lower-pressure part of the exhaust process, from the previously firing cylinder.
Certain cylinders whose exhaust processes are suitably separated in time must be
grouped together. This usually means that more than one group is required (figure
1.12). It follows that more than one turbine or a multi-entry turbine is also re-
quired.

With careful choice of cylinders grouped together in a common manifold,
combined with a good exhaust design, it is possible to obtain reasonably high
turbine operating efficiencies (although rarely as high as results from the constant
pressure system). The combination of increased energy available at the turbine
plus a reasonable turbine efficiency (obtained in part from designing a turbine
to accept unsteady flow) results in the pulse system being more commonly used
than the constant pressure system. This is true even though not all of the ‘pulse’
energy is lost in the constant pressure system. The complex pressure wave sys-
tem in the exhaust manifold of a pulse turbocharged engine results in quite a
difficult design problem on some engines. The subject is discussed in detail in
chapter 7.

Compressor

P Ty

Ambient —— Inlet manifold
air inlet
| Power
Exhaust C .
outlet B T, . Turbine Exhaust PP

manifold

Figure 1.12 Typical arrangement of a turbocharged engine operating with the
pulse system. Two-entry turbine inlet casing
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1.3 Turbocharging the Two-stroke Engine

The fourstroke engine has a distinct intake stroke during which the piston
moves away from the cylinder head, drawing fresh charge into the cylinder.
The engine is self-aspirating. The two-stroke engine has no complete suction
stroke. In fact, when the inlet port (or valve) is open, the piston is moving to
reduce cylinder volume, tending to oppose any attempt to fill the cylinder with
fresh charge. The two-stroke engine is not self-aspirating and requires some form
of compressor to force fresh charge into the cylinder. Although a compressor is
used, this need not necessarily be a supercharger, since the pressure in the cylinder
at the end of the intake stroke may be little above ambient. It is of course
possible to devise a system in which the compressor acts as a supercharger at the
same time. The four-stroke engine also has a distinct exhaust stroke during which
the piston moves towards the cylinder head, driving the exhaust gases out of the
cylinder. Again the two-stroke engine has no such positive exhaust expuision.
Similarly to the four-stroke engine, much, but not ail of the exhaust gas leaves
of its own accord due to the exhaust valve (or port) opening while the cylinder
pressure exceeds that in the exhaust manifold. This gas simply expands out into
the exhaust manifold. The remaining exhaust gases fill the cylinder at roughly
exhaust manifold pressure; it is this gas that the piston of the four-stroke engine
pushes out during the exhaust stroke. Because the two-stroke engine is not self-
exhausting the fresh inlet charge driven in by the compressor is used to help
force out residual exhaust gases. This process (called scavenging) is the key to
successful operation of an efficient two-stroke engine.

Supercharging (mechanically) the two-stroke engine is relatively simple—a
compressor designed to produce a higher pressure ratio is used. However, during
the scavenging process both inlet and exhaust ports are open (to allow the fresh
charge to expel the residual exhaust gas). The port timing must be adjusted so
that only a relatively small quantity of fresh charge mixes and escapes with the
exhaust gas. Two-stroke engines are very sensitive to the design of their exhaust
system, since any residual pressure may impair the vital scavenging process. It
follows that care must be taken when turbocharging a two-stroke engine, since
the exhaust turbine inherently increases pressure in the exhaust manifold. Pro-
vided that the system is designed so that the boost pressure exceeds the exhaust
pressure (by a suitable margin) during the scavenging process, the engine will
operate well. If the constant pressure turbocharging system is used this is largely
a matter of having a sufficiently high turbocharger efficiency. But the system is
hindered by the low exhaust temperature of the two-stroke, thus an auxiliary
compressor is used if the turbine energy is not sufficient to generate the boost
required. This has the added advantage of enabling the engine to start more
easily, since a turbocharger obviously provides no boost pressure before com-
bustion begins.

The two-stroke engine can run quite successfully with a pulse exhaust system
provided that the exhaust manifold design is such that positive pressure waves
do not arrive at the exhaust port at a critical phase in the scavenging process.
It is necessary to keep the exhaust pressure low for most of this process. Some
rise in pressure when scavengingis nearly complete can help increase that trapped
mass of fresh charge in the cylinder, which is desirable. There is considerable
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scope for ingenuity in the design of the exhaust system but a requirement to
operate over alarge speed range may prove to be a limitation. Again, pulse turbo-
charged two-stroke engines are sometimes fitted with auxiliary fans or com-
pressors to aid scavenging at low speeds. Two-stroke engines running without an
auxiliary compressor are usually started from compressed air bottles.

1.4 Charge Cooling

Compression of a gas in an adiabatic compressor is accompanied by a tempera-
ture rise. This temperature rise will depend on the pressure ratio and the ef-
ficiency of the compressor. Anything that helps reduce the inlet manifold air
temperature will increase the density of the air and consequently increase the
mass of air in the cylinders. It follows that reducing this temperature will enable
more fuel to be burnt and the power output to increase.

Since the compressor delivery temperature (75) is greater than the ambient
temperature it is possible to use a simple heat exchanger to reduce 7;. This could
be an air-to-air or an air-to-water system (running from the water-cooling system
of the engine for example). Since the charge cooler is fitted between the com-
pressor and engine, the installation is often called an intercooler, or sometimes
an aftercooler (figure 1.13).

The performance of a charge cooler is measured by its effectiveness (€), which
is the temperature drop of the air being cooled divided by the maximum possible
temperature drop (the inlet temperature of the warm air, T,,, minus the inlet
temperature of the cooling water Ty, see figure 1.13). Thus

€=(T23 - Typ)/(T2a -~ Tw) (1.2)

Unfortunately the flow of gas through the complex passage of the cooler
results in some pressure loss, although this is usually small. The gain in density
due to the temperature reduction should substantially exceed the loss due to the
pressure drop (AP, figure 1.14).

Cooling water
outiet
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Taq _IT__‘—_:L_ 2bcool air
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Cooling water
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_ Tzﬂ_ th = Actual temp. drop
= Tog Tw maximum possible temp. drop

Figure 1.13 Aftercooler effectiveness
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Figure 1.15 Charge air-to-water aftercooler performance

Typical performance (effectiveness and pressure drop against mass flow rate)
of an air-to-water aftercooler is shown in figure 1.15. The effectiveness will vary
with the mass flow rate of the charge air and the cooling water.

1.5 Compound Engines

The conventional turbocharged engine is characterised by the lack of any mech-
anical linkage between the turbocharger shaft and the crankshaft of the engine.
The turbocharger is a free-running unit, which receives and transmits energy via
the exhaust gas and compressor delivery air flow respectively. Compressor power
requirement inherently balances the power output of the turbine, and if for any
reason the balance is disturbed the turbocharger will adjust its speed until balance
is achieved. No net power is extracted from the turbocharger shaft. However,
there are attractions in a system in which the turbocharger shaft and engine
crankshaft are linked, allowing power transmission between the two. The turbo-
charger relies on exhaust gas energy to provide supercharging boost pressure to
the engine. Under some circumstances this energy, due to low turbocharger sys-
tem efficiency, is not enough to provide a reasonable level of boost (typically at
low engine speed particularly on two-stroke engines). In this situation it might
be useful to help drive the turbocharger compressor from the crankshaft (similar,
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Figure 1.16 Turbo-compound engine arrangement

in part, to a conventional mechanically driven supercharger). This raises the boost
pressure and hence the power output at low speed. The linkage between engine
and turbocharger might be via a gear drive (figure 1.16). Such an engine would
undoubtedly have an attractive low-speed torque output, but there are two dis-
advantages.

(1) Typical rotational speeds of engine and turbochargers differ by at least
one order of magnitude. A high gear ratio is required which, at the turbocharger
end, might involve gears running at between 20 000 and 80 000 rev/min (depend-
ing on engine size). The reliability and efficiency of such a gear drive is question-
able.

(2) At high engine speeds and loads the power output of the turbocharger
turbine is usually quite adequate (often it is more than required). When running
as a free unit the turbocharger speed will therefore rise more rapidly than engine
speed. If a fixed gear train connects the two, the turbocharger will be restrained,
and although some useful power will be transmitted to the engine, the relatively
low rotational speed of the turbine limits the benefit obtained. A solution to this
problem is to use a variable gear ratio between the two, but this introduces obvious
mechanical difficulties, although it has been attempted (for example, Napier
Nomad aircraft engine).

Engines in which the turbocharger and crankshaft are linked are termed
compound engines. The final power output is taken from the crankshaft in the
normal way. The attractive power output and torque characteristics of these
engines still encourage some manufacturers to pursue them, but they have not
yet achieved commercial success, primarily due to their complexity. Figure 1.17
shows an approximate calculated power output of a theoretical compound
engine and how it increases with pressure ratio. The turbine power output exceeds
the power requirement of the compressor resulting in a positive work transfer
from the turbine to the crankshaft. Thus the difference between the turbine
output and compressor input powers may be added to the engine output curve
giving the net power output shown.

1.6 Gas-generator Power Plant

The estimated performance curve for the compound engine in figure 1.17 shows
that at a pressure ratio of 7.6:1, the engine power output alone balances the
requirements of the compressor. At this condition it is possible to envisage an
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Figure 1.18 Gas-generator power plant

alternative engine, mechanically driving a compressor with no net crankshaft
power output. The turbine would not be connected to the compressor, but its
power output would be harnessed directly, replacing the engine as the power
source (figure 1.18). The engine and compressor combination alone would form
a self-supporting gas-generator (that is, generate a high-energy exhaust gas flow).
The turbine converts this to useful power output. Engines have been built using
this principle, some of the free-piston type, but again, they have not been
commercially successful.

1.7 Turbocharging the Spark-ignition Engine

Today turbocharged diesel engines are common but turbocharged petrol engines
are rare. There are sound reasons, both technical and economic for this situ-



16 TURBOCHARGING THE INTERNAL COMBUSTION ENGINE

ation. The principal reasons stem from the difference between the combustion
systems of petrol and diesel engines. The petrol engine uses a carburettor or fuel-
injection system to mix air and fuel in the inlet manifold so that a homogeneous
mixture is compressed in the cylinder. A spark is used to control the initiation of
combustion which then spreads throughout the mixture. It follows that the mix-
ture temperature during compression must be kept below the self-ignition tem-
perature of the fuel. Once combustion has started it takes time for the flame
front to move across the combustion chamber burning the fuel. During this
time, the unburnt ‘end-gas’ (furthest from the spark-plug, figure 1.19) is heated
by further compression and radiation from the flame front,. If it reaches the self-
ignition temperature before the flame front arrives, a large quantity of mixture
may burn extremely rapidly producing severe pressure waves in the combustion
chamber, This situation is commonly referred to as ‘knock’ and may result in
severe cylinder head and piston damage. It follows that the compression ratio
of the engine must be low enough to prevent knock from occurring.

In the diesel engine cylinder, air alone is compressed. Fuel is sprayed directly
into the combustion chamber from an injector only when combustion is re-
quired. This fuel self-ignites and in contrast it follows that in a diesel engine the
compression ratio must be high enough for the air temperature on compression
to exceed the self-ignition temperature of the fuel. Because injection takes time,
only some of the fuel is in the combustion chamber when ignition starts, and
since much of this fuel has not fully vaporised or mixed with the air the initial
rate of combustion is not as damaging as the knocking situation in a petrol
engine,

The maximum compression ratio of the petrol engine, but not the diesel
engine, is therefore limited by the ignition properties of the fuel. The minimum
compression ratio is limited by the resulting low efficiency. Turbocharging (or
mechanical supercharging) results in not only a higher boost pressure, but a
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Figure 1.19 ‘End-gas’in a petrol engine combustion chamber
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Figure 1.20 Temperature/volume diagram for naturally aspirated and super-
charged petrol engines

higher temperature. Unless the compression ratio of a petrol engine is reduced
(figure 1.20) the temperature at the end of the compression stroke will be too
high and the engine will knock (the engine may remain knock free under mild
boost—but only because the manufacturer has left a sufficient safe knock-free
margin, or a fuel of higher self-ignition temperature/octane number has been
used, or ignition timing has been retarded). Thus the potential power output
of a turbocharged petrol engine is limited. The diesel engine has no such limi-
tation and can therefore use a much higher boost pressure.

Petrol engines cost substantially less to produce than diesel engines of equiv-
alent power output. The cost of the turbocharger on a diesel engine is more than
offset by the reduced engine size required for a specified power output (with the
exception of very small engines). This situation will rarely occur in the case of a
petrol engine. As a result this book concentrates on diesel engines; however,
chapter 13 is devoted to the special problems of turbocharging petrol engines.

1.8 Engine Efficiency

The principal objective of turbocharging is to increase the power output per
volume and cost of the engine. A turbocharger is used in preference to a mech-
anically driven supercharger so that this benefit may be obtained without loss
of efficiency. The fact that the turbocharger increases the mass of air in the
cylinder and consequently allows more fuel to be burnt, says nothing about
efficiency. In practice, it is usually possible to improve engine efficiency by a
small but worthwhile amount. Consider a naturally aspirated engine and a similar
turbocharged engine having double the indicated power output (double the
work per cycle at the piston). Frictional losses are speed rather than load depen-
dent, therefore the relative difference between the indicated and brake (flywheel)
power output of the two engines will be small. Thus if frictional losses are sub-
tracted from the indicated power outputs of the two engines, it will be evident
that the turbocharged engine produces more than twice the net power output of
the naturally aspirated engine. Yet it consumes double the quantity of fuel, hence
its overall efficiency is superior.

In addition, if the turbocharging system enables the intake system pressure to
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exceed that in the exhaust pipe, piston pumping during the intake and exhaust
processes may be turned from a debit into a small but significant work bonus.

The above is a much simplified analysis, but the principle is valid. Further
factors which influence efficiency will become apparent in the later chapters of
this book.
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Turbochargers

2.1 Introduction

Various types of exhaust-driven turbochargers have been designed for super-
charging reciprocating internal combustion engines. A turbocharger consists
basically of a compressor and a turbine coupled on a common shaft. The exhaust
gases from the engine are directed by the turbine inlet casing on to the blades of
the turbine and subsequently discharged to atmosphere through a turbine outlet
casing. The exhaust gases are utilised in the turbine to drive the compressor,
which compresses the air and directs it to the engine induction manifold, to
supply the engine cylinders with air of higher density than is available to a nat-
urally aspirated engine. There exist a number of different types of compressors
and turbines (or expanders), but few of these are ideally suitable to form the
basis of an exhaust-gas driven supercharging system. The combination of a single-
stage centrifugal compressor and a single-stage axial flow or radial flow turbine
is almost universally used in turbochargers. The former type with the axial flow
turbine is used for most of the medium and large size engines suitable for rail
traction, industrial and marine purposes and the latter type with the radial flow
turbine for small engines of the automotive (truck and automobile) type. A
detailed analysis of centrifugal compressors, axial and radial flow turbines has
been deferred to chapters 3, 4 and 5. This chapter is concerned with the specific
requirement placed on a compressor-turbine for turbocharger use; the methods
of comparing types and performance; and description and comments on typical
turbochargers.

2.2 Turbomachines

Consider the basic requirements of the gas expander for a turbocharger. Its size
must be small but its mass flow rate must be high. It must withstand a very high
inlet temperature, be efficient over-a wide mass flow range and be very reliable.
Only axial and radial flow turbines meet these requirements. A positive displace-
ment expander would require a swept volume considerably larger than the engine
to which it would be coupled. The same applies to the compressor. Turbo-
machines are ideally suited for high mass flow rates at relatively low pressure



20 TURBOCHARGING THE INTERNAL COMBUSTION ENGINE

ratios. This is achieved by using high rotational speeds. In consequence, the
turbine must be joined to a compressor which operates at similarly high speeds.
Turbocharger compressors are almost universally of the radial outflow type
(that is, centrifugal) - see figure 2.1a. A single-stage subsonic centrifugal com-
pressor can be designed to operate at any pressure ratio up to about 3.5:1 with
reasonable efficiency and good reliability, with heat-resistant aluminium alloys.
This pressure ratio limit is within the requirements of the majority of turbocharged
engines at present, except for some special applications (for example, military),
although current trends for industrial engines indicate a further increase up to
4.5:1 in the 1980s. At higher pressure ratios gas velocities will exceed the speed

Figure 2.1 (a) Centrifugal compressor; (b) axial flow compressor (Napier)
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of sound, and shock waves will impair efficiency. Single-stage supersonic cen-
trifugal compressors have been developed and built for gas turbines, but the
operational flow range is narrow, and the use of exotic materials (such as titanium)
for the impeller makes them too expensive to be normally used as a turbocharger
component. However, a considerable effort has been made to develop a reliable
high-pressure ratio (up to 4.5:1) centrifugal compressor with wide range and high
efficiency (Brown Boveri [1], MAN [2], Elliot [3]). Axial flow compressors
(figure 2.1b) operate more efficiently than the radial flow type, but have a
smaller operating range. Pressure ratios up to 12:1 can be achieved by multi-
staging. However, the axial flow compressor is more expensive, heavier, longer
(in construction) and less robust than a single-stage radial flow compressor for
the same pressure ratio. Thus axial flow compressors have rarely been used in
commercially available turbochargers.

Turbines may be radial, axial or mixed flow type, the first mentioned being
fitted to small turbochargers, the second to larger units. Undoubtedly the single-
stage radial inflow (centripetal) turbine (figure 2.2) is simpler and cheaper to
manufacture than an axial flow turbine (figure 2.3), if the impeller can be cast.
Unfortunately it has proved difficult to obtain sound large castings with high-
temperature alloys, which is one reason why large turbochargers have exclusively
axial flow turbines. Axial flow turbines become less efficient as size is reduced,
when compared with the radial flow turbine, due to very short blades and narrow
flow passages resulting in high boundary layer blockage. This is another reason
why radial flow turbines perform satisfactorily and are widely used in small
turbochargers (figure 2.4). Another factor working against large centripetal
turbines is the problem of heat transfer out of the rotor. It is considerably easier

Figure 2.2 Radial flow turbine (Napier)
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Figure 2.3 Axial flow turbine (Napier)

Figure 2.4 Small turbocharger {Holset)
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to arrange a suitable cooling flow path and uniform metal temperature distri-
bution along the blade in an axial machine than in a radial flow type.

2.3 Total and Static Pressure and Temperature

The static pressure (P,) of a fluid flowing in a duct is that measured at the surface
of the wall. The total or stagnation pressure (Py,) is the pressure that will be
measured in the stream if the fluid were brought to rest isentropically (see
figure 2.5). Thus

Tos ¥/(y-1)
POl =Pl (—I‘T) (21)
Similarly the static temperature (T',) is the free stream temperature and the total
(or stagnation) temperature (T, ) is the temperature that will be measured if the
gas were brought to rest. For a perfect gas it can be shown that

1 C,?
Toy =Ty + 3 3 (2.2)
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Figure 2.5 Relationship between total and static conditions

2.4 Compressor and Turbine Efficiencies

The work output from (or input to) a turbomachine can be found from the first
law of thermodynamics. From this law the steady-flow energy equation may be
derived.

Q- W=m[(h, +KE, +PE,)- (h, +KE, +PE,)]

where Q = heat transfer rate to the system
W = work transfer rate from the system
m = mass flow rate
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h = specific enthalpy
KE = specific kinetic energy
PE = specific potential energy

subscript 1 =inlet; subscript 2 = outlet
Denoting stagnation enthalpy A, as
ho=h +KE
and neglecting any change in potential energy, then
Q‘ W =';1(h02 - hot)

It is customary to neglect heat transfer from turbomachines since this is usually
small, and clearly difficult to measure. Thus

- W=mhe - hor) (23)

(Note: -W is a result of the sign convention denoting work transfer from the
system as positive.)

Both air and exhaust gas from an engine are considered perfect or semi-
perfect gases. They obey the equation of state

Pv=RT

where R is the gas constant. Specific heat capacities are defined as

‘°=\or), ">~ \or/,

where ¢, = specific heat capacity at constant pressure

i

cy specific heat capacity at constant volume

u specific internal energy

For a perfect gas it can be shown that ¢, and ¢, are constant. For a semi-perfect
gas they are functions of temperature only. It follows that

and ¢y, = du

=%
P dr dT

Thus di = ¢, d7,, and for a perfect gas equation equation 2.3 becomes
-W=mcp (To; - To1) 2.4)

where the subscript 0 denotes stagnation (or ‘total’) conditions.
The second law of thermodynamics tells us that the property specific entropy
(s) is related to heat transfer, and for a reversible process

do

ds=7’
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and for an irreversible process

dQ
ds> T
Thus for an adiabatic process the entropy is unchanged if the process is reversible
(isentropic process) and rises if the process is irreversible.

2.4.1 Compressor Isentropic Efficiency

One definition for the efficiency of a compressor might be the work required
for ideal adiabatic compression divided by the actual work required to achieve
the same pressure ratio. From the second law of thermodynamics it is clear that
this definition is equivalent to

_ Isentropic work (2.5)

¢ actual work

Hence n is called the isentropic efficiency (figure 2.6). From equations 2.3 and
24

hms ~hy
=_s 7 (2.6)
T gy - oy
and for a perfect gas ¢, = constant therefore
Tozs - Ty
Mer = Tor - Tos 2.7

The expressions are for ‘total to total’ isentropic efficiency, henceforth denoted
by nepr-
TT

Figure 2.6 h-s diagram for a compressor
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For isentropic compression, pressure and temperature are related by the ex-
pression

{‘E i (@)7/(7-:) 08
Py, Ty ’

where y = cp/cv. Hence equation 2.7 becomes

To [(ToaTo) 11 Toy [(Po/Por) V7 -1]

= 2.9
flert T, - Ty Ty, - Ty ( )
or
(Poz/Pox )(’7‘1)/7 -1
n F — 2.10
°TT (To2/To1) -1 (2.10)

An evaluation of efficiency based on equation 2.10 assumes that all the kinetic
energy at station 2 can be used. This is not unrealistic in the case of a compressor
for a gas turbine since the velocity at the compressor delivery is maintained at
the entry to the combustion chamber. However, the compressor of a turbocharger
must supply air via a relatively large inlet manifold to the cylinders. Hence the
engine will only ‘feel’ the static pressure at compressor delivery and is unlikely
to benefit from the kinetic energy at station 2. Thus a turbocharger compressor
should be designed for high kinetic to potential energy conversion before the
exit duct.

Since the engine benefits little from the kinetic energy of the air leaving the
compressor, a more realistic definition of compressor efficiency is based on
static delivery temperature

hy - by,

_*s
nCTS hoa’hm

and
_ Tog~Tor  (Py/Py Y- -
TS T - Tor (T_m )
Tor |

where subscript TS denotes ‘total to static’.

Unfortunately many manufacturers quote total to total efficiencies for turbo-
charger compressors (since the values are a few percentage points higher than
total to static values). Even worse, some quote total to total efficiencies without
declaring on what basis the efficiency value is calculated.

(2.11)

2.4.2 Compressor Polytropic Efficiency

The concept of polytropic efficiency is usually used on axial compressors since
in essence it is a ‘small stage’ efficiency. It is the limiting value of isentropic
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S

Figure 2.7 T-s diagram for multi-stage compressor

efficiency as the pressure ratio approaches unity. Since in a number of publications
on turbocharger centrifugal compressors reference is made to the polytropic
efficiency as a mean efficiency for the whole compressor stage, it is important
to understand the concept of polytropic efficiency. To avoid a multiplicity of
subscripts, P and T are used instead of Py and Ty (see figure 2.7) and subscript s
denotes isentropic for a single-stage, ¢ the complete compressor and cs isentropic
for the complete compressor. From equation 2.10 the isentropic stage efficiency
is given by

(P+AP)(7")/7
s =

P

AT/T

Hence the small stage efficiency can be written as

(-1l
(1 +%) -1
ng = aTIT (2.12)

Assuming that the isentropic efficiency of a single stage (ns) remains constant
through the compressor, then the over-all temperature rise across the com-
pressor (AT,) is given by

AT, 1

AT, =2 — =— Z AT
Ns Ns

Also AT = AT/nc, thus

Ms 2 AT,
T)c ATCS

Because the vertical distance between a pair of constant pressure lines in the
T-s diagram increases as the entropy increases (figure 2.7) £ AT > AT it
follows that the over-all efficiency of a multi-stage compressor is lower than
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that of each component stage, that is, no < ns. The excess temperature rise
above the isentropic value is passed on to the following stage which itself

will suffer a corresponding excess temperature rise. Since polytropic efficiency
is based on an infinitely small stage of compression, the over-all efficiency based
on it will be dependent on the over-all pressure ratio, not on the number of
stages. These considerations have led to the introduction of a polytropic ef-
ficiency n.. which is defined as the isentropic efficiency of an elemental stage
in the process such that it is constant throughout the whole process.

From the definition of the small stage efficiency for the compression process

dT,

Mep = qT constant (2.13)

For an isentropic process P = kT"0-1)  hence

L (L) il ) 2 <_:r_) P

dT; v-1 vy-1)T
or
T -1
d7 == A
TP dP( Y )
Inserting into equation 2.13 gives
T dP (y-1
Mep a7 P ( 5 ) (2.14)

Integrating between inlet 1 and outlet 2, with Nep = constant by definition

_In /P, )(7- Dy

ncp - In (Tz/Tl) (215)

This equation enables us to calculate the compressor polytropic efficiency
7. from measured values of Pand T at inlet and outlet of a compressor. Equation
2.15 can also be written in the form

P, (Tz) ’Yﬂcp/(’)'-l)

P \Ty
If a polytropic process is represented by PV = constant, then

P = 77/@") y constant (2.16)
or in differential form

¢ _dT'{ n

P T (n- 1) @.17)

Substituting equation 2.17 into equation 2.14 gives

n Y

n- —'y—lncp
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Thus

T, \Pp

T, (Pz) (n-t)/n . (Pz) G-Dhme,

= P_l (2.18)

Finally the isentropic and polytropic efficiencies may be related as follows.
Substituting equation 2.18 into equation 2.10

_ Poa/P) 0 -1
Poa/Por)"™ ™% -1

(2.19)

Nc

Variation of the compressor isentropic efficiency for v=1.4 and compressor
pressure ratio for a fixed value of polytropic efficiency of 0.85 is shown in figure

2.8.
1.001
95}
90} Turbine
.85

Compressor
80

Isentropic efficiency

751

70 b i A i i n i J

1.2 3 4 5 6 7 8 9 10
Pressure ratio Ry, /Ry

Figure 2.8 Variation of compressor and turbine isentropic efficiency with press-
ure ratio (for a polytropic efficiency of 0.85) (4]

2.4.3 Turbine Isentropic Efficiency

The isentropic efficiency of a turbine may be defined as the actual work output
divided by that obtained from reversible adiabatic (isentropic) expansion between
the same two pressures (figure 2.9).

Figure 2.9 h-s diagram for a turbine
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_actual work
nt

" isentropic work (2.20)

From equations 2.3 and 2.4

hos = hos

ﬂtn = h03 (221)

- h045
and for a perfect gas (¢, = constant)
_ Tos ~ Toa
Nty = m (2.22)
S

where subscripts 3 and 4 represent turbine inlet and outlet respectively.
For isentropic expansion, pressure and temperature are related by

Pos _ (Z‘.’i) v/(y-1)
Py  \To
Hence equation 2.22 becomes
_ Tos - Tos _ Tos - Toa
Tos [1- (Toa/Tes)] Tos [1- (Poa/Po3) M

nt'I'I‘ (2.23)

or

1 (Toa/Tw)
ﬂtn

= 2.24
1~ (Poa/Pos)"" ) @29
Clearly no use at all can be made of the kinetic energy leaving a turbocharger

turbine; it goes to waste through the exhaust pipe. A more relevant isentropic

efficiency could be based on static exit temperature. The total to static isen-
tropic efficiency would be defined as the actual work output divided by isentropic
expansion between the stagnation inlet and static outlet pressures.

_ho3‘ho4=T03'To4= To3 - Toa
™IS ™ hes - hag  Tos = Tag  Toy [1- (PafPos)- 1]

(2:25)

and

Poee = 1 - (To4/To3) 2.26)
trs — ) .
L= (PafPos)"

2.4.4 Turbine Polytropic Efficiency

The concept of polytropic efficiency is applied to axial multi-stage turbines in a
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similar manner as it is to axial compressors. The polytropic (small stage) efficiency
for a perfect gas is given by
- dTT

P -y
dpP
1 (1+ P)

(2.27)

nt

It can be shown from section 2.4.2 for the turbine polytropic efficiency that
dr _dT ( P ) ¥
Mp AT, T T \aP/ y-1
Integrating between inlet 3 and outlet 4 with Nty = constant by definition
_In (Ts/T )"
Mo " "In (P3/Pa)

This equation enables us to calculate the turbine polytropic efficiency My from
measured values of P and T at inlet and outlet of a turbine.
Equation 2.28 can be written in the form

(2.28)

T, _ (P4) Mty (v-1)y 029)

Ty, \P,
and the isentropic and polytropic efficiencies for the turbine may be related
by substituting equation 2.29 into equation 2.24
_1- (Poa/Pgs)"tP -y

1 - (Poa/P, 03)(%1)/7

Variation of turbine isentropic efficiency with pressure ratio for y=1.4 and
a polytropic efficiency of 0.85 is shown in figure 2.8.

nt'rr (230)

2.5 Non-dimensional Representation of Compressor and Turbine
Performance Characteristics

When studying the performance characteristics of turbomachinery it is a great
help if results from different sources are directly comparable, even for machines
of somewhat different size. It is fortunate that the behaviour of turbomachines
can be illustrated using dimensionless parameters involving all relevant variables.
We have already considered one dimensionless parameter: efficiency.

The mass flow rate (), the efficiency (n) and the temperature rise (AT, =
Ty, ~ Toy) of a compressor can be expressed as functions of the independent
variables: m; n; ATo = f(Po1, Poz, To1, NV, D, R, 7, 1), where N = rotational speed,
D = diameter, R = gas constant, ¥ = cp/cy and u = dynamic viscosity. These can
be reduced to a set of non-dimensional groups

mvV(RTo1) AT, _ ( ND Pu m 7)
Py D? ' Ty =f \/(RTm), Po " uD’




32 TURBOCHARGING THE INTERNAL COMBUSTION ENGINE

Since turbochargers operate on a specific gas (air for the compressor, exhaust
gas for the turbine), the values of R and 1y are specified. Hence the non-dimensional
groups become

m/(RTo,) ATo-f( ND Py _m_)
Py, D? o M Ty V(RTy) ’ Po "uD

Fortunately the Reynolds number of the gas has little effect on the perform-
ance of the machine, and can usually be ignored. Hence

m/(RTo1) AT 'f( ND 1_’(3)
Py, D? ' Ty V(RTy) * Par

A relationship between 1, ATo/To; and Py, /P, has already been established
(equation 2.10), namely

- (Poz/l’m)(‘y-‘)/7 -1
°TT ATo/Tor
For a particular machine the diameter (D) is constant and therefore may be
ignored. Thus the complete performance of the compressor may be represented
by the relationships (for a particular fluid, such as air)
m\/To; and ‘f( N I_’g)
P o1 K \/T(n P [}

or

and =
Pg, Ty !

m\/Ty, ATo ( N Px )

By plotting Py,/Py; against the mass flow parameter m~/(To;)/Po; for a series of
values of N/A/To;, the complete performance of the machine is apparent. Lines
of constant efficiency may be superimposed on this map. A typical compressor
map is shown in figure 2.10. A detailed explanation is given in section 2.6. A
similar performance map may be drawn for a turbine, although naturally the
curves will appear very different.

A disadvantage of removing the length term (or diameter) D and gas constant
R is that the mass flow and speed parameters are no longer dimensionless. The
major advantage of the presentation is that it illustrates the performance, inde-
pendent of the inlet conditions (pressure and temperature), and can therefore
be used for that compressor, at any time and place.

As discussed in section 2.3, the temperatures and pressures need not, of course,
be total (stagnation) values.

2.6 Performance Characteristics of Compressors, Turbines and
Turbochargers

It is conventional, but not universal, to plot compressor characteristics in terms
of pressure ratio against mass flow parameter (7m+/(To; /Py, ) for lines of constant
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Figure 2.10 Compressor characteristic

speed parameter (N/A/To;) as in figure 2.10. In addition, contours of constant
isentropic efficiency are superimposed. The important features of centrifugal
and axial compressor characteristics are similar.

There are essentially three areas on a compressor map. The central area is
the stable operating zone. This area is separated from the unstable area on its
left by the surge line. A detailed explanation of the causes of surge has yet to
be fully accepted, but it is clear that when the mass flow rate through a com-
pressor is reduced while maintaining a constant pressure ratio, a point arises at
which local flow reversal occurs in the boundary layers. This should result in
low efficiency but not necessarily in instability. If the flow rate is further
reduced, complete reversal occurs. This will relieve the adverse pressure gradient
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until a new flow regime at a lower pressure ratio is established. The flow will
then build up again to the initial condition and thus flow instability will con-
tinue at a fixed frequency. Surge is actually a more complex phenomenon than
that described, but it is sufficient at this stage to realise that the compressor
must not be asked to work in the area to the left of the surge line.

The area to the right of the compressor map is associated with very high gas
velocity. It is the result of choking of the limiting flow area in the machine.
Extra mass flow through the compressor can only be gained by higher speeds.
This additional mass flow will certainly be limited by the ability of the diffuser
area to accept the flow. When diffuser choking occurs, compressor speed may
rise substantially with little increase in mass flow rate. The area of maximum
efficiency naturally falls in the central stable operating zone. In practice it tends
to lie in an area roughly parallel to the surge line with vaneless-type diffusers
and very close to the surge line in the case of vaned-type diffusers (see chapter 3).

An axial flow turbine characteristic based on the same pressure ratio against
mass flow parameters is shown in figure 2.11. The most evident feature is the
way that the lines of constant speed parameter (V/A/T,3) converge to a single
line of almost constant mass flow parameter. This mass flow limit is caused by
the gas reaching sonic velocity in the turbine stator nozzle blades or inlet casing.
This choked flow will remain constant (unless the inlet temperature increases)
regardless of the rotational speed of the turbine. At pressure ratios lower than
that producing choked flow, the mass flow rate will be a function of turbine
speed and hence a range of constant N/z/T g lines is evident.

In the case of the radial flow turbine, due to the centrifugal field created
by the rotor, there is a noticeable spread of constant speed parameters for
choked flow conditions, as shown in figure 2.12.

241 Turb:lne
To3 =Turbine intet choking
temperature (K)
Pqq = Turbine inlet
2.2 03 pressure (bar}
P, = Turbine outlet
pressure (bar}
20F N = Turbine speed
Irev/min)
1.8
ot
N
el
o
16
14F
1.2F
N//_r(')3 =300
1 1 1 ' )
70 80 90 100 10 120
M/ Tos
Po3

Figure 2.11 Axial flow turbine characteristic
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Figure 2.12 Radial flow turbine characteristic

Since the operational area of the turbine occupies such a restricted area on
the pressure ratio/mass flow parameter map, it becomes simpler to present
efficiency on a separate diagram. It is conventional to plot efficiency against
velocity ratio (blade speed ratio). This is the blade speed (at its mean height) in
the case of the axial flow turbine, or the wheel tip speed in the case of the radial
flow turbine, divided by the velocity equivalent of the isentropic enthalpy drop
across the turbine stage (see chapter 4). Lines of constant pressure ratio (total
to total or total to static) or sometimes constant speed parameter (V/\/To3)
are drawn on the map (figure 2.13). This method of representation is important
in matching the compressor and the turbine wheel size to ensure operation of
the turbine at optimum efficiency (at constant pressure operation). It is also
used in the quasi-steady analysis for unsteady flow operation (pulse system).
It is usual to include the turbocharger mechanical (bearing) losses in the turbine
efficiency since it is difficult in practice to separate them.

For a given turbocharger it is possible to link the compressor and turbine
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Figure 2.13 Axial and radial flow turbine efficiency against blade speed ratio:
(a) axial; (b) radial

characteristics and plot on the compressor map the turbocharger equilibrium
running lines, the so-called ‘turbocharger characteristic’.
Since the compressor and turbine are on a common shaft, then

NN /L @31)
VTo Ve V T
forme=m;=m
?;'l\/ Tox - ’h\/TOS ( 523_) To (232)
Py, Po3  \Py Tos

and for equilibrium between compressor and turbine work

T - Toy _ {To3s =~ Toa Tos
Q) ¢p. =

Tor Tw /Pt Tg
hence
(fgz—)(’Yc“)/’Yc - f_’_’_t [1 ) (é_) (’Yc")/’Yc ] 193 (2 33)
PO] Nec Mt Mmech cpc P03 TOl .

Assuming that the turbine outlet pressure (P,) equals the ambient pressure
(Po), the equilibrium running lines for constant To3/To, values as parameters
can be estimated.

Figure 2.14 represents a typical turbocharger characteristic based on the
compressor characteristic from figure 2.10 and the radial flow turbine character-
istic from figure 2.12. The chain-dotted self-supporting running line represents
the unique conditions for Py, =Py (that is, no pressure drop across the cylinders
of the engine.) The area on the left of this line represents positive pressure drop
across the cylinders and the area on the right of the line represents a negative
pressure drop across the cylinder.
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Figure 2.14 Turbocharger characteristic

It should be noted that the ‘turbocharger characteristic’ was derived on the
basis of steady flow conditions and therefore it can only be used for constant
pressure applications.

2.7 Turbochargers
In the early 1920s the first exhaust-gas turbochargers for diesel engines were of

very simple design. They were large and heavy machines, built on their own
bed-plates and installed on the floor beside the diesel engine. A typical sectional
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Figure 2.15 One of the first Brown Boveri turbochargers

view of one of the first Brown Boveri turbochargers is shown in figure 2.15. A
single-stage axial flow turbine was used along with a two-stage radial flow com-
pressor which was made with backward curved impeller vanes. Both of these
were fitted on to a single shaft with outboard plain bearings mounted at the
turbine and compressor ends. A pressure-compensating piston between the com-
pressor and turbine was used to balance out the thrust load. The uncooled gas
casings were covered with an insulating shield and the casings were horizontally
divided to ease assembly. The pressure ratio normally attained with the two-stage
compressors was of the order of 1.3:1.

Since the Second World War, great advances have been made in turbocharging
the internal combustion engine. The continuous increase in engine output which
demanded higher BMEP and hence higher boost pressures and efficiencies, has
led to progressive development and evolution in the design and construction of
the modern turbocharger, as have the use of heavy fuel, the requirement of faster
response and reduced noise levels and the increasing spread of turbocharging
to truck and passenger car engines. The major advances in fluid dynamic analysis
made in gas turbine technology are now used in the design of the components
of modem turbochargers. However, the turbocharger designer is faced with
additional design requirements caused by the large range of mass flow rates, the
non-steady character of the flow and cost considerations.

In general, the commercially available turbochargers can be subdivided into
two principal groups: those primarily designed for use on automotive and truck
engines, and those for use on medium-speed and low-speed diesel engines for
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railway traction, electricity-generating sets, industrial and marine applications.
The latter group may be further sub-divided into smaller units having radial
inflow turbines and larger units with axial flow turbines. The difference between
the two principal groups can be summed up as a contrast between small, simple
and cheaply mass-produced units, and larger, more complex, expensive and
reliable industrial or large marine units. Before analysing their design and con-
struction the general design consideration for the layout of the single-stage
turbocharger unit must first be discussed.

2.7.1 General Design Consideration

In the design and construction of turbochargers, the following important limiting
criteria have to be taken into account: long service life, a high degree of safety,
broad and efficient compressor and turbine characteristics, adaptability to differ-
ent types of operation, and cost.

2.7.1.1 Compressor-Turbine Matching

The single-stage turbocharger consists of two basic components: the radial flow
compressor and an axial or radial flow turbine mounted on a common shaft.
Since most turbochargers are initially designed to operate under steady flow
conditions, the basic principle is to match the impeller of the compressor to the
turbine wheel to allow the turbine to operate at its peak efficiency (chapters
4 and 5). Thus a unique relationship can be derived between the compressor
impeller tip diameter and the turbine wheel tip diameter, in the case of the radial
flow turbine, and the impeller tip diameter and the turbine wheel mean blade
height diameter, in the case of the axial flow turbine. From the compressor work
transfer equation for a radial vaned impeller, the energy balance between com-
pressor work and turbine work, and the definition of blade speed ratio, the
following expression can be derived

De_ 1 __ /m
Dt U/ 20
where D; = compressor impeller tip diameter
D; = turbine rotor tip diameter (radial flow) or rotor mean blade
height diameter (axial flow)

o = compressor slip factor (see chapter 3)

U/Gs
Figure 2.16 shows the relationship between the D /Dy ratio and the UJC; ratio
for different values of turbine efficiency (n¢) (including mechanical efficiency)
and compressor slip factor of 0.9 and 0.8. It can be seen from figure 2.16
that in the case of small automotive turbochargers incorporating compressor
impellers with low vane numbers (slip factor approaching 0.8) and a radial flow

turbine blade speed ratio
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Figure 2.16 Relationship between compressor impeller and turbine wheel
diameters

turbine of 0.7 isentropic efficiency, the compressor impeller tip diameter should
be approximately the same as the tip diameter of the turbine wheel, if not slightly
smaller. For the larger turbochargers incorporating low reaction axial flow
turbines, the tip diameter of the compressor impeller should be about 20 per cent
larger than the mean blade height diameter of the turbine wheel.

For non-steady flow applications (pulse system) the relationship between the
compressor impeller tip and the turbine wheel diameter can be corrected by
detailed analysis of known engine exhaust pressure diagrams applying a ‘quasi-
steady’ approach and optimising for maximum energy extraction (chapter 15).

2.7.1.2 Bearing Configuration

There are four possible basic arrangements of bearing mounting in the turbo-
charger, as shown in figure 2.17

(a) the ‘outboard’ mounted bearings (one bearing outside the compressor
impeller and one at the turbine wheel end);

(b) the ‘inboard’ mounted bearings (bearings located towards the centre of
the shaft with the compressor impeller and turbine wheel overhanging at each
end of the shaft);

(c) a mixture of one outboard and one inboard mounted bearings (normally
the outboard bearing is in front of the compressor impeller and the inboard
bearing between the compressor impeller and the turbine wheel);
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Figure 2.17 Turbocharger bearing configurations

(d) both bearings outboard mounted at one end of the shaft (normally at
the inlet to the compressor, with a compressor impeller and turbine wheel unit
overhanging).

The outboard bearing installation as shown in figure 2.18 provides the mini-
mum radial load on the bearings due to the rotor imbalance. The shaft diameter
at the bearings can also be kept small without serious problems arising at critical

Figure 2.18 Outboard mounted bearings (Napier)
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speeds. The installation provides very good access to the bearings, hence permit-
ting good maintenance and easy replacement of the bearings. The arrangement is
ideal for self-contained lubrication systems when using rolling-contact bearings.
The turbine-end bearing can be effectively cooled by housing it in a water-cooled
casing. This design layout is suitable for turbochargers with axial flow turbines
and is very popular with manufacturers of medium and large-size turbochargers.
Dynamically it gives very stable operation, provided the rotor speed is kept
below the first critical speed of the rotating assembly. The introduction of
resilient mountings in the bearing assembly to prevent ‘brinelling’ of the rolling
bearings has been found to raise the fundamental first critical speed of the shaft
by up to 50 per cent. This improvement, however, adds two critical speeds,
which are a function of the spring mounting (a conical and barrel-type mode),
but these occur at relatively low speeds and are completely damped by the
effect of laminations fitted in the bearing assembly. From the aerodynamic
point of view, the outboard bearing layout calls for a long inefficient ‘U’ shape
air intake to the impeller eye with webs supporting the bearing housing which
obstruct the flow into the inlet passages. Proximity of the supporting webs to
the impeller eye can contribute to an increase in noise levels and cause impeller
vane excitation. Usually outboard mounted bearings require a long shaft.

The demand and search for a very simple, light and cheap turbocharger for
automotive applications led to the adoption of the inboard mounted bearing
arrangement. Such an arrangement is ideally suited to turbochargers with a radial
flow turbine as shown in figure 2.19. It permits the direct entry of air into the com-
pressor impeller and gas to the turbine nozzles or wheel. It also provides a turbine
exhaust layout convenient for a vehicle. The inboard mounted bearing instal-
lation reduces the number of components compared with the outboard mounted

Figure 2.19 Inboard mounted bearings (Holset)
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layout, and reduces length and weight. The result is a cheaper product. In its
simplest form, it comprises an assembly of three casings joined together to house
a centrifugal compressor and radial flow turbine. The centre casing houses two
rotor shaft bearings or a ‘single piece’ bearing system and a lubrication oil inlet
and drainage system. A great advantage of the inboard layout is that the turbo-
charger can be supplied either with air-cooled or water-cooled turbine and
centre casings depending on whether more importance is attached to light weight
or low surface temperature. The disadvantage of this layout is the inherently
unstable running of the rotor assembly due to the short distance between the
bearings and the heavy weight of the overhanging turbine wheel. It requires
well-damped bearings and very careful balancing of the rotor assembly. Fully
floating sleeve bearings and multi-lobe-type plain bearings have proved success-
ful in these installations. The need for larger diameter bearings leads to higher
friction losses in the bearings and therefore lower efficiency. The inboard
bearings are less accessible for inspection or replacement. In this layout the
lubricant supply usually comes from the engine circulation system.

The location of the turbine-end bearing between the compressor, impeller
and turbine wheel in the third arrangement provides a simple gas flow path to
and from the turbine. It also avoids the need for water-cooled turbine casings.
Figure 2.20 shows a typical arrangement of the type with a rolling bearing be-
tween the turbine and compressor, and a ball bearing at the compressor end.
Unfortunately this type of bearing mounting configuration incorporates many of
the disadvantages of both the outboard and inboard type layouts and has only
been used in rare cases.

The outboard bearing mounting at one end of the compressor impeller and
turbine wheel assembly (preferabiy at the cool compressor intake as shown in
figure 2.21) has been adopted by the De Laval Co. It provides a very simple and
self-contained bearing housing assembly, with very good access to the bearings.
The narrow shaft in relatively small bearings results in very stable and quiet
running of the turbocharger above the critical speed of the rotating assembly.
Care must be taken that the first critical speed of the rotating shaft is below the
operating speed range of the turbocharger. This type of bearing mounting con-
figuration is only suitable for turbochargers with centrifugal compressors and
radial flow turbines. It leads to a very complex compressor impeller-turbine
wheel unit which presents a difficult problem in preventing heat transfer from
the turbine to the compressor.

2.7.1.3 Choice of Bearing and Lubrication System

There is a great diversity of views and opinions as to whether sleeve or rolling
bearings are the most appropriate for turbochargers with outboard bearing
mountings. Small and large turbochargers have been designed and are operating
successfully with both types of bearing, except for the automotive type, where
low-cost rolling bearings cannot meet the durability requirements at the very
high speeds that are normal. The choice of bearing type depends on the nature
of the application and the user’s preference. The reasons for the popularity of
rolling bearings are as follows.
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Figure 2.20 One inboard and one outboard mounted bearing
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Figure 2.21 Outboard mounted bearings at one end (De Jeval)

(1) There are advantages in terms of engine performance deriving from small
frictional power losses in the bearings, that is, when starting from cold, during
acceleration; during operation at low engine speeds and loads where the exhaust
energy level is very low, in particular in the case of two-stroke diesel engines
without the assistance of auxiliary scavenge pumps.

(2) Rolling bearings can be very heavily overloaded for short periods.

(3) Insensitivity to lack of oil for short periods.

(4) A self-contained internal lubrication system.

The advantage of the self-contained lubrication system is that the operating
reliability is independent of the lubrication system installed by the engine manu-
facturer. No additional costs are incurred and the turbocharger requires only
simple maintenance. For low-pressure ratio operation of the turbocharger a steel
disc partially immersed in an oil reservoir (as shown in figure 2.22) is quite

Figure 2.22 Oil disc pump lubrication (Brown Boveri and Napier)
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Figure 2.23 Gear pump lubrication (Brown Boveri)

Figure 2.24 Plain bearing mounting (Brown Boveri)
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adequate to pick up and deliver, via passages, lubricant to the bearings. At high
pressure ratios, that is, at high speeds, oil has to be sprayed into the bearing.
Figure 2.23 shows a rolling bearing assembly lubricated by a gear pump driven
from the turbocharger shaft. The use of a separate oil supply allows an oil of
lower viscosity than the lubricating oil of the engine to be used. This in turn
further reduces the friction losses in the bearings.

Plain or sleeve bearings give an almost indefinite life, provided no foreign
matter enters the lubricating system. They are capable of accepting larger out-of-
balance loads and are insensitive to vibrations and shocks transmitted from out-
side. However, high oil pressure and larger oil flow rates are needed to provide
adequate lubrication and cooling of plain bearings. This requires an independent
external oil supply consisting of a high-pressure oil pump, oil filter and an oil
cooler. These bearings also require priming after long periods of no operation,
and adequate cooling at the turbine end after sudden stoppage, due to the heat
flow from the turbine, particularly with the inboard bearing mounting arrange-
ment. Lubrication of the bearings from the engine oil system is a cheap solution
so long as the oil quality meets the requirements by filtration.

In marine applications sleeve bearings have a good reputation and are very
often preferred to rolling bearings. In order to satisfy the various requirements,
the tendency is to produce larger frame size turbochargers that can be supplied
with either type of bearing, see figure 2.24.

As discussed above, the inboard bearing mounting calls for stable bearings
with carefully tuned stiffness and damping characteristics. Plain bearings with
circular bores are not suitable at low radial loads and high speeds due to insta-
bility, described as ‘oil whip’. Bearings designed with multi-lobes (as shown in
figure 2.25) have proved successful on some medium and large turbochargers.

Figure 2.25 Multi-lobe bearing (MAN, Napier)
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Figure 2.27 Rolling bearing with auxiliary plain thrust bearing (Brown Boveri)
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Plain bearings in the form of rotating floating bushes are used almost exclusively
in the small automotive-type turbocharger (figure 2.26) and in some medium-
size turbochargers for railway traction and industrial application. The relative
speeds between the rotating bearing surfaces are kept low, thus reducing friction
losses. Increasing the number of oil films, due to the floating bush or bushes,
provides a fractional frequency whirl which is better damped. It also provides
better damping of the rotor critical frequency and larger effective bearing
clearance permitting larger out-of-balance levels.

In the centrifugal compressor and radial flow turbine turbocharger design
with back-to-back impeller and wheel layout, the axial thrust due to the impeller
is balanced by the axial thrust acting in an opposite direction at the turbine
wheel. For offdesign conditions, however, provision is made for two single thrust
plates, located near the centre of the shaft, or for a plain thrust bearing designed
to take the thrust loading in both directions, normally located inboard of the
impeller but outboard of the journal bearing (figure 2.26).

Ball bearings have enough capacity to carry the thrust loading for moderate
pressure ratio operation of the turbocharger. For high pressure ratios the tandem
arrangement of angular-contact ball bearings is used to resist the high axial thrust
with an auxilliary plain bearing for reverse thrust (figure 2.27). For turbochargers
with sleeve bearings, axial thrust bearings with tapered land or tilting-pad-type

Figure 2.28 Combined radial/axial bearing (Napier)
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bearings are used. These are designed to operate in both directions and are
normally located at the cool compressor end (figure 2.28).

Another solution to resist the axial thrust in designs with axial flow turbines
can be achieved by reversing the turbine so that the turbine inlet casing becomes
the centre casing, as shown in figure 2.29.

Figure 2.29 Large turbocharger for marine application (ZA Series MAN)

2.7.1.4 Silencing

With people becoming increasingly aware of excessive noise and the introduction
of legislation to reduce it, considerable attention must be given, in the design of
the turbocharger, to silencing. The axial or radial turbine emits comparatively
little noise, but an intensive noise field is produced at the compressor end,
particularly at the intake to the diffuser, as a result of the very uneven air velocity
distribution at the impeller tip. The frequency of the imposed pressure disturb-
ances is a product of the speed of the turbocharger and the number of impeller
vanes. The noise so produced is transmitted to the environment by the air at
the compressor inlet and outlet and also as solid-borne noise through the com-
pressor casing (chapter 14).
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Insulation of the compressor volute with sound-absorbing material (cladding
mats) effectively reduces the solid-borne noise transmission. Insulated air inlet
ducting takes care of the noise emitted from the compressor inlet. However, a
large number of turbocharged engines draw their air from the engine room
through a filter-silencer, and thus an effective silencer with minimum pressure
losses is usually a turbocharger design requirement. The silencers operate on the
principle of sound absorption. The sound waves originating at the compressor
intake are reflected and reduced in intensity at the baffles and walls of a silencer
lined with an absorbing material. Figure 2.30 illustrates the development of
typical filter silencers from the very simple ‘one baffle’ type to the more compli-
cated trumpet-shaped inlet ducts, and to the more efficient and more expensive
radial plate or disc-type silencer developed by Brown Boveri, or the chamber-
type silencer developed by MAN.
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Figure 2.30 Silencers: (a) baffle (Napier)
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Figure 2.30 (b) trumpet shape (Brown Boveri), (c) radial plate (Brown Boveri),
(d) chamber (MAN)
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2.7.2 Turbochargers for Automotive Diesel Engines

Turbochargers are now widely used for truck engines, their outputs approaching
passenger car engine values of 45kW at one end of the power range and 600 kW
at the other for special-purpose vehicles. The use of turbochargers on vehicle
engines is relatively recent, but the rapid increase in power output demanded by
the use of larger trucks and minimum power to weight ratio legislation, has
speeded up their introduction. They are now also used on some petrol and diesel
passenger cars.

The development of heat-resisting materials for gas turbine blades during and
after the Second World War helped the development and use of turbochargers on
industrial and marine engines. It was the perfection of precision casting techniques
for high-temperature materials that allowed the development and use of turbo-
chargers on small diesel engines.

Undoubtedly, the most important factor to consider in designing a turbo-
charger for truck engines is the initial cost. The design must substantially under-
cut the cost of producing a larger version of the engine capable of providing the
same power. Even though truck engines operate at modest BMEP (~14 bar) and
hence at lower boost pressure (up to 2.5:1), they work at much higher exhaust
temperatures. They require good acceleration, high torque over a wide speed
range and a high level of reliability and efficiency.

Clearly, to keep the costs of the turbocharger down the design must be as
simple as possible. The simple inboard bearing mounting arrangement with a
radial flow compressor and radial flow turbine on a single shaft is universal (see
figure 2.31). The design with outboard bearings would be more complex to
arrange and inevitably makes the design of inlet and exhaust casings more difficult.

Figure 2.31 Holset HIB turbocharger
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Since the required pressure ratio for most applications (at present) does not
exceed 2.5:1, the compressor delivery temperature cannot be considered high.
This poses no problem for an investment cast compressor impeller in aluminium
(LM-16-WP or C-355T61). For special applications at high pressure ratios where
impeller temperatures are high, the material is changed to KO1 aluminium alloy.
For much higher temperatures, for example, as in the second stage of a two-
stage installation, investment castings of impellers in stainless steel have been
used. In the past the compressor casing was produced by pressure die-casting.
This has been superseded in some current models by the gravity die-casting
method using LM-27-M aluminium. The only time atuminium is not used for the
compressor casing is when the compressor impeller is not of aluminium alloy,
and to contain the heavier impeller under burst conditions, cast iron casings
are needed.

The turbine has a much harder life than the compressor with inlet temperatures
as high as 1000K when operating with diesel engines, and approaching nearly
1200K in some petrol (gasoline) engine applications. High-temperature creep
can be a problem, but the current turbine rotors made as investment castings in
713 C Inconel (a high nickel alloy) are safe to operate at up to 1300K. The
material is really too good for diesel engine turbochargers but since it is widely
available (being used for gas turbine applications) it remains the most con-
venient material and is used in most automotive type turbochargers. Some turbine
rotors are cast in GMR 235. Nevertheless, there is a constant search for a cheaper
and lighter material (to aid transient response). Ceramics (silicon carbide and
silicon nitride) appear very attractive for operation at high temperature and are
a much lighter material than Inconel. However, the techniques involved in the
manufacture of the rotors are not yet up to the production standards required
for a commercial turbocharger. They are too brittle and their mounting to a
shaft presents a number of problems. The turbine housing must be able to with-
stand the same high temperature as the wheel, but although it does not carry
the same high stresses it should be strong enough to contain a turbine rotor
burst. In addition, it must not scale readily. The turbine casings are normally
sand or shell castings. The choice of materials is dependent on their application.
S.G. iron (spheroidal graphite) is strong enough for diesel engine applications
operating at temperatures up to 975 K, above which the material begins to scale.
High-silicon S.G. iron is used for temperatures up to 1000 K. High-nickel cast
iron (for example, Ni-resist D2 or 2B) resists scaling at temperatures above
1000 K, but is more prone to cracking from thermal cycling because of its higher
expansion coefficient and the cost is inevitably higher. Nozzleless turbine inlet
casings are used.

Many techniques have been used to connect the turbine rotor to its shaft,
such as pressing, shrink fit, friction welding and electron beam welding. The
latter two methods are the most common. It is possible to cast the turbine wheel
and shaft in one, but machining may then be awkward. The compressor impeller
is generally a loose or interference fit on the other end of the shaft. A self-locking
nut holds the impeller tight against an abutment on the shaft. No splines or keys
are provided. The friction force created is adequate to transmit the torque. The
shaft is normally made of a high-carbon steel that allows induction hardening
of journals (C1144 steel, EN 19C).

One of the early automotive turbochargers (Eberspaecher) incorporated ball
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bearings in the design, but their short life and difficult access for replacement
terminated their application in future designs. For low costs and simplicity of
maintenance it is essential that the turbocharger uses the engine lubricating oil
system for its bearings in preference to a separate system. At times, attempts
have been made to use air bearings, but the bearing areas required are large. All
automotive-size turbochargers made today use simple journal bearings running in
oil from the lubrication system of the engine. The combination of high speeds
and very light radial loads on the bearings, coupled with the relatively short
distance between them and the heavy overhang at the turbine end, lead to
extremely complex behaviour of the rotor-journal bearing system. The high
operating speed dictates that the rotor normally runs through both the first and
second critical speeds of the rotating assembly caused by the flexible character-
istic of the bearings. The relatively massive turbine wheel and light compressor
impeller produce an axial centroid, which may be positioned inside the turbine-
end bearing, which leads to fractional frequency bearing whirl at the compressor-
end bearing. Consequently, the problems faced in bearing design mainly concern
the stability of the rotating assembly. Also important is heat removal at the
turbine-end bearing due to additional heat transfer from the hot turbine wheel.

It is usual to use a fully floating sleeve bearing made of leaded bronze (SAE
67 Spec) with an added tin flashing, which is free to rotate at an intermediate
speed. This speed is lower than that of the shaft, and is determined by bearing
clearances, land lengths, diameters and oil viscosities. The outer film of oil
imparts an additional degree of damping which helps maintain stability when
running. The turbocharger must be able to run over a wide speed range with
quite different oil viscosities and temperatures in different engines. As a result,
bearing development has tended towards larger sleeve-to-housing clearances for
improved stability. Typical tolerances on a small turbocharger bearing are of the
order of 0.0075 mm on shaft and bearing sleeve bore, and 0.013 mm on bearing
outer diameter and housing bore, making a total tolerance of 0.04 mm. The
rather large bearing clearances ease the problem of oil filtration, and only necessi-
tate filtration down to about 20um. This is quite easily met by current full
flow paper engine oil filters.

The large area of bearing, relative to its loading, and the heat transfer from
the hot turbine-end can result in an overheating problem unless a correspondingly
large oil flow rate is used. Care must then be taken to ensure adequate drainage
and this can cause difficulties if the engine manufacturer is not sufficiently
aware of the problem. Bearing damage can result from cold starting after a long
period of idleness or thermal soak on rapid shutdown. Axial thrust will vary in
duration over the operating range of the engine, but fortunately the loadings are
not excessive and a separate simple thrust assembly outboard of the bearing
span is used. The thrust bearing can be either plain (flat surface) or a tapered
land type, normally made of sintered leaded bronze. The tapered land thrust
bearings provide a useful increase in load carrying capacity, allowing a smaller
bearing to be used.

The power loss due to the bearings can be in the order of 2 to 7 per cent of
turbine power (at maximum power), but more serious is the fact that this per-
centage increases as turbocharger speed decreases, significantly reducing the
smoke-limited power output of the engine at low speeds.

The bearings normally run direct in the (honed) bore of the centre casing or
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frame. The centre casing is invariably cast, usually in high-grade grey cast iron.
The casing also contains the oil drain and holds the compressor and turbine
casings (figure 2.31). For good oil drainage, the centre casing must remain close
to the vertical position. The compressor and turbine casings are usually designed
so that they can be freely rotated into a convenient angular position relative to
the centre casing on assembly. This gives the engine designer more freedom in
planning the exhaust and inlet pipework. The compressor housing shown in
figure 2.19 is clamped by set screws, while the turbine housing is secured by a
stainless steel V clamp. Usually, single and twin-entry turbine housings are
available for reasons discussed in detail in chapter 5. It is almost universal for
the turbocharger to be mounted on the engine via the turbine casing and not the
central casing. The turbocharger is then solid with the exhaust manifold and may
move with it as the manifold expands and contracts due to temperature changes,
thus eliminating the need for a flexible exhaust system joint. It follows that the
exhaust manifold must be strong enough (when hot) to withstand the weight of
the whole turbocharger under conditions of high acceleration loading from engine
vibration. The total weight of a small automotive turbocharger such as that
shown in figure 2.31 is of the order of 10kg. Since the turbine casing then holds
the centre bearing casing they must be firmly connected together.

The oil seals on the shaft of the turbocharger are a difficult part of the over-all
turbocharger design because of the combination of adverse pressure gradients
under some conditions, the consequences of large bearing clearances, and the need
to keep frictional losses to a minimum. The piston-ring-type seals shown in
figure 2.32 are typical. The piston rings themselves are designed so that the
radial wall pressure holds them tightly in the bore without axial movement or
rotation. They act as a form of labyrinth seal in which the leakage between the
piston ring and the sides and base of the groove in the shaft is kept small. In

A single piston ring locates in a stepped
bore bearing housing.

Figure 2.32 Piston-ring-type oil seal (Holset)
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practice they will only work satisfactorily if care is taken to keep as much oil
as possible away from them. They will leak if the oil drain from the turbocharger
proves inadequate and a pool of oil builds up inside the housing. An oil shield is
used at the compressor-end since it is here that under some running conditions
a depression may exist at the back of the compressor housing (for example, high
idling speed with a very dirty air filter) encouraging oil leakage. Some turbo-
chargers are available with a carbon face seal at the compressor end, but this is
usually only fitted when the turbocharger is to be used on a petrol engine with a
throttle before the compressor. With this arrangement a vacuum exists in the
compressor when the throttle plate is closed (see chapter 13). At the turbine
end, the major gas leakage problem is from the turbine rotor into the bearing
housing and then into the engine sump where it adds to engine blow-by.

Turbocharged automotive diesel engines are required to operate over a large
speed and load range and therefore the turbine and compressor design is directed
towards achieving reasonable efficiency over a wide range of mass flow rates,
rather than high peak efficiency. Fortunately the requirement in terms of
pressure ratio at present is moderate. To achieve a wide operating range the trend
has been towards the use of vaneless, in preference to vaned, diffusers, particu-
larly on the smaller machines. A small sacrifice in peak efficiency is more than
compensated for by a wider area of high efficiency (figure 2.33) and reduced
effect of dirt accumulation and lower noise level.

The design of the compressor impeller has to be a compromise between aerody-
namic requirements, mechanical strength considerations and foundry capabilities.
To achieve high mass flow and compressor efficiency, very thin and sharp
impeller vanes are desirable, but to keep the levels of steady state and vibrating
stresses low, a robust, thick-at-the-root vane is needed. The tip thickness of the
impeller vanes (typically around 0.8 mm) is dictated by considerations of casting
techniques and vane stiffness. This thickness limits the number of vanes that can
sensibly be used without significantly reducing the inlet area available at the
compressor eye. In consequence, the slip factor (see chapter 3) is usually rather
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Figure 2.33 Comparison of vaned and vaneless diffuser performance [5]
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Figure 2.34 Impeller with splitter vanes (Holset)

low (typically around 0.82 for a 12-vaned and about 0.9 for a 18 to 20-vaned
impeller). It is common practice to use splitter vanes (figure 2.34) that extend
from part way through the inducer up to the impeller tip to aid flow control
while minimising blockage at the eye. Gradual development of the impeller
profile based on ‘three-dimensional streamline curvature flow’ and the ‘jet/wake’
concepts (see chapter 3) has led to the introduction of backswept impellers.
This gives better control of the internal flow and reduces the flow distortion
transmitted from the impeller to the diffuser, and combined with recent im-
provements in the surface finish of the casting, has resulted in even very small
impellers having reasonable efficiencies. The mechanical design of the compressor
impeller aims at a high blade vibration frequency and an adequate low-cycle
fatigue life. Non-radial back-face designs of impeller have been introduced to
reduce the back-face stress and avoid distortion at the impeller tip due to bending
forces at high compressor pressure ratios.

Each basic design of turbocharger has been adapted to quite a large range of
diesel engines. To cater for a wide difference in air flow requirements from one
engine to another, a range of compressor impellers is available to fit the same
basic unit. Although normally made from the same casting, the impeller eye
diameter and the tip width would be chosen so as to optimise flow conditions
for the required air flow rate and pressure ratio (figure 2.35).

Naturally a matching compressor housing must be supplied with each impeller
and the total number of variants (or ‘trims”) available may exceed 10. However,
since the impeller tip diameter is fixed for a given ‘frame size’ and the hub dia-
meter at the impeller eye is determined by the shaft diameter, the resulting
variation in passage shape causes a decrease in efficiency of the compressor the
further the modified design departs from the original. This will therefore limit
the mass flow range that can reasonably be covered by a single basic model (or
‘frame size’) of turbocharger.

The inward radial flow turbine is more tolerant of a wide mass flow range and
a single wheel may be used with a large range of compressor impellers. Adjust-
ment to the turbine flow is made by changes in the stator nozzle ring angle (and
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Figure 2.35 Compressor trims, machined from one casting (Holset)

hence in the throat area), wheel trim or the nozzleless housing (figure 2.36).
Since the requirement is to have minimum unit cost while achieving a reasonable
efficiency over a wide flow range, at relatively low expansion ratios, the trend
has been towards the use of nozzleless housings. By reducing the cross-sectional
area of the housing around the circumference of the turbine rotor, uniform inl<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>