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Foreword

Professor Chen Yong has been engaged in the research and development of
automotive transmissions for a long time. He worked in the world famous auto-
matic transmission company (JATCO) of Nissan Motor for 19 years, and completed
the development and mass production of many automatic transmission products;
after that, he worked in domestic automobile enterprises for nine years, leading the
independent research and development of manual and automatic transmissions of
Geely Automobile, and achieved fruitful results; now, he is devoted to academic
study in colleges and universities and committed to sorting out and systematically
refining his practical experience and technical accumulation of transmission
research over 30 years, and sharing it with others so as to benefit the industry and
help the development and progress of China’s automotive transmission business.
The book Theory, Design and Application of Automotive Transmissions of the
leading coauthor Chen Yong accumulates the profound knowledge and valuable
experience of first-class transmission experts and scholars at home and abroad,
elaborates the international advanced technology and development trend of auto-
motive transmissions and emphatically explains the mature design theory in the
automotive transmission field and the latest international research and application
progress. It can be used as an engineering technical book for automotive and
transmission R&D engineers and a reference book for graduates and undergradu-
ates to learn basic theories and carry out academic research. It is a rare masterpiece
of both theory and practice.

Zhao Fuquan
Rotating Chairman of FISITA (2018-2020)

President of Automotive Industry
and Technology Strategy Institute
Tsinghua University, China



Preface

In order to change the output torque and speed of the engine and other power
systems, it is usually necessary to install a transmission in the transport machinery.
This book deals mainly with the transmissions of road vehicles. Under different
driving conditions, such as standing start, climbing, turning and acceleration, the
torque and speed required by the driving wheel of the vehicle are constantly
changing, while the range of torque and speed change that the engine can provide is
limited. The transmission is to adjust the performance of the engine by changing the
gear ratio and transfer the engine power to the wheels smoothly, reliably and
economically, so as to adapt well to the demands of external load and road con-
ditions and achieve the best match between the characteristic field provided by the
engine and that required by the vehicle.

The automotive transmission is a high technology and process level of typical
products in mass production, and its development and design shall be oriented to
market demands while meeting environmental and regulatory requirements.
Regulatory requirements (such as energy conservation and emissions policies) and
user requirements must be fully considered. The main design objective of the
automotive transmission is to achieve the optimal transformation from engine or
motor power to the vehicle driving force within the wide speed range of the vehicle,
so as to ensure the dynamic property, acceleration and fuel economy of the vehicle.
Meanwhile, the application reliability and service life of new technologies and
processes shall be considered. The transmission design will be increasingly chal-
lenging given the increasing demand for fuel consumption, emissions and drive-
ability, especially shift comfort and response speed. The current types of
transmission for passenger vehicles, including Manual Transmission (MT),
Automatic Transmission (AT), Dual Clutch Transmission (DCT), Continuously
Variable Transmission (CVT) and Automated Mechanical Transmission
(AMT) will remain largely unchanged for a long time. However, the application of
hybrid transmissions will grow substantially. The first author of this book worked
as a senior technician in the AT&CVT R&D in the R&D center of JATCO in Japan
for 19 years and was in charge of the R&D of AT and MT in Geely Automobile for
a long time after returning from abroad. He was deeply aware of the rapid progress

vii



viii Preface

of transmission technology and accelerated R&D cycle brought by computer
simulation technology, and also deeply aware of the urgent demand for systematic
explanation of the transmission development technology in the research and
development.

Therefore, the main purpose of this book is to systematically summarize the
main technical areas of the MT and AT development technology based on practical
development experience, comprehensively elaborate the theory and development
characteristics of the transmissions and display the main development processes
of the transmissions. In particular, many development processes are based on the
experience of trial and error. As a reference book providing main technical infor-
mation for the research and development of transmission technology, this book is
suitable for engineers working in the field of automobiles and related power
transmission machines and graduate students at school. I would also like to thank
Dr. Guo Lishu, senior technical expert of Geely Commercial Vehicle Research
Institute, Dr. Gao Bingzhao of the College of Automotive Engineering, Jilin
University, for their hard work in this book. I would like to thank Dr. Tian Hua
from SGM Powersoon Research Institute, my doctoral student Zang Libin, Qiu
Zizhen, Li Guangxin, Wei Changyin, my assistant Cao Zhan and other graduate
students from the NEV Research Center of the Hebei University of Technology, as
well as others who have worked hard for this book. I would like to thank the Tianjin
Science and Technology Association for subsidizing this book.

Tianjin, China Yong Chen
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Chapter 1 ®)
Introduction Check for

Since the small torque range of the automobile engine cannot adapt to the require-
ments of automobile driving under various road conditions, the transmission that can
change the speed ratio and drive torque is adopted in the automotive drivetrain to
make the torque and speed output by the engine and other power systems vary in
a considerable range. This book deals mainly with the transmissions of road vehi-
cles. Under different driving conditions, such as standing start, climbing, turning
and acceleration, the torque and speed required by the driving wheel of the vehicle
are constantly changing, while the range of torque and speed change that the engine
can provide is limited. The transmission is to adjust the performance of the engine
by changing the gear ratio and transfer the engine power to the wheels smoothly,
reliably and economically, so as to adapt well to the demands of external load and
road conditions and achieve the best match between the characteristic field provided
by the engine and that required by the vehicle.

The automotive transmission is a high technology and process level of typical
products in mass production, and its development and design shall be oriented to
market demands and fully consider the user requirements while meeting environ-
mental and regulatory requirements (such as energy conservation and emissions
policies), as shown in Fig. 1.1. The main design objective of the automotive trans-
mission is to achieve the optimal transformation from engine or motor power to the
vehicle driving force within the wide speed range of the vehicle, so as to ensure
the dynamic property, acceleration and fuel economy of the vehicle. Meanwhile,
the application reliability and service life of new technologies and processes shall
be considered. The transmission design will be increasingly challenging given the
increasing demand for fuel consumption, emissions and driveability, especially shift
comfort and response speed. The current types of transmission for passenger vehi-
cles, including manual transmission (MT), automatic transmission (AT), continu-
ously variable transmission (CVT), dual clutch transmission (DCT) and automated
mechanical transmission (AMT) will remain largely unchanged for a long time.
However, the hybrid transmissions will be more widely used and their number will
increase dramatically. The author of this book worked as a senior technician in the

© China Machine Press and Springer Nature Singapore Pte Ltd. 2021 1
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Regulatory requirements: low-carbon,
efficient and environmentally friendly

Consumer demands: comfort and economy

[ Apply more advanced and efficient technology J
1
Wide speed ratio and Shift strategy Improve transmission : i )
multiple gears optimization efficiency Lightweight design
‘ Shift smoothness and economy Low-carbon, efficient and environmentally friendly

Fig. 1.1 Transmission design requirements

AT&CVT R&D in the R&D center of JATCO in Japan for 19 years and was in charge
of the R&D of AT and MT in Geely Automobile for a long time after returning from
abroad. He was deeply aware of the rapid progress of transmission technology and
accelerated R&D cycle brought by computer simulation technology, and also deeply
aware of the urgent demand of the R&D personnel for systematic explanation of the
transmission development technology.

Based on the author’s over 30 years of practical experience in the development of
automotive transmissions at home and abroad, this book systematically summarizes
the main technical areas of the MT and AT development technology, comprehen-
sively elaborates the theory and development characteristics of the transmissions
and displays the main development processes of the transmissions. Many develop-
ment processes are based on the experience of trial and error. As a reference book
providing main technical information for the research and development of transmis-
sion technology, this book is suitable for engineers in the field of automobiles and
related power transmission machines and graduate students at school.

1.1 Transmission Functions and Requirements

The function of the transmission is to change the torque and speed of the engine
according to the requirements of the vehicle in different driving conditions, so that
the vehicle has the right traction and speed, and keeps the engine working in the most
favorable working conditions. To ensure the vehicle reversing and the powertrain
separation, the transmission must have forward as well as reverse and neutral. When
power output is required, power output devices shall also be provided.

Main requirements for the transmission:

(1) Guarantee good dynamic and economic indicators of the vehicle. This require-
ment is met by choosing the appropriate transmission gear number and gear
ratio according to the vehicle dead weight capacity, engine performance param-
eters, tire performance parameters and vehicle use requirements in the overall
vehicle design.
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Reliable work and easy control. Automatic gear dropping, gear mixing and
shift impact are not allowed in the transmission during the vehicle driving.
High safety. Guarantee the safe and reliable vehicle driving in any working
conditions.

Small in size and light in weight. This requirement is met by reasonable use of
engineering plastics and other non-metallic materials, and the use of advanced
material forming technology and heat treatment technology.

Low cost. Minimize the cost under the premise of meeting the vehicle
requirements for the transmission.

High transmission efficiency. In order to reduce the gear engagement loss and
bearing friction loss, it is necessary to improve the manufacture and assembly
quality of components and reduce the gear churning loss. For example, the
proper lubricating oil and installed capacity can be selected to reduce the
churning loss and friction loss, thus improving the transmission efficiency.
Low noise. This requirement can be met by adopting helical gears, selecting
a reasonable modification coefficient, making the axial modification and
profile modification and improving the manufacturing accuracy and assembly
stiffness.

Meet the maximum input torque requirements.

Meet the drive mode requirements.

Meet the vehicle layout and installation requirements.

Meet the reliable ramp parking requirements except for the MT.

Meet the limp home requirements.

With respect to the electrical controlled transmission, the hardware of the
control system shall meet the requirements of electromagnetic compati-
bility and anti-interference, and the software shall meet the requirements of
1S026262, ASPICE, AUTOSAR and other standards.

Consider factors such as driving pleasure and shift comfort and minimize the
shift impact.

Types, Advantages and Disadvantages of Transmissions

I. Types of automotive transmissions

Depending on the fixation of the gear ratio, the transmission may be classified into
stepped transmission and continuously variable transmission (CVT). The stepped
transmission, with fixed gear ratio, including ordinary transmission and planetary
transmission, is gear-driven and mostly widely used; the CVT, with the gear ratio
changing in a certain range, includes electric and hydraulic types. The variable speed
drive component of the electric CVT is DC series motor and the drive component of
the hydraulic CVT is hydraulic torque converter. The CVT can overcome the sudden
shift, slow throttle response, high fuel consumption and other shortcomings of the
AT and is mostly used in trolley buses and heavy-duty vehicles.
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The transmissions used in the passenger vehicles currently include MT, AT, CVT,
DCT, AMT and VIT, as well as the BEV transmission and HEV transmission evolved
on the basis of the above transmissions, as shown in Fig. 1.2.

1. Manual transmission

Manual transmission (MT) is also known as mechanical transmission. The engaging
position of the gears in the transmission is changed by moving the gear shift lever
by hand, thus changing the gear ratio to achieve variable speed. It take a place
in the transmission family because of its high transmission efficiency, high torque
transfer, easy manufacture, low cost, simple structure, low fuel consumption, short
acceleration time and short development cycle. The current MT is mainly 5 speed or
6 speed MT, covering SUV, middle-sized vehicles and compact vehicles. In order to
reduce fuel consumption and improve driving pleasure, the transfer torque increases

MT
Drive
system
AT
INEV
transmi
|ssion

HEV transmission BEV transmission

Fig. 1.2 Main types of transmissions for passenger vehicles
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step by step and the 6 speed transmission in the MT will become the mainstream.
ZF and BMW are developing the 7 speed MT currently.

2. Automatic transmission

The automatic transmission (AT) is also known as stepped AT. According to the
different arrangement modes of shafts, AT can be divided into fixed shaft AT and
rotating shaft AT. Due to the large space occupied by the fixed shaft (parallel shaft),
it is impossible to achieve more gears (limited to 5-speed and 6-speed), which is
currently the main technology of Honda. The vast majority of transmission companies
use the rotating shaft technology solutions. AT may be divided into 4AT, SAT, 6AT,
7AT, 8AT and 9AT by gear. GM, Volkswagen and other automotive companies have
begun to develop 10AT. With mature technology and small size, 4AT is still the main
AT carried by small cars, although its comfort and economy are poor; SAT is slightly
better than 4AT in terms of comfort and economy, but has still obvious abrupt shift and
limited late development space; 6AT has relatively superior economy and comfort
and has become a mainstream trend for small, compact and middle-sized vehicles;
7AT and 8AT have been adopted by Lexus, BMW, Audi, Benz and other high-
end imported models. 8AT has been successfully developed by domestic Shengrui
Transmission Co., Ltd. and installed in Landwind; 9AT represents the innovation of
science and technology has been developed successfully by ZF and Aisin Seiki.

3. Continuously variable transmission

The continuously variable transmission (CVT) becomes an important branch of auto-
motive automatic transmission field since it can produce continuously changing gear
ratio, achieve the best match between the engine and powertrain, simplify the oper-
ation, reduce the driver’s labor intensity, increase driving safety, driving smoothness
and comfort and improve emission. CVT is classified into metal pushing V-belt type
CVT, chain type CVT and KRG. With light weight, small volume, simple structure,
smooth shift, relatively high cost, inconvenient maintenance and limited carrying
capacity, the metal pushing V-belt type CVT is used in small and compact cars and
has more room for improvement because of its unparalleled comfort. The chain type
CVT is the main technology of Schaeffler in terms of CVT and has higher transmis-
sion efficiency and more compact structure than the metal pushing V-belt type CVT,
but its disadvantage is that the protruding pin on the side of the chain will produce
noise when it comes into contact with the pulley point. At present, the KRG may be
unfamiliar to most people, but this kind of transmission may become the mainstream
transmission for low-emission vehicles in the future. Its low cost, high efficiency,
simple structure and multiple advantages in function and comfort deserve people’s
attention.

4. Dual clutch transmission

The dual clutch transmission (DCT), as a new AT, arranges the transmission gears by
odevity respectively on the two input shafts connected with two clutches, completes



6 1 Introduction

the shift process and achieves power shift through the alternate switching of clutches.
DCT has the advantages of AT and AMT. With high transmission efficiency, simple
structure and low production cost, it guarantees the dynamic and economy perfor-
mance of the vehicle and greatly improves the vehicle operating comfort. DCT is
divided into DDCT and WDCT. DDCT is also divided into electro-hydraulic DDCT
and electric DDCT. The former is complicated in structure, needs to be improved
in reliability and is used in Volkswagen vehicles; the latter is simple and reliable
in structure and will become the mainstream trend in the development of small and
medium torque AT in the future. With large carrying capacity, WDCT will be used
greatly in the intermediate class and above vehicles.

5. Automated mechanical transmission

The automated mechanical transmission (AMT), based on the traditional fixed shaft
transmission, controls the hydraulic or electric actuating system through the elec-
tronic control unit by use of the electronic technology and automatic transmission
theory to achieve the clutch disengagement and engagement, gear selecting and
shifting, so as to achieve the automatic control of start and shift. AMT has a certain
development space in mini and small cars due to its high transmission efficiency,
easy manufacturing and low cost, but it has not much development space in models
above the compact level due to power failure in the shift process.

The AMT usually consists of electrically controlled hydraulic AMT and elec-
trically driven AMT. The AMT with the core of electro-hydraulic actuator in the
electrically controlled hydraulic AMT has been widely applied in Chery QQ3, Riich
M1, Chevrolet Sail, SAIC MG3 and other models; compared with the electrically
controlled hydraulic AMT, the electrically driven AMT has simpler structure, better
reliability and lower cost and is the mainstream trend of AMT development.

6. Vit

VIT is a new concept of high-power and high-efficiency mechanical CVT success-
fully developed on the basis of the meshing principle of sliding vane CVT movable
teeth. The working surface of the sliding vane CVT movable teeth is overlapped by
a series of sliding vanes and any shape of meshed tooth profile can be formed by
free stepless slip of the sliding vanes. This design idea is equivalent to the “differ-
entiation and reintegration” of the gears. That is, any required tooth profile, i.e. the
sliding vane CVT movable teeth can be formed by organic combination of multiple
elements. Since the slip direction of the sliding vanes is different from the force direc-
tion, the sliding vanes are free to deform with the current meshed tooth profile, while
the force direction is perpendicular to the free slip direction or the angle between
them is self-locking in the equivalent friction angle during the power transmission.
Therefore, the sliding vanes will not change the shape of the tooth profile when
bearing force. With the “rigid and flexible fusion, and movable teeth solidification”
effect, high carrying capacity and transmission efficiency, VIT is the true sense of
“movable teeth meshing CVT” and is applied in saloon cars, passenger cars, trucks
and other high-power and high-torque vehicles.
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7. BEV transmission

The BEV transmission mainly includes single reduction gear, multi-speed trans-
mission and the wheel-side drive motor integrating reducer and motor. At present,
the single speed reducer with fixed speed ratio is mostly used in the small elec-
tric vehicles. This drive mode has simple structure and low manufacturing cost, but
it puts forward higher requirements for the traction motor that the traction motor
shall provide higher instantaneous torque in the constant torque area and higher
running speed in the constant power area, so as to meet the vehicle acceleration
performance requirements and maximum speed design requirements. Meanwhile,
the single speed reducer with fixed speed ratio has the problem of low motor utiliza-
tion efficiency. In order to ensure the maximum vehicle speed, the speed ratio of
the reducer is often relatively small, which makes the traction motor in a long-
term high torque and high current working condition, and relatively low motor effi-
ciency, thus wasting the battery energy and reducing the driving range. The electric
vehicle drivetrain tends to be multi-speed to make the electric vehicles better meet
their dynamic performance and reduce their requirements for traction motors and
batteries. Oerlikon Graziano developed a two-speed transmission to match small
electric vehicles. Antonov designed a new efficient 3 speed AT for BEV that opti-
mizes the powertrain size, weight and development costs while improving the energy
efficiency and guaranteeing the dynamic performance.

8. HEYV transmission

(1) Hybrid drive type: before introducing the HEV transmission, it is important
to know the hybrid drive type. As shown in Fig. 1.3, the hybrid drive mainly
includes tandem hybrid drive, parallel hybrid drive, power-split hybrid drive
and other hybrid drive.

| Hybrid drive types l
S I

[ Parallel hybrid drive ] [ Power-split hybrid drive_] [ Other hybrid drive ]
=-@50 I =« yo 0

B

‘.-‘.‘. < r‘_]

I PO hybrid ] [ P1 hybrid ] [ P2 hybrid ] [ P3 hybrid ] l P4 hybrid
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Fig. 1.3 Hybrid drive types
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1 Introduction

Tandem hybrid drive. The engine is completely decoupled from the driving
wheel and simply drives the generator to charge the power battery, which
drives another motor through the motor controller to keep the vehicle
moving. This scheme has low overall efficiency due to many power drive
links, but it is comfortable because the engine is completely decoupled
from the driving wheel.

Parallel hybrid drive. Depending on the motor arrangement on the whole
vehicle, it is divided into PO (BSG), P1 (ISG), P2, P3 and P4 structural
hybrid drives. In PO structural hybrid drive, the motor is integrated in the
position of the generator of the traditional engine, playing the role of power
generation, assistance and starting, and acting as the generator in energy
recovery to recover the braking energy; in P1 structural hybrid drive, the
motor is integrated at the output end of the engine crankshaft, playing the
role of power generation, assistance and starting, and acting as the generator
in energy recovery to recover the braking energy; in P2 structural hybrid
drive, the motor is also integrated between the engine and the transmission.
The difference is that the motor is connected to the engine and transmis-
sion separately through the clutch, playing the role of power generation,
assistance and starting, and acting as the generator in energy recovery to
recover the braking energy. The motor drives the vehicle alone, either fully
hybrid or plug-in hybrid, which is one of the main forms of hybrid drive;
in P3 structural hybrid drive, the motor is integrated at the output end of
the transmission, playing the role of assistance and power generation, and
acting as the generator in energy recovery to recover the braking energy.
The motor drives the vehicle alone, either fully hybrid or plug-in hybrid;
in P4 structural hybrid drive, the engine drives a drive axle and the motor
drives the other drive axle. The motor plays the role of assistance and
power generation and acts as the generator in energy recovery to recover
the braking energy. The motor can also drive the vehicle alone, either fully
hybrid or plug-in hybrid.

Power-split hybrid drive. It integrates the engine and two motors by means
of the planetary gear train to achieve various functions of the hybrid drive.
A typical example is Toyota Prius HEV, also known as the eCVT because
of the use of planetary gear train and motors to shift the output end of the
engine and planetary gear train.

Other hybrid drive. A typical example is Honda Fit 7DCTH hybrid drive,
in which, the motor is connected to an input shaft of 7DCT through the
drive mechanism, forming a new and unique drive form. In this scheme, the
motor needs to be synchronously tracked in shift of each gear connected
with the motor input shaft, so as to reduce the difference between the active
and passive speeds of the synchronizer and prolong the service life of the
response synchronizer.
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(2) Common transmissions on HEV: the traditional automotive transmissions are
used in HEVs, among which AT is more widely used, as follows:

The AMT is the ideal choice for HEV transmissions. The electrically driven trans-
mission based on AMT is characterized by coupling the motor used in the NEV
with AMT through high-intensity silent chain drive, which solves the power failure
problem during shift. This new electrically driven transmission fully combines the
advantages of the motor and the AMT to significantly reduce fuel consumption. The
TH-AMT hybrid transmission developed by FEM based on AMT is characterized by
that the drive motor transfers power through other gears and outputs a certain torque
in the upshift to eliminate the impact caused by power failure during shift.

The application schemes of AT in HEV include coupling the motor at the input
end of the transmission and coupling the motor at the output end of the transmission.
The recent new scheme is to replace the hydraulic torque converter of the AT with
motor. In these schemes, the lubrication system shall be improved and the mechanical
fuel pump of the traditional AT is replaced with an electronic fuel pump or a new
electronic fuel pump is added; otherwise, the EV mode will be difficult to meet the
system lubrication requirements and fast start-stop requirements.

CVT is most frequently used in the mass produced HEVs. The HEV AT is char-
acterized by powertrain integration. That is, the motor is integrated with the trans-
mission, making the system structure more compact, power drive more stable and
control performance better.

The applications of DCT in HEV mainly include that the drive motor is connected
to the input shaft 1 of the transmission through the reducing gear, that the drive motor
is connected to the input shaft 2 of the transmission through the reducing gear and
that the drive motor is connected to the input shaft of the transmission through the
reducing gear. The advantage of the first two schemes is that the motor drive can
change the speed, but the disadvantage is that the motor needs to be synchronously
tracked in the synchronous engagement of the gear of the input shaft connected to the
motor; the advantage of the latter scheme is that the motor may not be synchronously
tracked in the shift, but the disadvantage is that the motor drive cannot change speed.

In addition, the PRIUS hybrid power system is a typical example of PSHEV. The
biggest feature of this system is to use a planetary gear train to couple two motors
and an engine together, so that a single planetary gear train can realize the functions
of CVT. See Table 1.1 for typical hybrid transmission applications.

II. Advantages and disadvantages of transmissions

The transmission, as an important part of the vehicle powertrain system, determines
the power output of the vehicle and has a direct impact on the fuel economy, comfort
and reliability of the vehicle. Different types of transmissions have different charac-
teristics. The advantages and disadvantages of mainstream transmissions in today’s
market are shown in Table 1.2.
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Table 1.1 Typical hybrid transmission applications

1 Introduction

Structure Manufacturer | Model Transmission
Start-stop-BSG Buick LaCrosse 6AT

Chevrolet Malibu 6AT

Chery A5 BSG Original transmission
ISG (E-M-C-T) Honda Fit Hybrid MT/LVT

Honda CIVIC Hybrid (II) CVT

Honda CIVIC Hybrid (I1I) CVT

Honda Insight CVT

Honda CR-Z MT/LVT

BMW BMW 7 Hybrid 8AT

Benz Benz S400 Hybrid 7 AT
ISG (E-C-M-T) Hyundai Hyundai Sonata hybrid | 6AT

power

Nissan Nissan Fuga 7 AT

Audi Audi A6 Hybrid 8AT

Audi Q5 Hybrid quattro 8AT

Audi Q7 Hybrid (EOL)

Porsche Porsche Panamero S 8AT

Hybrid

Volkswagen Volkswagen Touareg 8AT
Parallel rear axle drive Peugeot Peugeot 3008 6 AMT
Series-parallel/dual-motor | Toyota Toyota Prius Single reduction gear
single . Nissan Nissan Altimn Hybrid | Single reduction gear
planetary gear train T Fusion Hybrid -

Ford Escape Hybrid

Ford C-MAX Hybrid
Series-parallel/dual-motor | Lexus RX400h/HighlanSer Single reduction gear
dual Hybrid
planetary gear train
Series-parallel/dual-motor | Lexus GS450h/LS600h Single reduction gear
three-planetary gear train | gyiw BMW X6 7 AT

Benz Benz ML450 7 AT
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1.3 Basic Structure of Transmission

The transmission consists of a case, a drive part and a shift control device.

1. Case

As the basic part, the case is used to mount and support all parts of the transmission
and to store the lubricating oil, above which, there is a precise bore for mounting
the bearing. The transmission bears variable load, so the case shall be rigid enough,
with complex ribs on the inner, most of which are castings (made of gray cast iron,
commonly HT200), as shown in Fig. 1.4.

For the convenience of installation, the transmission part and the shift control
device are often made into split type, and the transmission cover is bolted to the case
and positioned reliably. The case is provided with refueling and fuel drain hole and
fuel level inspection ruler hole, and the heat dissipation should also be considered.

2. Drive part

The drive part consists of the transmission gears, shaft, bearing and other driving
media. The geometric dimensions of the shaft are determined by the checking calcu-
lation of the strength and stiffness; the material is selected mainly depending on
whether its stiffness meets the requirements. The carbon steel has nearly equal elas-
ticity modulus with the alloy steel, so the shaft is generally made of carbon steel
(usually steel 45) and the alloy steel is used only when the gear and shaft are inte-
grated or when the bearing is under heavy load. The gears are usually made of low
carbon alloy steel (e.g. 20CrMnTi and 20MnCrS). The shaft is mostly splined with
the gears and has the advantages of good centering, reliable transmission of power
and small extrusion stress. The spline part and the bearing mounting site of the shaft
are surface hardened. The shaft is mainly supported by a rolling bearing, with simple
lubrication, high efficiency, small radial clearance and reliable axial positioning and

Controller mounting hole

Flange plate

Bearing hole

Fig. 1.4 Transmission case
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Fig. 1.5 Transmission profile

is mainly lubricated by splash lubrication (v>25 m/s, thrown to the wall as long as
the viscosity is appropriate). The transmission profile is shown in Fig. 1.5.

3. Shift control device

In MT, the driver controls the shift, while in AT, the electronic actuating system
completes shift partly or entirely relying on a lot of automation technology. The
neutral, reverse and park are still completed by the driver by controlling the shift
control device. The elements in the shift control device are selected according to the
transmission type and vehicle type. The engaging elements of the transmission for
passenger vehicles mainly include:

(1) Internal engaging elements: shift fork (Fig. 1.6a), shift synchronizer (Fig. 1.6b),
locking device, multi-disk clutch and brake.
(2) External engaging elements: shift level system, inhaul cable and gear shift lever
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Fig. 1.6 (b) Shift
synchronizer

1.4 Development Status and Trend of Transmission

1. Development status of transmissions

The demand for transmissions varies greatly from region to region. The CVT has
benefited to a certain extent from the continued demand among Japanese users for
small cars that change speeds automatically, making it the best-selling AT type in
Japan. Figure 1.7 shows the demand for transmissions in Japan. The main transmis-
sion enterprises in Japan develop to the high gears (8 and 9) AT. Moreover, the CVT
is developing fast and gradually developing towards high torque.

AT possesses absolute advantage in the US, mainly because the consumers require
simple control and comfortable driving of vehicles but are not sensitive to fuel
consumption, thus forming the AT-dominated AT market in the US. Figure 1.8 shows
the demand for transmissions in the US. The main transmission enterprises in the
US are currently targeting the 6AT. With the continuous development of the wet
clutch technology of BorgWarner, the WDCT will also grow rapidly in the US. The

700 ~10,000 units
600 '
500
400
300
200

100

0
2007 2008 2009 2010 2011 2012 2013 2014 2015 2016 2017 2018

m3-5speed AT m6speed AT 18-9speed AT = CVT mDCT&AMT Year

Fig. 1.7 Demand for transmission in Japan
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Fig. 1.8 Demand for transmission in the US

higher gear AT produced by the European transmission company is adopted for the
high-grade vehicles.

The European consumers pay attention to driving experience and driving plea-
sure, like the feeling brought by manual control of the machinery, and think a great
deal of fuel consumption. Therefore, after emergence, the DCT with energy saving
and kinetic characteristics immediately became the darling of the European market.
Figure 1.9 shows the demand for transmissions in Europe. The main transmission
enterprises in Europe have developed towards the high speed (8 and 9) AT and
DCT, and the engineering companies are also pushing the hybrid power technology
vigorously.
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m3-5speed AT m6speed AT 1 8-9 speed AT CVT mDCT&AMT Year

Fig. 1.9 Demand for transmission in Europe
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Fig. 1.10 Demand for transmission in China

In China, an emerging auto market, the traditional AT was the main choice for
previously automatic transmission vehicles. However, in recent years, the biggest
factors influencing consumers’ decision to buy cars are “price” factors (vehicle
fuel consumption and vehicle price). The number of vehicles assembled with DCT
has increased significantly, and the share of vehicles assembled with CVT has also
increased. Figure 1.10 shows the demand for transmissions in China. Due to accumu-
lated experience in MT development and good process inheritance of AMT and DCT,
the transmission technology develops rapidly in recent years with the involvement
of the engineering companies with outstanding transmission development capability,
and the companies are also trying to make breakthroughs in the AT and CVT fields.

As AT continues to be multi-speed, DCT grows most and the demand for the AT
is increasing year by year. Figure 1.11 shows the demand for AT.

The carrying status of the AT in the passenger vehicles in China is shown in
Fig. 1.12. The 4 speed and 5- speed ATs are mainly assembled in 1.3—1.6 L small
cars and compact cars; the 6-7-8 speed AT's are mainly assembled in the vehicles with
the displacement of 2.0 L and above; the CVT (without hydraulic torque converter) is
mainly assembled in 1.5-1.8 L compact cars; the CVT (hydraulic torque converter)
is mainly assembled in 1.5-2.5 L vehicles; the DDCT is mainly assembled in the
vehicles with the displacement of 2.0 L and below and the WDCT in the vehicles with
the displacement above 2.0 L; the number of applications of turbocharged engine
and DCT combination will increase rapidly.

II. Development trend of transmissions

Energy conservation, environmental protection, safety and high efficiency is the
theme of the development of automotive transmissions, with the pursuit of comfort,
economy and safety from the perspective of consumers and the pursuit of high effi-
ciency, low carbon and environmental protection from the perspective of regulations.
Thus, the transmission companies are required to apply advanced and efficient design,
manufacturing and control technologies and advanced materials to achieve wide gear
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Fig. 1.12 Carrying status of the AT in the passenger vehicles in China

ratio and multi-speed of transmission, optimization of the shift strategy, improvement
of the transmission efficiency and light weight of transmissions.

1. Development trend of MT

(1) Multi-speed and large gear ratio of transmission: the three-axis 6 speed
transmission was gradually replacing the dual-axis 5 speed transmission
under the dominance of some European, American and Japanese companies
from two or three years ago. The 7 speed MT supplied by ZF for Porsche 911
Carrera and Carrera S was used in the passenger vehicles for the first time.
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With increased low speed gear ratio and more reasonable gear, it achieves
the comprehensive optimization of dynamic and economy performance.

(2) High efficiency and reduced NVH: the following measures can be taken
to improve the transmission efficiency: multi-speed transmission; reduce
the immersion height of the differential mechanism in the lubricating oil
and change the lubricating mode from traditional gear splash lubrication
to combination of gear splash lubrication and oil guide lubrication, so as to
reduce the churning loss of the lubricating oil; replace the traditional conical
bearing with ball bearing and roller bearing to reduce the bearing friction
loss; use efficient transmission lubricating oil. To meet the requirement
of noise reduction, the best match of the clutch and transmission shaft
with the transmission shall be considered in addition to the corresponding
measures taken for the transmission, such as precise control of the backlash
in circular tooth of the transmission matching gear, selection of appropriate
gear material, application of low noise bearing and full consideration to the
impact of the gear engagement on the transmission structure in the design
phase.

(3) Light weight and low cost: the light weight and low cost can be achieved
by use of advanced forming technology, reasonable plastics and other non-
metallic materials. The lightweight design of the transmission case based
on CAE can shorten the development cycle, reduce the development cost
and improve the product competitiveness.

(4) Further reduce the space occupied by the transmission and optimize the
space and size of all parts. Due to the application of the start-stop system,
a highly integrated solution with low cost and high reliability that can
identify the neutral and reverse is applied through the detection of reliable
neutral position signals.

Development trend of AT

Development trend of hydraulic torque converter: flattened hydraulic torque
converter, increasing torque ratio, extended locking range and sliding friction
range and improved hydraulic torque converter range. With the application of
the engine supercharging technique, the engine torque is increasing and higher
requirements are put forward for the vibration reduction of the transmissions.
The torque converter with centrifugal pendulum vibration absorber and the
torque converter with turbine vibration absorber are presented, significantly
improving the vibration damping performance of the torque converter. The
hydraulic part is optimized to improve the hydraulic torque converter capacity
and optimize the axial space.

Multi-speed AT. The 6~9 speed AT is gradually replacing the 4 or 5 speed trans-
mission. With the increased gears, the transmission may have a larger gear ratio
range and a reasonable gear ratio distribution. ZF has successfully developed
9AT and some companies are already working on 10AT.

AT modular design. The modular design is very obvious in AT, including modu-
larization of hydraulic torque converter, modularization of hydraulic valve body,



“

&)

(6)

(1)

2

3

Development Status and Trend of Transmission 19

modularization of clutch, modularization of brake, etc. According to different
user requirements, various schemes can be realized through different module
combinations, reducing the design changes, shortening the development cycle
and improving the product competitiveness.

Application of multiple solenoid valves. Multiple solenoid valves are adopted
to control the shift, which can significantly improve the shift quality. To control
the system pressure and achieve shift, six PWM solenoid valves with high flow
capacity are set in the 6AT of ZF, simplifying the valve body structure and
improving the comprehensive performance of the transmission. The transmis-
sion efficiency can be further improved if the leakage-free solenoid valve or the
near-leakage-free solenoid valve is used.

Component integration to reduce the mass. For example, the ZF6H26 employs
a gear called Lepetler, which reduces the mass of the gear train by 11 kg; in
AT50E/A750F of Toyota, 3 clutches are integrated into the same clutch hub;
the dog clutch used for ZFOHP is longer but smaller than the ordinary clutch
and looks like a spline; some transmission companies use magnesium alloy
transmissions, further reducing the weight of the transmission.

Use of new materials and new processes: the application of new lightweight and
high-strength materials and the application of the stamping forming technology
make great contributions to reducing cost and weight.

Development trend of CVT
Improve the CVT efficiency

(1) Reduce the cone disk pressing loss. The applied pressing force and the
adjustment and pressing force are optimized by using a torque sensor
to effectively reduce the flow of the hydraulic system in the adjustment
process, so that a smaller hydraulic pump can be used, which not only
reduces the fuel consumption of the pump, but also reduces the related
energy loss.

(2) Reduce the chain loss. The connecting piece and oscillation pin are used,
characterized by high efficiency, small size, reliable work and low noise.

(3) Reduce the hydraulic pump loss and use the low-energy electric hydraulic
pump.

(4) Reduce the CVT bearing loss and replace the hydraulic torque converter
with the clutch.

Reduce the CVT cost. With respect to the processing technology, the cone disk
group stamped by the steel plates can be used as the main part to reduce the
cost and weight and the shaft machined by cold extrusion can also be used to
reduce the cost; according to different market requirements, the dry clutch or
wet clutch can be used instead of the hydraulic torque converter to reduce the
cost; the CVT case may be optimized to reduce the weight and cost.

Comprehensive optimization of the engine and CVT precise control. The torque
sensor has been widely used, especially for small batch supercharged engines,
to optimize the pressing force and achieve precise control of CVT; it can be
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integrated with the engine for integrated control to further reduce the fuel
consumption and emission.

Increase the drive torque. Increasing CVT transfer torque has been the focus
of research and development. The new structure of CVT drivetrain, such as
the steel belt designed by BOSCH using new flexible ring materials, with better
dynamic performance, lower cost, higher efficiency and smaller center distance,
can transfer higher torque. The modular design can meet the special customer
requirements in the rapidly developing market, shorten the R&D cycle, and
improve the market competitiveness. The CVT is one of the coupling mech-
anisms between the HEV engine and the drive motor. An HEV with a CVT
drivetrain can reduce the fuel consumption by 30% and emissions by 50%.

Development trend of DCT

Wide gear ratio, multi-speed and light weight: achieve the wide gear ratio,
multi-speed and light weight on the premise of ensuring transmission efficiency.
Modular design: e.g. electro-hydraulic actuator of the motor-controlled DCT,
gear selecting and shifting actuator and wet dual clutch.

Integrated control: the DCT control is combined with engine, ABS, ESP, EPS
and ACC control to realize the integrated control of the powertrain, improve the
performance of the powertrain and optimize the control effect.

Hybrid powertrain: the DCT is combined with the motor/generator to form the
hybrid powertrain, enabling separate engine drive, separate motor drive, and
combined engine and motor drive. When braking, the motor/generator is in the
generating state, and the kinetic energy of the vehicle is converted into electric
energy and stored. This scheme provides the HEV with a dynamic coupling
device that is easy to implement.

Integration and intelligence: all functions of the transmission are integrated into
one unit to reduce the fault sources and improve reliability. In terms of control
strategy, adaptive control, fuzzy control and other intelligent control methods
are adopted to improve the adaptive ability of DCT.

Development trend of AMT

Powertrain integration: the AMT control is combined with engine, ABS, ESP,
EPS and ACC control through integrated control to realize the integrated control
of the powertrain, improve the performance of the powertrain and optimize the
control effect.

Use of new structure: for example, ZEROSHIFT has developed a new AMT
technology that uses a series of sliding claws and tooth sockets to allow both
gears to engage at the same time when shifting gears. It has all the advantages
of a dual clutch, with a simple design and low cost.

Hybrid powertrain: the AMT is combined with the wheel-side motor/generator
to form the hybrid powertrain, enabling separate engine drive, separate motor
drive, and combined engine and motor drive. During the shift, the motor drives
the vehicle to improve the dynamic performance of the vehicle; when braking,
the motor/generator is in the generating state, and the kinetic energy of the
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vehicle is converted into electric energy and stored. This scheme provides the
HEV with a dynamic coupling device that is easy to implement.

(4) Integration and intelligence: all functions of the transmission are integrated into
one unit to reduce the fault sources and improve reliability; in terms of control
strategy, adaptive control, fuzzy control and other intelligent control methods
are adopted to improve the adaptive ability of AMT.

In conclusion, due to the increasing traffic congestion and the increasing number
of female drivers, more and more users choose automatic transmission for the conve-
nience of driving; the AT technology continues to be mature, the quality and efficiency
are improving and the coverage of models is increasing; in recent years and in the next
few years, most of the AT in mass production is DCT, and the output of Chinese and
European models based on DCT will exceed that of Japanese models based on CVT;
6AT has entered the mature stage, and the AT with more gears will be mainly applied
to high-end models. The overall market share of AT is flat or slightly decreased; the
market share of the AMT will increase slightly due to fuel consumption and cost. The
self-owned brand AT is increased mainly due to the decrease of DCT and MT, but
the reduction rate will not be too fast due to the limitation of consumers’ purchasing
power. The substantial incentives taken by the government in taxation, subsidies and
other aspects are the main reason for the rapid growth of the NEV market. In order
to meet the fuel consumption standard of 5 L/100 km in 2020, enterprises need to
vigorously develop new energy vehicles.
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Chapter 2 ®)
Manual Transmission Becit

2.1 Overview

Despite the rapid development of automatic transmission technology, the traditional
engine-matched manual transmission (MT) will continue to play an important role
for some time to come, mainly because of its low cost, high efficiency and reliable
operation. At present, 5 speed MT is mainly used in China, and some cars start to
carry 6 speed MT, covering SUV, middle-sized and compact vehicles. The 6 speed
MT will gradually become the mainstream. ZF and BMW are developing the 7 speed
MT.

By the engine and drive shaft connection mode, the MT may be classified into
FF layout, FR layout and RR layout; by the form and arrangement form of the shaft,
the MT can be classified into two-shaft and three-shaft MT; by the gear type, the
MT can be classified into spur gear and helical gear types; by the synchronizer type,
the MT can be classified into constant pressure, inertial and inertial boost types and
the most widely used type currently is the inertial synchronizer of the structures
including slide, lock pin, lock ring and multi-cone types; by the number of gears,
the MT can usually be classified into 5, 6 and 7 speed transmissions. The FF layout
is mostly used for the cars. With the multi-speed development and restricted by the
spatial and axial dimensions of the transmissions, the three-shaft 6 speed or 7 speed
transmission will gradually become the mainstream transmission.

2.2 Transmission Drive Mechanism

An MT mainly consists of the powertrain, shift system, lubrication system and case.
The powertrain consists of the input shaft, output shaft, gears, bearing, synchronizer
and differential mechanism; the shift system consists of the shift fork, gear shifter
shaft, self-lock device and interlock device. Figure 2.1 is the structural diagram of
MT. The transmission has 6 forward gears and 1 reverse gear (R gear) and is of
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Case and lubrication system
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Shift system

Case and lubrication system

Powertrain

Fig. 2.1 Structural diagram of MT

3-parallel shaft structure (1 input shaft and 2 output shafts). It has been widely used
in the FF passenger vehicles because of its small axial distance and easy spatial
arrangement. Figure 2.2 shows the MT drive diagram, where, gl—-g17 are gears and
S1-S4 are synchronizers. The drive lines of all gears are as follows:

1 speed drive line: clutch C — input shaft — gear g2 — gear g9 — left shift
of synchronizer S1 — output shaft 1 — gear g7 — gear gl7 — differential
mechanism — wheel.
2 speed drive line: clutch C — input shaft — gear g3 — gear gl0 — right shift
of synchronizer S1 — output shaft 1 — gear g7 — gear gl7 — differential
mechanism — wheel.
3 speed drive line: clutch C — input shaft — gear g5 — gear g12 — right shift
of synchronizer S2 — output shaft 1 — gear g7 — gear gl7 — differential
mechanism — wheel.
4 speed drive line: clutch C — input shaft — gear g4 — gear gl1 — left shift
of synchronizer S2 — output shaft 1 — gear g7 — gear gl7 — differential
mechanism — wheel.
5 speed drive line: clutch C — input shaft — gear g4 g4 — gear gl5 — left
shift of synchronizer S3 — output shaft — gear g13 — gear g17 — differential
mechanism — wheel.
6 speed drive line: clutch C — input shaft — gear g6 — gear gl6 — right shift
of synchronizer S3 — output shaft 2 — gear gl3 — gear gl7 — differential
mechanism — wheel.
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Fig. 2.2 MT drive diagram

s

i)

25
gl?
i |
—_ T : 3
it )
28 | ¢9 -
' glo ] el gl2 -
= © &
4 | — —_1 £
o ——
o e =]
Sl s2 -
LT = |6
T l s o ;__ g4 g5 8 E
[ e 1 (02 = ©n
R B
d ! (=
c 1 :—— =
I
— — [
— T T S
" | T [ .
p— ~
5 i — =
13 54 ¢ls S3 al6 %
=
g|l 5 (4]
R

R speed drive line: clutch C — input shaft — gear gl — gear g8 — gear gl4
— left shift of synchronizer S4 — output shaft 2 — gear g13 — gear gl7 —
differential mechanism — wheel.

Based on the above analysis, the gear ratios of all gears are shown in Table 2.1.
The number of teeth of each gear is represented by Z;, and the subscript i corresponds
to the gear label in Fig. 2.2. In reverse gear, the input shaft rotates in the opposite
direction to the output gear of the main reducer; in other gears, the input shaft rotates
in the same direction as the output gear of the main reducer.

Table 2.1 Gear ratio of each gear

Gear K 1 2 3 4 5 6 R
. ZoxZi7 Z10xZ17 ZiaxZy7 Z11XZ17 Zi5xZ17 Zi6xZ17 Z14xZy7
Gear ratio igx Z2x77 Z3x77 Zsx77 Z4x77 Zax 713 Z6xZ13 Z1x213
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2.3 Synchronizer

As an important part of MT, the synchronizer has a very important impact on the
main technical indicators of the transmission such as shift portability and smoothness,
can reduce the shift force on the shift knob, and reduce the shift impact and driver
fatigue. An ideal synchronizer should have good synchronization performance and
locking performance, which can not only achieve the shortest synchronization time
with small shift force, but also ensure that the synchronizer clutch and lock ring will
not enter the joint when the angular velocity is not consistent at the input and output
ends.

At present, all synchronizers adopt the principle of friction, that is, the friction
moment is generated on the working surface to overcome the inertia moment of the
meshed part, so as to reach the synchronization status in a short time and change
gears easily.

I. Structure and characteristics of synchronizer

There are constant pressure, inertial and inertial boost synchronizers, of which, the
inertial synchronizer is most widely used. The lock ring type inertial synchronizer
is mainly used for the passenger cars and light trucks, as shown in Fig. 2.3, and
mainly consists of the mating spline, synchronous ring, synchronizer splined hub,
synchronizer clutch, locking slider and spring.

The mating spline and the drive gear are combined into one. When the gear is
engaged, the mating spline meshes with the spline inside the synchronizer clutch to
drive the driving moment. The cone angle of its external conical surface is equal to
that of the synchronous ring. When the gear is engaged, the external conical surface
and the synchronous ring generate a synchronous friction moment.

The synchronous ring is a conical ring with grooves on the internal conical surface
that can destroy the oil slick and rapidly discharge the lubricating oil. These grooves
can be radial or circumferential. On the external conical surface, there are usually
uniformly distributed notches equal to the number of sliders to hold and push the
locking slider; in addition, there are short lock teeth and the included angle between
the bevels of the lock teeth is the lock angle. When the mating spline synchronizes
with the synchronizer hub, these bevels allow the synchronizer clutch to slip in with
a slight rotation.

The synchronizer splined hub is connected to the shaft through the spline on the
inner diameter, and the spline is also processed on the outer diameter. The spline
is connected to the synchronizer clutch, and the loading lock sliders are evenly and
uniformly distributed on the outer side of the synchronizer hub.

The splines connected to the synchronizer hub are processed on the inner ring
of the synchronizer clutch; large circumferential grooves are processed on the outer
ring to place the shift fork. The whole gearshift operates the shift fork axially and
then acts on the synchronizer clutch.

The locking slider and spring constitute a central locking and positioning mech-
anism. Usually, there are three or four pairs of locking and positioning mechanisms
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Fig. 2.3 Lock ring type
inertial synchronizer. 1,
8—mating spline, 2,
7—synchronizer splined
hub, 4—synchronizer clutch,
5—Ilocking slider, 6—spring

evenly distributed, whose function is to keep the synchronizer clutch in the middle of
the synchronizer hub between two gears in the neutral position and keep the synchro-
nizer clutch in the neutral position under the action of certain axial force. When the
axial force does not reach a given value, the synchronizer clutch is prevented from
sliding axially in relation to the synchronizer hub.

I1. Shift process of synchronizer

The shift process of the synchronizer is mainly divided into the following 6 stages,
and the states of each stage are shown in Fig. 2.4.

Stage 1: the synchronizer clutch is not meshed with the mating spline and is in the
neutral position, as shown in Fig. 2.4a. At this point, even if the clutch is engaged,
the transmission cannot drive the torque, the wheel cannot rotate and the vehicle
remains stationary. The locking slider is pressed on the inner circumference of
the synchronizer clutch under the action of the spring force and the bump on
the surface of the locking slider inhibits the axial movement of the synchronizer
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(a) Stage 1: neutral position (b) Stage 2: locking slider and synchronizer
clutch action

(c) Stage 3: synchronizer action and speed (d) Stage 4: synchronizer staggering after
synchronization synchronization

(e) Stage 5: synchronizer clutch in contact with (f) Stage 6: synchronizer clutch and mating
mating spline spline are engaged

Fig. 2.4 State of each stage in the synchronizer shift process
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clutch. The synchronizer clutch remains in its natural state under the external
force within a certain limit.

Stage 2: The driver manipulates the gear shift lever towards the selected gear, the
action of the shift fork is transferred to the synchronizer clutch, and the synchro-
nizer clutch and locking slider act, as shown in Fig. 2.4b. When moving towards
the selected gear, the locking slider is pressed on the side of the synchronous ring.
Under this force, the synchronous ring is in contact with the integrated cone of the
mating spline. Because of the speed difference between the synchronous ring and
the mating spline, the synchronous ring can only rotate within the range allowed
by the locking slider mounting groove, and the lock chamfer on the end face of the
synchronizer clutch and that of the synchronous ring turn to opposite positions.
This state is called the flag state of synchronization.

Stage 3: The locking slider stops here, the synchronizer clutch further moves
towards the mating spline and the lock chamfer on the end face of the synchronizer
clutch is in contact with that of the synchronous ring, as shown in Fig. 2.4c.
At this time, the synchronous ring presses on the conical surface of the mating
spline, producing the friction moment. The driving moment of the input shaft
— synchronizer splined hub — synchronizer clutch is transferred to the mating
spline and the speed starts to synchronize. In order to ensure reliable contact and
smooth shift, there are many tricks for the shape selection of lock chamfer on the
end face of the synchronizer clutch and that of the synchronous ring, which are
the key of MT design.

Stage 4: the synchronizer clutch is fully synchronous with the mating spline, as
shown in Fig. 2.4d. The friction moment between the synchronous ring and the
conical surface of the mating spline gradually disappears. In this state, the synchro-
nizer clutch continues to move towards the mating spline. While the contact
surface between the chamfer of the spline on the end face of the synchronizer
clutch and the chamfer of the synchronous ring slides, the synchronizer clutch
moves towards the meshing direction with the mating spline and enters the so-
called turning stroke (stagger). The moment generated by the synchronizer clutch
chamfer and synchronous ring chamfer in the turning process affects the shift feel.
It is one of the MT design parameters and the key of MT design.

Stage 5: the synchronizer clutch continues to move towards the mating spline, and
the spline chamfer of the synchronizer clutch comes in contact with the mating
spline, as shown in Fig. 2.4e. During the shift, the control force of the gear shift
lever is small and the synchronizer clutch has been fully synchronous with the
mating spline. In order to prevent noise and ensure relatively smooth engagement,
it is still critical to design the chamfer shape.

Stage 6: the synchronizer clutch continues to move towards the mating spline, the
synchronizer clutch is fully engaged with the mating spline and the shift finishes,
as shown in Fig. 2.4f. The drive shaft — synchronizer splined hub — synchronizer
clutch — synchronous ring are mechanically connected with the mating spline
and are in the integral rotation state. The engine torque and speed are converted
to the corresponding transmission output torque and speed according to the gear
ratio of the selected gear and transmitted to the wheel via the transmission output
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shaft and then via the differential mechanism. In the state of torque drive, the
contact surface between the synchronizer clutch and mating spline needs to bear
a large drive torque, which shall be easy to mesh and cannot be out of gear.

III. Working principle of synchronizer and determination of main parameters

1. Working principle of synchronizer

The gear shall be disengaged before shift, so that the transmission is in neutral
position. The output end of the transmission is connected to the vehicle and has a
considerable rotational inertia, so the speed at the output end of the synchronizer
connected to the output end of the transmission is constant at the moment of shift,
while the speed at the input end of the synchronizer is different from that at the output
end. The speed at the input end of the synchronizer can achieve consistent with that
at the output end through the friction moment of the synchronizer. Assuming that the
churning loss at the input end of the synchronizer and the bearing friction moment are
ignored, the following moment equation can be obtained by using the synchronizer
diagram shown in Fig. 2.5:

d Wi
T = Ji— 2.1

where: T;,—friction moment of synchronizer;

J;—rotational inertia at the input end of the synchronizer;

wj—rotational angular velocity at the input end of the synchronizer;

t—time.

The axial force acting on the synchronizer through the gear shift lever has the
following relationship with the friction moment of the synchronizer

FuR
T, =& 22)
sin o
Fig. 2.5 Synchronizer N
diagram
o

J;

.'.'{/ /
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Fig. 2.6 Force analysis of

i hronous rin
locking surface Synchronous ring

5

Synchronous gear sleeve

where: F—axial force acting on the synchronizer;

u—friction factor between working faces;

R—mean radius of conical surface;

a—cone angle.

Assuming that the difference between the rotational angular velocities at the input
and output ends of the synchronizer is Aw and the velocity is synchronous at the
time At, the friction moment equation at the time of synchronization is

FuR A
RE_ 22 2.3)
At

sin o0

At the synchronizer action shown in Fig. 2.4c, i.e. the speed synchronization stage,
the lock chamfer on the end face of the synchronizer clutch is in contact with that of
the synchronous ring. The force analysis of the locking surface is shown in Fig. 2.6
and the axial force F and tangential force F, are as follows:

F = Nsinp + u; cosp 2.4)
where: N—positive pressure acting on the locking surface;

B—Iock angle;
ps—static friction factor between the locking surfaces.

F, = N(cos B — ugsin B) (2.5)

where: Fz—tangential force acting on the synchronous ring.
From formulas (2.4) and (2.5)

Fo— F(cos B — uy sin B)
"~ sin B+ g cos B

(2.6)

The tangential force F7 acting on the synchronous ring forms
aring toggle moment My
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My = F.R, Q2.7)

where: Rg—pitch radius of synchronous ring lock chamfer.
To ensure synchronization before shift, the locking condition of T, > Mt must
be met, i.e.

MR Ry(sin B — p; cos f)

- = : (2.8)
sin 8 cos B+ s sin B
If s = 0, formula (2.8) is
UR
>t 2.
Rssinﬂ_anﬂ 29)

The formula (2.9) is used to determine the lock angle required for locking. For easy
shift of cars, § = 105°-125°, so that a larger ring toggle moment can be generated.

2. Calculation of rotational inertia

The rotational inertia at the input end of each gear of synchronizer shall be calculated
during the shift. Taking the MT drive diagram in Fig. 2.2 for example, this part of
rotational inertia includes the rotational inertia of the input shaft and its connecting
gear, the rotational inertia of the clutch driven plate and the rotational inertia of the
constant mesh gear in the input shaft gears.

The basic relation of the rotational inertia conversion is as follows

Z,\?
J; = JB<—> (2.10)

where: J,—rotational inertia after conversion;
Jg—converted rotational inertia;
Zz—number of teeth in the converting shaft;
Zg—number of teeth in the converted shaft.
The rotational inertia converted to the input shaft in the neutral position is

Ji=Jr+Jgp+ N+ Db+ B+ ds+ s+ Jg (2.11)

where: J| —rotational inertia of the clutch driven plate;
Jg—rotational inertia of the input shaft and its connecting gear;
J;—rotational inertia converted by the gears g8 and g14 to the input shaft;
J,—rotational inertia converted by the gear g9 to the input shaft;
J;—rotational inertia converted by the gear g10 to the input shaft;
J4—rotational inertia converted by the gears gl11 and g15 to the input shaft.
Js—rotational inertia converted by the gear g12 to the input shaft;
J¢—rotational inertia converted by the gear g16 to the input shaft.
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J = Zl 2+J Zl 2 (2 12)
SR A s\ 7., '
Jy = Z3% (2.13)
2=\ 7, '
B = Z Y’ (2.14)
3= Ja10 Zn .
J = Z4 2+J Z4 g (2 15)
4 = Jgll le gls le .
Js = zs\* (2.16)
5 = Jgl2 70 .
Jo = <26 )2 (2.17)
6 = Jgl6 71 .

where: Jgg—rotational inertia of gear g8;

Jgo—rotational inertia of gear g9;

Jgio—rotational inertia of gear g10;

Jo11—rotational inertia of gear g11;

Js1p—rotational inertia of gear g12;

Jg14—rotational inertia of gear g14;

Jg1s—rotational inertia of gear g135;

Jg1s—rotational inertia of gear g16.

See Table 2.2 for the rotational inertia at the input end of the synchronizer at each
gear.

3. Calculation of angular velocity difference

The angular velocity of the parts at the input end of the synchronizer changes before
and after the shift, while the vehicle speed may be deemed unchanged before and after
shift. Therefore, the angular velocity of the parts at the input end of the synchronizer
before and after shift can be calculated by the speed. Combined with Fig. 2.2, when
the vehicle speed is v (m/s) and the wheel radius is r (m), taking the conversion of
gear 3 to another gear for example, the angular velocity difference of the parts at the
input end of the synchronizer before and after shift is analyzed, as shown in Table 2.3.

Table 2.2 Rotational inertia at the input end of the synchronizer
Gear 1 2 3 4 5 6 R

Rotational inertia at the input (Zg )2 (ZIO )2 (le )2
end (X Jyk) 23 Zs

/N
N‘N
=N
SN—
S}
/
NN
==
—
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Table 2.3 Angular velocity difference of the parts at the input end of the synchronizer before and
after shift

Gear k 1 2 3 4 5 6
. z z z z z Z
(a) Angular velocity of the parts at the Z—é Z—]‘O Z—fz Z—{‘] Z—l“s Zlﬁ(,

input end of the synchronizer before

. Vi
shift <>< %)
Zs Zs Zs Zs Zs Zs

(b) Angular velocity of the pgrts at the | Zs 7o 7o 7 7 7
input end of the synchronizer after shift

()
(c) Angular velocity difference of the parts | (a)—(b) | (a)—(b) | (a)—(b) | (a)—(b) | (a)—(b) | (a)—(b)
at the input end of the synchronizer

before and after shift (>< @)

(d) Angular velocity rise and fall at the Rise |Rise |- Fall Fall Fall
input end of the synchronizer

4. Maximum line velocity of synchronous ring
The friction line velocity u of the synchronous ring plays an important role in the
thermal stress. The friction surface temperature increases exponentially with the

increase of the line velocity and the maximum line velocity under the maximum
angular velocity difference Awmax is

umax = Ry Awmax (2.18)
5. Resistance moment Ty of synchronous ring

It is difficult to calculate the resistance moment Ty of the synchronous ring at each
gear. Table 2.4 shows the resistance moment Ty; measured at the input shaft when
the fuel temperature is 80 °C and their relationship is

Ty = Tyiige (2.19)
where: i;—gear ratio from the input shaft to the synchronizer;

2—fuel temperature correction factor, taken 1 at the room temperature. The factor
will be greater than 1 with the decrease of the temperature.

Table 2.4 Resistance moment Ty; measured at the input shaft at the fuel temperature 80 °C

Empirical value Passenger vehicle Commercial vehicle Vehicle with auxiliary
transmission

Resistance moment 2-5 4-8 10-141

Tvi/(N m)
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6. Synchronous ring friction moment T, considering resistance moment Ty,

In the synchronization process, the synchronous ring friction moment T; considering
resistance moment Ty may be expressed as

Aw
Tr=—Ju—-T, (2.20)
IR

where: tg—synchronization time.

In the upshift, Aw < 0, the resistance moment 7, and the synchronous ring friction
moment Tk have the same direction and work together, favorable for shifting; in the
downshift, Aw > 0, the resistance moment 7}, and the synchronous ring friction
moment T are in different directions and work together, not favorable for shifting.

7. Sliding friction work W

The relationship of the sliding friction work W with Aw, T, and tg in the
synchronization

1
W = _g(J,kAa)2 + T, Awtg) (2.21)

In the upshift, Aw < 0, the resistance moment 7, reduces the sliding friction
work W; in the downshift, Aw > 0, the resistance moment 7, increases the sliding
friction work W.

8. Sliding friction power P

(2.22)

9. Stress per unit area o

The synchronous ring contact pressure N is generated under the action of the shift
force F during synchronization. The stress per unit area o under the contact pressure
Nis

o= (2.23)

where: Ag—sum of all friction areas of the synchronizer.

10. Lock Angle

There is a drag torque between the MT clutch and its drive mechanism. Even if the
input and output of the synchronizer are fully synchronized, the synchronizer clutch
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Fig. 2.7 Relationship between shift force and drag torque Tz

shall pass through the synchronous ring and overcome the rotational input of the
drag torque under the shift force to fully engage with the soldered teeth. Therefore,
the drag torque 7', and the shift force F must satisfy the following relationship

FR(cos B — g sin )

T, < -
sin 8 4+ u, cos B

(2.24)

Figure 2.7 shows the relationship between the shift force F and the drag torque
T,. With respect to a lock angle, only when the rotating torque generated by a certain
shift force F is greater than the drag torque, can the synchronizer clutch be fully
engaged with the soldered teeth. That is, the gear can be engaged only when the drag
torque is below the curve. With the decrease of the lock angle, the drag torque 7',
can be overcome increases.

11. Shift force

The actual shift force applied by the driver is largely dependent on the driving style,
temperature and road conditions. When the temperature is low, the transmission drag
torque is high, the shift force is increased and the shift time is longer. Table 2.5 lists

Table 2.5 Standard values of value shift force and synchronization time

Standard value Gear Passenger vehicle Commercial vehicle
Shift force/N Gear 1—top gear 80-120 180-250
Synchronization time/s Gear 1—top gear 0.15-0.25 0.25-0.40
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Fig. 2.8 Relationship between shift force and synchronization time

the acceptable standard values of shift force and synchronization time, and Fig. 2.8
shows the relationship between the shift force and synchronization time.

IV. Main evaluation indicators of synchronizer

(D
2
3)
“4)
(&)

Synchronization time: conform to Table 2.5.
Shift force: conform to Table 2.5.
Maximum line velocity of synchronous ring: conform to Table 2.6.
Compressive stress per unit area: conform to Table 2.6.
Sliding friction work: conform to Table 2.6.

Table 2.6 Designed allowable value for the formation of friction pairs between steel and certain

materials

Synchronous | Friction Maximum line | Sliding Sliding friction | Compressive

ring factor velocity/(m/s) | friction work | power per unit | stress per unit
per unit area/(W/mm?) | area/(N/mm?)
area/(J/mm?)

Special brass | 0.08-0.12 |5 0.09 0.45

Mo-sprayed | 0.08-0.12 |7 0.53 0.84

Sintered 0.08-0.12 |9 1.00 1.50

material
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(6) Sliding friction power: conform to Table 2.6.

(7) Reliability: the synchronizer works reliably under various operating condi-
tions. In particular, it is necessary to ensure reliable shift at low temperature,
prevent forced engagement when the input and output speeds are out of sync,
and prevent spontaneous out-of-gear after full engagement.

(8) Life: generally more than 150,000 km for passenger vehicles and more than
1,200,000 km for commercial vehicles.

(9) Cost: including development costs and manufacturing costs.

(10) Quality and installation space requirements.

2.4 Transmission Operating Mechanism

The transmission operating mechanism shall ensure that the driver can accurately
and reliably engage the transmission into any required gear and can make it back to
neutral at any time. The transmission operating mechanism shall meet the following
requirements:

(1) Only one gear is allowed when shifting, usually by means of the interlock device.

(2) Intheshift, the gears shall be engaged on the full length of the teeth and prevented
from automatic spontaneous out-of-gear.

(3) Areverse lock is usually used to prevent accidental engagement of reverse gear.
When the transmission begins to engage the reverse gear, it draws attention of
the driver that obvious hand feel is generated from large resistance as a result
of the role of the reverse lock.

The transmission operating mechanism can be divided into two types: direct and
indirect control. In the direct control transmission operating mechanism, the trans-
mission is arranged in the lower part of the cab and the gear shift lever is extended
from the cab floor besides the driving seat. It is of simple structure and convenient
operation, but it requires the equal stroke of each gear shift. It has been applied
in the FR vehicles. In the indirect control transmission operating mechanism, the
transmission is arranged far away from the driving seat. The operating mechanism
shall have sufficient stiffness and the gap at the connection points shall be small,
otherwise it will affect the feel when shifting gears. Figure 2.9 shows the indirect
control transmission operating mechanism, which mainly consists of the gear shift
lever, cable and select-shift actuator.

1. Gear shift lever

The gear shift lever, as a part of the transmission assembly and a component of
the human-machine interaction device, is to change the gear ratio of the automotive
transmission through the driver’s control to realize the change of the vehicle driving
gear. The gear number and position of MT of various models are not the same, but
the gear arrangement principle is basically the same: the forward gear progressively
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Fig. 2.9 Indirect control

P . . g \ )
transmission operating Cable Gear shift lever- ¥ /
mechanism

increases from top down, first left and then right; the reverse gear is in the upper left
or lower right corner; the neutral is in the horizontal middle position. Figure 2.10
shows the gear arrangement of the commonly used hand shift lever.

Fig. 2.10 Gear arrangement
of the commonly used hand [ﬁ] I—_]—l
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Tal?le 2.7 Product curvature Outer diameter of protective | Minimum working curvature
radius .

tube/mm radius/mm

<8 150

>8 200
II. Cable

The transmission control cable assembly is to change the displacement of the gear
shift lever action into the angular or linear displacement of the select-shift actuator. In
order to accurately realize the correspondence between the gear of the gear shift lever
and the actual gear, the cable assembly needs to meet the following requirements in
terms of performance:

(1) In terms of the efficiency, the push and pull load efficiency of the cable shall
not be less than 80% and the stroke efficiency shall not be less than 90%.

(2) The gap between cables shall not be greater than 1.6 mm before durability and
not be greater than 2 mm after durability.

(3) The pulling-out force between the core wire and the core wire joint shall not be
less than 1500 N, and between the protective tube and the protective tube joint
shall not be less than 1500 N.

(4) The cable can still be pulled freely and its sliding resistance is not more than
5 N when it is bent 360° under the minimum working curvature radius specified
in Table 2.7.

(5) The cable is tested at 130 °C (150 °C in hot region) and —40 °C (—60 °C
in cold region) respectively after bending 360° under the minimum working
curvature radius specified in Table 2.7. No melting, cracking or other abnormal
phenomena can occur after the test.

(6) After the waterproof performance test, the dust cover is removed and there
should be no water vapor, water drops and other phenomena in the cable.

II1. Select-shift actuator

The select-shift actuator of the longitudinal MT of the engine and transmission is
relatively simple and the gear shift lever is mounted directly on the transmission.
However, the select-shift actuator of the horizontal MT of the engine and transmission
is away from the gear shift lever and the driver’s control of the gear shift lever must
be transmitted to the select-shift actuator The usual approach is to divide the driver’s
control of the gear shift lever into front and rear, left and right halves, which are
connected to the transmission select-shift actuator with the shift cable and the select
cable, respectively. For example: as shown in Fig. 2.10, the gear shift lever has two
actions, i.e. front and rear action for shifting (gear engagement and disengagement),
left and right action for gear selecting; with respect to the select-shift actuator in
Fig. 2.11 (with the gear arrangement shown in Fig. 2.10a), to engage the gear shift
lever in the gear 1 from the neutral, the driver shall first transfer the action through the
select cable and change the direction through the select linkage. The select-shift shaft
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Fig. 2.11 Transmission select-shift actuator

of the transmission moves up and down and selects the gear 1. Then the shift cable
transfers the action and the select-shift shaft in the shift linkage rotates to engage the
gear 1.

Figure 2.12 shows the structure of the transmission select-shift actuator. The
select-shift shaft assembly of the select-shift actuator may be moved up and down
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R gear shift fork
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Linear bearing Change-over
mechanism

Fig. 2.12 Structure of select-shift actuator
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and may also be rotated. Around the assembly is equipped with the select locating
ball spring seat assembly, shift locating ball spring seat assembly and shift locating
plate. The locating ball in the select locating ball spring seat assembly is pressed in
the V-groove on the side of the select-shift shaft under a certain spring force. When
the select-shift shaft moves up and down, the locating ball rolls up and down along
the V-groove, forming a sense of resistance in the direction of the gear selection.
The locating ball in the shift locating ball spring seat assembly is pressed in the axial
V-groove below the select-shift shaft under a certain spring force. When the select-
shift shaft moves left and right, the locating ball rolls up and down along axial V
bevel, forming the shift feel in the shift direction. The select locating ball spring seat
assembly and the shift locating ball spring seat assembly also play a role in limiting
the up-and-down movement and rotation of the select-shift shaft. The shift locating
plate is installed in the select-shift shaft assembly near the case. A locating pin on
one side of the case is loaded into the groove of the shift locating plate to play an
interlock role.

Move up and down to select the shift fork. The gear shift lever shown in Fig. 2.10a
has 4 shift forks including reverse gear. The number of gear shifter shafts corresponds
to the gear arrangement form of the gear shift lever, and 4 shift forks are installed in
the respective gear shifter shafts.

During shift, the shift fork selected by the select-shift actuator moves horizontally
to achieve gear disengagement or engagement.

2.5 Determination of Gear Ratio

The vehicle is subject to various drag forces in the process of driving. In order to
overcome these drag forces, the wheels must be provided with a certain traction and
power, which is accomplished by the driving system. The driving system consists of
engine, clutch, transmission and main reducer. Different tractions are required under
different driving conditions and different gear ratios are used to adapt to different
requirements. The gear ratio has a great influence on the dynamic and economy
performance of the vehicle, so it is necessary to choose the appropriate gear ratio to
make the characteristics of traction and power closer to the ideal state.

I. Analysis of ideal characteristics of vehicle

In the case of low road grade, the vehicle driving equation is

CpAV?

F, = mgf + mgi
r=mghtmgl+ s

+ 8ma (2.25)

where: F.—traction (N);
m—yvehicle mass (kg);
g—acceleration of gravity (9.8 m/s);
f—rolling resistance coefficient;
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i—slope;

Cp—coefficient of air resistance;
A—frontal area (m?);

V—vehicle speed (m/s);

d—correction coefficient of rotating mass;
a—uvehicle acceleration (m/s?).

The power required for the vehicle driving is

Pl - F[V (2.26)

The traction and power required for the vehicle are shown in Fig. 2.13, where,
the value in the curve is i + ¢ The higher the value, the greater the gradeability or
acceleration required by the vehicle, and the greater the traction and power required
by the vehicle.

The traction and power that the driving system can provide are limited by the
following conditions: maximum engine power, maximum vehicle speed, and adhe-
sion coefficient of road surface. Based on the above limitations, the ideal traction
and power that the driving system can provide are shown in Fig. 2.14. Obviously,
Fig. 2.13 is very different from Fig. 2.14. In order for the driving system to meet the
vehicle needs, a transmission must be added.

II. Selection of maximum gear ratio

The adhesion coefficient of road surface, maximum gradeability, maximum acceler-
ation and minimum stable engine speed shall be considered for determination of the
maximum gear ratio.

The maximum driving force that can be transferred between the tire and the road
surface is limited by the adhesion coefficient of road surface, which must meet the
following equation

m=1080kg Maximum gradeability (acceleration)

| /=001 04
A=1.99m?

Cp=0.363
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300F f£=0.01

A=1.99m?
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i
g 3 5]
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e 2f
1004
0
d sof
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Fig. 2.13 Traction and power required by the vehicle
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Fig. 2.14 Ideal traction and power that the driving system can provide

F,<F,=Fyg (2.27)

A F,—maximum driving force that can be transferred by the road surface;

F,—normal reaction of driving wheel;

¢—adhesion coefficient of road surface.

In the low-gear and low-speed driving, the air resistance is negligible, and the
maximum driving force obtained is equal to that required, i.e.

.
~emaxlemaxh _ e (f cosa + sina) + Sma (2.28)

where: T .max—Maximum engine torque;

Igmax—Mmaximum gear ratio;

n——powertrain efficiencys;

r—wheel radius;

a—slope angle.

The following two limiting cases shall be considered for the maximum gear ratio
igmax: Maximum gradient that can be passed at an acceleration of 0; maximum accel-
eration of a level road. According to formula (2.28), the maximum gear ratio designed
from the maximum gradeability is

mgr(f cos o 4+ sin @)

lgmax =

(2.29)
Temaxn

When the driving force on the driving wheel is large and the vehicle must drive
steadily at a low speed, the maximum gear ratio of the powertrain is

igmax = 0,377 min” 1 =) (2.30)

min
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where: npni,—minimum stable engine speed;

V min—minimum stable vehicle speed;

s—slip ratio of driving wheel.

In formula (2.30), s = 0 in the actual design and the actual maximum gear ratio
takes the larger value above. Then the maximum acceleration on the level road under
the maximum gear ratio is

Temaxigmax  &f

= 2.31
amax Smr s ( )
II1. Selection of minimum gear ratio
If the driving wheel does not slip at high speed,
i min = 0377 —— 2.32)
# Vmax

where: n—engine speed.

Many factors shall be considered when choosing the minimum gear ratio. With
respect to a passenger vehicle, the running time at this gear may be up to 80%.
According to the differences in design types, there are three design schemes as
follows:

(1) Optimum gear ratio design: in order to convert the maximum engine power into
the highest performance, the resistance power must pass through the maximum
power point of the engine, namely the intersection point A of curves 2 and 4
as shown in Fig. 2.15. In this special case, it is very simple to combine the
maximum speed, engine power and gear ratio. It is only required to change the
engine speed n in formula (2.32) to the speed at the maximum engine power.

Fig. 2.15 Selection of 70
minimum gear ratio

Power/kW

1-ig=3.3
24,729
3-i=2.5

4-i;=Resistance power

0 50 100 150 200 250

Vehicle Speed/(km/h)
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This design scheme can well take into account the acceleration power reserve
and fuel economy at the top gear.

(2) Sports design: the sports design requires a large amount of power reserve at the
top gear. The available power intersects the resistance power at the descending
section of the engine, as shown at point B in Fig. 2.15. At this point, the minimum
gear ratio is larger than the optimum gear ratio.

(3) Economic design: the economic design requires that the resistance power be
close to the engine power at the top gear and pays attention to the fuel economy of
the vehicle. The available power intersects the resistance power at the ascending
section of the engine, as shown at point C in Fig. 2.15. At this point, the minimum
gear ratio is smaller than the optimum gear ratio. The minimum gear ratio
determined by this method is called energy saving gear, which shall make the
resistance curve close to the lowest fuel consumption curve. The highest speed
gear is the second top gear.

To sum up, among the three schemes to select the minimum gear ratio, the first
one gives consideration to both dynamic and economy performance, and can achieve
the highest speed; the second pays more attention to dynamic performance with poor
economy and can achieve a higher speed; the third pays more attention to economy
performance with poor dynamic performance and can achieve a lower speed than
the first two. The minimum gear ratio is selected as required in practical application.
The minimum gear ratio obtained from the economic design scheme may be deemed
as the top gear, while the minimum gear ratio obtained from the other two design
schemes can be selected as the second top gear.

IV. Determination of gear ratio spread

The gear ratio spread is the ratio of the maximum gear ratio to the minimum gear
ratio, mainly depending on the vehicle purpose, engine speed spread and specific
power of vehicle. Generally, the maximum gear ratio is determined by the starting
conditions, and the minimum gear ratio is determined by the fuel economy range or
maximum speed on the engine characteristic diagram. The formula of the gear ratio
spread is

. Igmax
1G.tor =~
Lemin

(2.33)

V. Selection of middle gear ratio

Different types of vehicles have different number of gears. Increasing the number
of gears will improve the dynamic and economy performance of the vehicle, but
will complicate the transmission structure and increase the cost and weight of the
transmission. With the increase of the fuel economy requirement, the transmission
tends to be multi-speed.
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The relationship between the gear ratios of two adjacent gears (speed ratio range
W) can be expressed as

lg k-1 ~ ftmax

v = (2.34)

igk — nTmax

The following shall be considered for the selection of middle gear ratio:

(1) If there are more gears, the working range of the low fuel consumption area
of the engine can be used more fully, so as to better give consideration to both
dynamic and economy performance of the vehicle. However, if the number of
gears is increased, the shift frequency, the weight and size of the transmission
will be increased accordingly.

(2) The driving distance at the low gear accounts for a small proportion and the
driving distance at the high gear accounts for a large proportion.

(3) The percentage of driving distance at each gear depends on the specific power,
road distribution, traffic conditions and driving style.

(4) The smaller the speed ratio range W, the easier the shift and the more fun it is
to drive.

(5) The thermal load of the synchronous ring is in direct proportion to the square
of the speed ratio range W.

Some of the above aspects are contradictory, so it is required to make a compromise
in the transmission design. Practice has proved that the geometric gear ratio range
and gradient gear ratio range are two effective calculation methods.

(1) Geometric gear ratio range: in the gear design, the theoretical value of the gear
ratio range among the gears is always equal, i.e.

P L S (2.35)

Giving the maximum gear ratio igmax, the minimum gear ratio igmin and m gears,

N r—— 030

. . . . . . 2 . . 1 .
lg1=1lgmax 1g2 =1g1/q 1g3 =1g1/q" 1gm = 1g1/q(m )= lgmin (2.37)

The geometric speed ratio range is mostly used in the commercial vehicle
transmissions, which avoids the overlap of the gears.

(2) Gradient speed ratio range: the gradient speed ratio range is used for the
passenger vehicle transmissions. The higher the gear, the smaller the range.
Table 2.8 shows the calculation results of the 6 speed transmission with the
maximum gear ratio of 13.752 and the minimum gear ratio of 2.637 under two
speed ratio ranges. Figure 2.16 shows the calculation results of the change in
the engine speed and driving force of different gears with the vehicle speed
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Table 2.8 Calculation results of 6 speed transmission in two algorithms

Gear 1 2 3 4 5 6
Geometric gear ratio (theoretical) | 13.752 |9.883 7.103 5.105 3.669 2.637
Adjacent gear ratio range 1.3915 |1.3914 |1.3914 |1.3914 |1.3914
Gradient gear ratio (theoretical) 13.752 |7.463 5.120 3.897 3.146 2.637
Adjacent gear ratio range 1.8428 |1.4575 |1.3139 |1.2389 |1.1929
Gradient gear ratio (actual) 13.752 |7.954 5.303 4.036 3.173 2.637
Adjacent gear ratio range 1.7289 | 1.4999 |1.3139 |1.2720 |1.2033
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Fig. 2.16 Calculation results of the change in the engine speed and driving force with the vehicle
speed under two speed ratio ranges. Calculation results of the change in the engine speed and driving
force with the vehicle speed under two gear ratio ranges

under two speed ratio ranges. Obviously, in the geometric speed ratio range, the
deviation between each gear and the engine power curve is small and this range
is suitable for the case where the use time of each gear is uniform; while in
the gradient speed ratio range, the deviation between each gear and the engine
power curve is different, large at low gear and small at high gear. Therefore,
this speed ratio range is suitable for the case where the use time is short at low
gear and long at high gear.
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2.6 Joint Working of Engine and Transmission

The engine and transmission shall be subject to joint working performance calcula-
tion after matching: calculation of vehicle dynamic performance, mainly including
the maximum speed, gradeability and acceleration capacity; calculation of vehicle
fuel economy, i.e. the ability of the vehicle to drive economically with minimal fuel
consumption under the condition of dynamic performance guaranteed. Generally,
the fuel economy is measured by the fuel consumption of a vehicle driving 100 km
under certain operating conditions or the mileage of the vehicle driving under a
certain amount of fuel.

L. Vehicle dynamic performance

1. Maximum speed

The maximum speed is the maximum speed a vehicle can travel on a level and good
road surface. Theoretically, the maximum speed refers to the intersection point of
the driving force curve and the driving resistance curve in the driving force diagram
(Fig. 2.17) or the intersection point of the driving power curve and the driving resis-
tance power curve. The actual measurement method is to maintain the average of the
maximum speed in both directions at the measurement distance of 1 km. The main
test conditions are: load the vehicle to half the load; level and dry road surface, and
favorable adhesion coefficient of road surface; maximum wind speed not exceeding
3 m/s; the vehicle must travel along the test track in both directions.

2. Maximum gradeability
The maximum gradeability refers to the road grade that a vehicle can climb when

all the remaining driving force is used for climbing at constant speed, which is used
to measure the climbing performance of the vehicle. As shown in Fig. 2.18, with the

Fig. 2.17 Maximum driving 77
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increase of the gear, the gradeability gradually decreases, and there is no gradeability
at gear 6.

3. Acceleration capacity

Acceleration capacity refers to the capacity of the vehicle to accelerate with all of
its remaining driving force on a level road, as shown in Fig. 2.19.

I1. Vehicle fuel economy

The specific fuel consumption b, at the working point at any time can be read from the
engine fuel consumption characteristic curve in Fig. 2.20. It is necessary to know the
engine speed and torque at this time, where the engine speed can be obtained directly
from the engine data or through formula (2.38); the engine torque can be obtained
either directly from engine data or through formula (2.39). Point A in Fig. 2.20 means
that the fuel consumption rate is 250 g/(kW h) when the engine speed is 3100 r/min
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Fig. 2.20 Engine fuel consumption characteristic curve
and the torque is 92 N m.
i,V
= —2 (2.38)
0.377r
Fir
T, = — (2.39)
ign
The engine power P, may be obtained through formula (2.40)
FV
P, = (2.40)
n
Fuel consumption per hundred kilometers Qs
1000, P, 100b, F,
Qs — ele _ el't (2 41)

pv on

where: b,—specific fuel consumption;
p—fuel density.
Calculation example of fuel consumption per hundred kilometers: with respect

to point A in Fig. 2.20, b, = 250g/kwh, P, = 9TSZ§ = 29.9kw, p = 755g/L, and

vehicle speed v = 0.3777 = 0. 377% km/h = 117 km/h at gear 6, then the

fuel consumption per hundred kilometers is O, = 8.46L/100 km.
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The fuel economy calculation is to calculate the fuel economy under the test
operating cycle as shown in Fig. 2.21, which mainly includes the calculation of fuel
consumption under the conditions of driving at constant speed, driving at constant
acceleration, driving at constant deceleration and idle shutdown.

1. Fuel consumption at constant speed

Under the driving condition at constant speed, the power provided by the engine
needs to overcome the rolling resistance and air resistance. If the speed is v, the
power to be provided by the engine is

P CoAv* 2.42

e =mgf + 2125 v/1 (2.42)

The abscissa of the engine fuel consumption characteristic curve in Fig. 2.20 is

changed from the engine speed to the vehicle speed and the ordinate is changed from

the engine torque to the engine power to form the engine characteristic performance

curve as shown in Fig. 2.22. Then the fuel consumption per hundred kilometers

under the driving condition at constant speed can be calculated according to formulas

(2.41) and (2.42). The fuel consumption Qconstant speed Of this section can be calculated
according to the given mileage or time.

2. Fuel consumption at constant acceleration

Under the driving condition at constant acceleration, the power provided by the
engine needs to overcome the rolling resistance and air resistance, as well as the
acceleration resistance. The power to be provided by the engine at a certain speed is

CpAv? dv
P, = CoAV Py 2.43
mef + S5 HomgVin (2.43)
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Taking the example of vehicle speed V, at the start, v, at the end and the
acceleration of dv/dt, the fuel consumption of this section is calculated.

(1) The driving section is divided into n = @ = V, — V, sections by 1 km
vehicle speed.

(2) Averagespeed V; =V, + ({1 — 0.5)%—\[/ atthe sectioni(i=1,2....... n)

(3) Timet; = vi of the sectioni (i=1, 2, ..., n).

(4) Power P.; of the section i G=12....... n), calculated from the formula
(2.43).

(5) Calculate the fuel consumption per hundred kilometers in the section i (i =
,2....... n) according to the formula (2.41).

(6) Calculate the fuel consumption Q; in the section i.

n
(7) Total fuel consumption Qcceleration = p_ Qi in the driving section with constant
i=1
acceleration.

3. Fuel consumption at constant deceleration

When decelerating, the throttle is released and slightly braked. The engine is in the
forced idle state, and its fuel consumption is that in the normal idle state. Taking the
example of vehicle speed v, at the start, v, at the end and the deceleration of dv/dt,
the fuel consumption of this section is calculated.

(1) Total deceleration time t = ';;'v_/gﬁ :

(2) If the idle fuel consumption rate is qq, the fuel consumption during deceleration
1S Qdeceleration = gat.
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4. Fuel consumption in idle shutdown

If the idle shutdown time is t5(s), the fuel consumption during idling is Qiqe = qat;.

With respect to a vehicle with start-stop system, the fuel consumption during
idle shutdown is mainly related to the temperature and not related to the idle shut-
down time. The fuel consumption in this period should be a function of the coolant
temperature and may be expressed as Qigie = f(temperature)-

5. Fuel consumption per hundred kilometers in the whole drive cycle

The fuel consumption per hundred kilometers in the test operating cycle as shown
in Fig. 2.21 is

_ Qconstant speed+ Qacceleration + Qdeceleration + Qidle

on S

x 100 (2.44)

where: S—driving distance in the whole cycle.

2.7 Shift Performance Evaluation

The shift performance evaluation mainly includes the evaluation of the shift perfor-
mance under static, dynamic and low temperature conditions and the evaluation
criteria range from 1 to 1, with 1 being the worst and 10 being the best. The subjec-
tive shift performance evaluation items listed in Table 2.9 are weighted and scored
according to the subjective shift performance evaluation criteria listed in Table 2.10.
The evaluation results of all items are represented by the spider diagram shown
in Fig. 2.23. Figure 2.24 shows the measurement results of the dynamic shift force.
There is a certain unsmooth resistance from gear 2 to the front segment of the neutral,
and a certain inhalation feel in the rear segment; from the neutral to gear 1, there is
a slight step sense, with large gear engagement force and obvious second impact.

2.8 New Technologies of MT

From the perspective of energy saving, MT mainly has three new technologies to be
applied: start-stop function, gear shifting indicator, and active speed control of the
engine during the shift.

1. Start-stop function
MT needs to realize the start-stop function, that is, the engine can be stopped auto-

matically when the vehicle stops and the engine idles, and the engine can be restarted
automatically when needed, so as to save fuel and reduce emissions. To achieve this



2.8 New Technologies of MT

Table 2.9 Subjective shift performance evaluation items

55

Item Static Dynamic Low temperature
Shift noise (0] (0]

Free clearance of gear (0] 0} o
Shift smoothness (0] (@)
Overshoot (0] (@)
Select force (0] (0] (0]
Accuracy 0} O
Shift safety (0] (0]
Static shift force (0]

Dynamic shift force o o
Shift force mode O (0] (@)
Second impact (0] (0]
Inhalation (0] (6] (0]
Irregular shift resistance o 0} O
Shift viscous resistance O (0] (0]
Abuse of the shift (0] (0]
Low temperature shift (0]
Upshift scratch (6] (0]
Low temperature scratch (@)
Clutch release (0] (6] (0]
Reverse locking O 0} O
Control force to restore the neutral (0] (0]
Gear shift lever vibration (0] (0]
Retention (0] (6] (0]
Ergonomics (6] (6] (0]
Shift stroke (0] (0] (0]

Note O is the item requiring subjective evaluation

function, it is required to install a neutral position switch on the transmission that can
detect whether it is in neutral. Figure 2.25 is the schematic diagram of the MT start-
stop function. The engine stops automatically in case of the vehicle speed below
a certain value, full of battery, brake vacuum large enough, allowed engine shut-
down (satisfactory water temperature and catalyst temperature), satisfactory safety
conditions (driver on the seat and engine hood closed), air conditioning defogging
state not requested, accelerator pedal release or neutral transmission; the engine may
be restarted automatically in case of low battery, air conditioning defogging state
requested and accelerator pedal pressed under neutral transmission or clutch release.
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Fig. 2.23 Spider diagram of shift performance evaluation results
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Fig. 2.24 Dynamic shift force. 1—Gear disengagement, 2—neutral, 3—synchronizer locating pin
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2. Gear shifting indicator

The EU Parliament and Council amended and added the provisions in the “Require-
ments for Gear Shifting Indicator (GSI) for M1 vehicles”, which came into force
on November 1, 2012 for newly finalized vehicles and on November 1, 2014 for
all new vehicles in production. Although there are no relevant provisions in China
currently and the gear shifting indicator is only visible in the joint venture and
imported high-end cars, it is still more worthy of promotion as the energy saving
function of the vehicle. Over the past few decades, the cutting-edge technologies
have been constantly used to improve fuel economy in vehicles, but few studies have
been conducted to improve fuel economy based on driving habits. The gear shifting
indicator is an indicator that suggests or prompts the driver when to shift gears while
driving. Shifting gears at the right time can mean lower fuel consumption, ensure
more efficient use of fuel, and reduce emissions, which can help novice drivers
grasp the right time to shift gears as soon as possible and improve driving pleasure.
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Fig. 2.26 Information on
MT gear shifting indicator
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Figure 2.26 shows the information on the MT gear shifting indicator. As shown in
the figure, the current gear is 3, and the upshift prompt message prompts the driver to
upshift. To achieve this function, information about the engine, transmission, etc., is
acquired, decisions are made according to certain control rules, and signals are sent
to the gear shifting indicator for the driver to operate.

3. Active speed control of engine

An automated function is provided in 7 speed MT of Chevrolet Corvette that the
engine is subject to active speed control through the electronic throttle valve instead
of running freely after the clutch release during shift, so that the engine speed can
track the target speed of the new gear, so as to reduce the sliding friction time and
sliding friction work of the clutch engagement, and reduce the shift impact brought
by the clutch engagement. In the power downshift condition, the usual MT vehicle
will give the passenger the feeling of power replenishment delay, which can be
significantly solved by the active speed control of the engine during the shift. With
this technology, the engine speed can be increased to be equal to or slightly larger
than the target speed at the new gear in the clutch release time, so that the friction
moment is in the direction of the driving force at the clutch engagement without
generating a drag force, which greatly improves the shift acceleration and comfort.
In the upshift condition, this function can also shorten the shift time and reduce the
shift impact. The difference is that, in the upshift condition, the engine speed control
is reduce the speed of the engine to the synchronous speed at the new high gear after
the clutch release, but the engine speed shall be guaranteed to rise to slightly higher
than the target speed at a new gear at the moment of the clutch engagement after
the new gear is engaged, so that the clutch friction moment plays a driving role and
shortens the power interruption time.
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Chapter 3 ®)
Automatic Transmission Check for

3.1 Overview

Automatic transmission (AT), as the earliest AT, mainly consists of the hydraulic
torque converter, planetary gear train and shift control system. Its variable speed
and variable torque function is mainly accomplished through different gear combi-
nations and hydraulic transfer. The AT is mainly classified into FR layout and FF
layout. The gear change of the AT is mainly accomplished by two-parameter control
based on speed and load, namely the stroke of the accelerator pedal. As one of
the most important parts of AT, the hydraulic torque converter mainly consists of
impeller, turbine and guide wheel. It can change the torque through the change of
liquid moment of momentum, and it has good adaptability and automatic adjustment
function for external load as well as the roles of clutch, stepless change and torque
adjustment. Another important part of AT is planetary gear train. The gear ratio of AT
is determined by the number of planetary gear trains and their different combinations
controlled by the clutch and brake.

The AT technology has been applied to the automobile industry for more than
80 years and achieves high passability, good driving safety, good adaptability, simple
and easy control of vehicles. With the emergence of more new automotive technolo-
gies, the structure of AT is constantly improved, and its technology is gradually
mature. Compared with the traditional manual transmission, the AT not only can
better adapt to the driving requirements of the vehicles, but also has the following
significant advantages.

(1) Simple and easy control and excellent driving performance. One the one hand,
the hydraulically or electronically controlled vehicle with AT realizes the auto-
matic shift. When AT is used, the shift can be easily realized by simply manipu-
lating the slide valve in the hydraulic control device, while the MT can complete
shift only by using the shift fork to toggle the shifting slide gear tediously. It
is obvious that the AT is easier to manipulate in terms of shift. On the other
hand, in addition to the influence of the vehicle structure, the vehicle driving
performance is also related to the correct choice of the control and manipulation
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mode. The AT may achieve the best dynamic and economy performance of the
vehicle because of its automatic shift under the established optimum shift rule.
The driver’s skills and experience are unrelated to the shift.

Make the driving safer and reduce the fatigue strength of the driver. It has
been surveyed that a car shifts the gears an average of five to nine times per
kilometer while driving downtown, with the shift frequency of 3-5 times/min,
the maximum shift frequency up to 4 times/20 s and generally 4-6 concerted
actions in each shift, which will inevitably generate two results: first, speed up the
driver’s metal and physical fatigue speed and distract the driver’s driving atten-
tion, which will inevitably cause hidden trouble of traffic over time; second, the
driver reduces the shift times due to fatigue and changes the speed by controlling
the accelerator pedal, thus reducing the vehicle fuel economy. After the vehicle
realizes the automatic speed changing, the driver only needs to control the accel-
erator pedal to realize the automatic speed changing easily, thus canceling the
control of the clutch pedal and gear shift lever, greatly reducing the driver’s
control fatigue strength and making the driving safer.

Improve the dynamic performance of the vehicle. The automatic shift charac-
teristic of AT and the torque conversion characteristic of the hydraulic torque
converter can effectively improve the vehicle starting acceleration. The power
transferred by the whole powertrain is not interrupted during automatic shift.
The fuel supply is not controlled as in the manual shift and the gear is always
shifted when the engine power is fully utilized, thus improving the dynamic
performance of the vehicle.

Reduce exhaust emissions. The engine of a vehicle equipped with AT may
always work in its economic speed range, i.e. in the speed range with less
emissions and pollution. This is because AT can automatically adjust the gear
ratio according to the speed and load within a certain range, thus greatly reducing
the exhaust emission and pollution.

High fuel economy. It is generally believed that AT has low transmission effi-
ciency and is not conducive to the realization of fuel economy. However, consid-
ering the whole driving condition of the vehicle, the AT always automatically
takes the best match with the engine, and can automatically adapt to the change
of resistance at the best shift moment, so that the vehicle can have better fuel
economy.

Prolong the service life of the powertrain parts. The AT adopts hydrodynamic
drive, which can reduce or even eliminate the vibration in the powertrain, espe-
cially in the case of bad driving conditions. Relevant tests show that when the
vehicle equipped with AT is driving on bad roads, the maximum dynamic load
torque borne by its transmission shaft is 20—40% of that of the vehicle equipped
with MT; while in the standing start, the maximum dynamic load torque is
50-70% of that of the MT, which prolongs the service life of the auto parts.

Of course, AT also has many disadvantages: low efficiency in transmission without

stepless change; high machining accuracy and manufacturing process of the parts,
resulting in the increase of the manufacturing cost, complex mechanism and repair
difficulties.
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3.2 Composition and Control Principle of AT

Figure 3.1 shows an 8-speed AT composed of a hydraulic torque converter and a
planetary transmission, with the working principle as follows: the throttle position
sensor and vehicle speed sensor convert the engine throttle percentage and vehicle
speed into an electrical signal that is sent to the electronic control unit (ECU) of the
electronic control system along with other sensor signals that reflect the performance
of various parts of the vehicle and the system. Then the AT compares the input
signal with the control law stored in the ECU memory. The ECU issues instructions
to a number of corresponding electro-hydraulic proportional valves to regulate the
hydraulic oil flowing to the control valve, so that the actuator, clutches and brakes
are under control, thus accurately controlling the shift gear moment and locking the
clutches. The control principle of the AT is shown in Fig. 3.2. It mainly consists
of four parts: hydrodynamic transmission (hydraulic torque converter), mechanical
transmission, hydraulic control unit and electronic control unit.

L. Hydrodynamic transmission

The hydrodynamic transmission is classified into the hydraulic coupler and hydraulic
torque converter and the hydraulic torque converter is used in most hydrodynamic
drives of modern automatic transmissions.

Fig. 3.1 8-speed AT (picture source: ZF)
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The hydraulic torque converter is located at the most significant end of the AT and
is mounted on the engine flywheel, acting like a clutch with MT. It is a vane transmis-
sion with the liquid as the working medium. When working, the interaction between
the active wheel blade and working liquid is used to realize the interconversion of
mechanical energy and liquid energy (that is, the impeller continuously absorbs the
power of the internal combustion engine and transfers it to the turbine), and the trans-
mitted torque is changed through the change of the liquid moment of momentum.
With the ability to continuously change the speed and torque, it is a continuously
variable transmission (CVT) most successfully used in the vehicles, fundamentally
simplifies the control procedure; makes the vehicle start smoothly, accelerate quickly
and gently with excellent vibration damping performance, thus prolonging the life
of the powertrain and improving the ride comfort, average vehicle speed and driving
safety; during stall, it has the maximum torque ratio, which prevents engine flame-out
and more importantly, greatly improves the vehicle passability.

The drawback of the hydraulic torque converter is its low efficiency and narrow
efficiency range. The loss is emitted as heat, further increasing the burden on the
radiator, so the fuel economy is not high.

II. Mechanical transmission

The mechanical transmission includes planetary gear train and shift actuator.

The planetary gear train, as one of important parts of AT, mainly consists of sun
gear, gear ring, planetary carrier, planetary gear and other elements. The planetary
gear train is a mechanism for realizing speed change. The change of gear ratio
is realized by taking different elements as the driving elements and restricting the
movement of different elements. During the process of gear ratio changing, the whole
planetary gear set is in motion, and the transmission of power is not interrupted, thus
realizing the power shift.

The shift actuator is mainly used to change the driving elements in the planetary
gear train or restrict the movement of an element and change the power transmission
direction and gear ratio. It mainly consists of multi-disk clutch, brake and one-way
overrunning clutch. The clutch is to transmit the power to an element of the planetary
gear train to make it a driving element. The brake is to hold an element in the planetary
gear train to keep it motionless. The one-way overrunning clutch is also one engaging
element of the planetary transmission, with basically the same role as the multi-disk
clutch and brake. It is also used to fix or connect some of the sun gear, planetary
carrier, gear ring and other basic elements in several planetary gear sets, so that the
planetary transmission consists of the gears with different gear ratios.

I11. Hydraulic control unit

The hydraulic control unit is mainly composed of hydraulic pump, main pressure
regulator valve, throttle valve, manual valve and electro-hydraulic proportional valve,
playing the role of transmission, control, manipulation, cooling and lubrication.
Controlled by the electronic control system, the hydraulic control system feeds the
hydraulic fluid into the clutch or brake cylinder that needs to work, so as to change
the speed ratio and meet the driving requirements.
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IV. Electronic control unit

The electronic control unitincludes three parts: signal input device, electronic control
unit and actuator.

The signal input device, composed of the sensor and signal switching device,
is responsible for converting the vehicle driving state information into an electrical
signal for the control circuit to receive. There are three types of sensor signals: analog,
pulse and switch.

The electronic control unit (ECU), as the core of the electronic control system,
receives the vehicle driving state information detected by the sensor and the inter-
vention information given by the driver, makes a comparison operation and then
issues an instruction according to a rule to automatically control the powertrain. The
ECU mainly consists of the input channel, controller and output channel. The input
channel receives various input signals, and the controller compares these signals
with the data in memory. Based on the comparison results, the controller makes the
decision whether to shift gears or not. The output device processes the control signal
or directly sends it to the actuator such as the solenoid valve.

The actuator mainly refers to electro-hydraulic proportional valve, which adjusts
the pressure in the hydraulic circuit according to the command of the ECU.

3.3 Mechanical Structure of AT

I. Mechanical structure of hydraulic torque converter

The hydraulic torque converter mainly consists of the rotatable impeller B, turbine
W and fixed guide wheel D, as shown in Fig. 3.3, all of which are precisely cast with
aluminum alloy, or made by stamping and welding with steel plates. The impeller B
is integrated with torque converter housing 4 and bolted to the flange at the rear end
of the engine crankshaft 1. The torque converter housing 4 is made into two halves,
which are connected together after assembly. The turbine W is installed on the driven
shaft 2, and the guide wheel D is fixed on the guide wheel fixing casing 3. After all
the active wheels are assembled, a circular body with circular section is formed.
When the integrated torque converter is in the working area of the coupler, even at
the maximum efficiency point, there is still about 5% slippage between the impeller
and the turbine, i.e. corresponding energy loss. The multi-speed AT reduces the
dependence on the function of the hydraulic torque converter. In order to reduce fuel
consumption, a lockup clutch can be used to integrate the impeller and turbine under
certain conditions. It is mounted on the spline of the turbine shaft. At low vehicle
speed or the low speed ratio of the torque converter, the operating oil pressure flows
into the front of the lockup clutch through the cavity between the turbine shaft and
the impeller shaft, F, > F;, making it in the state of disengagement, as shown in
Fig. 3.4. At the medium and high vehicle speed or the torque converter condition of i
> iy, the operating oil pressure flows into the rear through the oil circuit between the
turbine and the guide wheel shaft bush. The oil in the front is discharged through the
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(a) (b)

Fig.3.3 Mechanical structure of hydraulic torque converter. | —engine crankshaft, 2—driven shaft,
3—guide wheel fixing casing, 4—torque converter housing. B—impeller, W—turbine, D—guide
wheel

v 2 ViV e

Fig. 3.4 Locking of hydraulic torque converter
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Fig.3.5 3 speed Simpson planetary gear train. Bj—?2 speed brake, B,—low and reverse gear brake,
Cj—reverse and high gear clutch, Co—forward clutch, Fj—low-gear OWC

turbine shaft cavity, F; > F,, and the hydraulic torque converter is locked. Therefore,
there is no power loss and no oil temperature rise and there is no need to send the
hydraulic torque converter oil to the radiator for cooling.

I1. Mechanical structure of planetary gear train

1. Simpson planetary gear train

The 3 speed Simpson planetary gear train, as shown in Fig. 3.5, consists of two
planetary gear sets with completely same gear parameters. It is characterized by
few gear types, small amount of finish, good manufacturability and low cost; input
and output with gear ring, high strength and high transmitted power; high efficiency
without power cycling; low component speed and smooth shift; for a three-degree-
of-freedom transmission, although two elements need to be operated for each shift,
they are the controls with the adjacent gear if arranged reasonably, that is, only one
control is actually replaced. Since its invention, the Simpson planetary gear train has
been widely adopted by various countries around the world.

When the structure shown in Fig. 3.5 changes from gear 2 to gear 3, the alternation
of the release brake B and engaging clutch C; shall be timely and accurate. If C; is
not engaged prematurely, there will be motion interference between the independent
components; if B is released too fast, the engine will run idle and the shift impact will
increase (Table 3.1). In order to improve the shift quality, an OWC F, is connected
in series between B and sun gear assembly to make the gear shift smooth (Fig. 3.6),
and its working law is shown in Table 3.2.

To further improve fuel economy and reduce noise, vehicles have developed to
multi-speed, with the 4 speed becoming standard facility. The front and rear planetary
gear sets are connected by an auxiliary member and all the others are independent,
forming a Simpson mechanism with five independent components (the above are four
independent components), so a control (clutch or brake) may be added to achieve
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Table 3.1 Working law of shift actuator of 3 speed Simpson planetary gear train

Control | Gear | Shift actuator Control | Gear Shift actuator
leve_r. Ci |C |Bi B2 |F leve.r. C |G |Bi B
position position
D Gear (0] O |R Reverse |O (0]
1 gear
Gear (0] (6] S,L Gear 1 (0] (0]
2
Gear |O O Gear 2 (0] (0]
3

Note O means engagement, brake or locking

' ==
o

’—lH‘H
§

—

Fig. 3.6 Improved 3 speed Simpson planetary gear train. B;j—?2 speed brake, B,—low and reverse
gear brake, B3—2 speed force brake, C;j—reverse and high gear clutch, C,—forward clutch, Fj—
low-gear OWC, F,—2 speed OWC

4 speed transmission (Fig. 3.7 and Table 3.3). It is characterized by small size and
small mass.

On the basis of the original 3 speed Simpson planetary gear train, the building
block composition method, together with a parameter and the first two rows of
planetary gear sets, is used to obtain a 4 speed AT. The planetary gear sets added can
be prepositioned or post-positioned to achieve overspeed or speed reduction and to
obtain 4 schemes. The parts with high universality are conductive to reduce the cost.

2. Ravigneaux planetary gear train

The Ravigneaux planetary gear train is a compound planetary gear train composed
of a single planetary gear set and a dual-planetary gear set, which share a planetary
carrier, long planetary gear and gear ring, so the gear train has only 4 indepen-
dent components (Fig. 3.8 and Table 3.4). It is characterized by few components,
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71

Fig. 3.7 4 speed Simpson planetary gear train. Bj—2 speed and 4 speed brake, Bp—low and
reverse gear brake, Cj—reverse clutch, Co,—high gear clutch, Cz—forward clutch, C4—forward
force clutch, Fj—forward OWC, F,—low-gear OWC

Table 3.3 Working law of shift actuator of 4 speed Simpson planetary gear train

Control lever position | Gear Shift actuator
C |G |G |G |By By |[Fi |F

D Gear 1 ¢) O

Gear 2 o o 0)

Gear 3 o) o 0]

Overdrive o [ ] o

Reverse gear | O O
S,L Gear 1 [ ] e} (¢}

Gear 2 ([ ] ¢} o o

Gear 3 o) [ ] o

Note O means engagement, brake or locking; @ means engagement, brake or locking without

transmitting power

L s 4

p)

Fy

S e

Fig. 3.8 Ravigneaux planetary gear train. Bj—2 speed brake, B,—low and reverse gear brake,

C1—forward clutch, C,—reverse and high gear clutch, Fi—1 speed OWC
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Fig. 3.9 Improved Ravigneaux planetary gear train. Bj—2 speed brake, Bo—low and reverse
gear brake, Cj—forward clutch, C,—reverse and high gear clutch, C3—forward force clutch,
F1—low-gear OWC, F,—forward OWC

low speed; compact structure, small axial dimensions; large and flexible gear ratio
variation range; suitable for FF layout.

The improved 3 speed Ravigneaux planetary gear train, as shown in Fig. 3.9,
is added a force clutch C3 and OWC F, between the input shaft and the rear sun
gear, improving the shift quality and achieving engine braking in gears 2 and 3. The
working law of the actuator is shown in Table 3.5.

The improved 3 speed Ravigneaux planetary gear train is added a clutch C4
between the input shaft and the planetary carrier to change to a 4 speed transmission.
Or a brake B3 may be added to achieve 4 speed transmission (Fig. 3.10 and Table 3.6).
Meanwhile, the power dividing scheme is adopted at the gear 3, with 60% engine
power transmitted mechanically and 40% transmitted through the hydraulic torque
converter; the torque converter is locked in gear 4 to improve the efficiency.

II1. Mechanical structure of shift actuator in transmission

All the gears of the planetary gear train are normally engaged and the gear shift is
achieved by constraining the basic elements of the planetary mechanism (fixing or
connecting some elements) instead of using the shift fork to change the speed in the
MT. The shift actuator consists of multi-disk clutch, brake and OWC, and, with the
connection, fixing or locking function, may make the transmission achieve different
gear ratios, so as to shift the gear.

1. Structure of multi-disk clutch

As shown in Fig. 3.11, the drive hub 8 is connected to the turbine shaft 2 by splines,
and the axial displacement is controlled by the snap ring 12. The clutch driven hub
14 is welded to the sun gear of the planetary gear train. The clutch drive friction plate
(steel plate) 10 is connected with the keyway of the clutch drive hub 8 through the
internal splines, and the driven friction plate 13 is connected with the clutch driven
hub 14 through the internal splines. The drive friction plates 10 and driven friction
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Fig. 3.10 power-split 4 speed Ravigneaux planetary gear train. Bj—2 speed brake, B,0—Ilow and
reverse gear brake, B3—2 speed pre-brake, C;j—forward clutch, Co—reverse clutch, Cz—lockup
clutch, F1—1 speed OWC, F,—2 speed OWC

plates 13 are placed alternately in the same amount. When the electronic control unit
controls the corresponding shift solenoid valves on and off, the hydraulic oil enters
through the hydraulic oil supply hole 3, so that the piston 5 overcomes the force
of the piston reset spring 15 to compress the drive friction plate 10 and the driven
friction plate 13 in a jointed state. The power of the turbine shaft 2 is transferred to
the sun gear of the planetary gear train. Conversely, the hydraulic oil on the right side
of piston 5 is decompressed, and the reset spring 15 makes the piston 5 reset. The
drive and driven friction plates release from each other, forming a gap and cutting
off the power transmitted to the sun gear by the turbine shaft 2.

2. Structure of brake

As shown in Fig. 3.12, the band brake in the AT uses a brake band with internal
friction material wrapped on the cylindrical surface of the brake drum. One end of
the band is fixed to the transmission case and the other end is connected to the piston in
the brake hydraulic cylinder. When the brake oil enters the brake hydraulic cylinder,
the compression piston reset spring pushes the piston, thus moving the free end of
the brake band and tightening the brake drum. Since the brake drum is integrated
with a part of the planetary gear train, the brake drum clamping means that the part
is clamped so that it cannot rotate. After the brake oil pressure is removed, the reset
spring resets the piston in the brake hydraulic cylinder and pulls back to the free end
of the brake band, thus releasing the brake drum and removing the brake.

3. Structure of one-way clutch (OWC)

The OWC, as shown in Fig. 3.13, realizes the fixation or connection based on the
principle of one-way locking. With high transmission torque capacity and small fric-
tion when idling and without control mechanism, the OWC is completely controlled
by the direction of force applied to the connected element and can be engaged or
disengaged instantly, automatically cut off or switch on the torque when changing
speed, so as to ensure smooth shift without impact and greatly simplify the structure
of the hydraulic control system. The most common OWC types are roller and wedge

types.
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Fig. 3.11 Multi-disk clutch and band brake of Benz W5 AS gear AT. 1—Case, 2—turbine shaft,
3— hydraulic oil supply hole, 4—oil ring, 5—piston, 6—slotted ring, 7—O ring, 8—steel plate
carrier (drive hub) and brake drum, 9—brake band, 10—drive friction plate (steel plate), 11—end
plate, 12—snap ring, 13—driven friction plate, 14—friction plate carrier (driven hub), 15—piston
reset spring
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Locking state ~Eree state ,___Eree state

Fig. 3.13 OWC

The OWC can be used to prevent the transmission of power from the output shaft
to the engine (prevent the engine braking), but when the engine braking is needed in
the downhill and other conditions, additional auxiliary brakes are required.

3.4 AT Speed Change Process Analysis

U340E AT is an electronically controlled 4 speed AT driven by the front wheel.
The planetary gear train and the shift actuators of the U340E AT are arranged in
Fig. 3.14a and the drive route is shown in Fig. 3.14b. There are a total of 8 shift
actuators, including 3 clutches, 3 brakes and 2 OWCs in the U340E AT. The roles of
the shift actuators are shown in Table 3.7 and the worksheet is shown in Table 3.8.

I. Power transmission route at reverse gear

The power transmission route at reverse gear is shown in Fig. 3.15. In the reverse
gear, the reverse clutch C; is engaged to drive the rear sun gear clockwise, and then
the rear planetary gear rotates anticlockwise; the 1 speed/reverse gear brake B; works
to fix the rear planetary carrier and front annular gear, the rear planetary gear drives
the rear annular gear, and the front planetary carrier and rear annular gear slow down
reversely.

I1. Power transmission route in gear 1
1. Power transmission route in gear D,
The power transmission route in gear D; is shown in Fig. 3.16. In the gear Dy,

the forward clutch C; is engaged to drive the front sun gear clockwise and the front
planetary gear anticlockwise. The front planetary carrier is connected with the vehicle



3.4 AT Speed Change Process Analysis 79

d q Input

B, B,

Output

00007, Z
(a)

= Output

C,

C,

— I
]

Input

(b)

Fig. 3.14 Structure and drive route of U340E AT. B;—Overdrive/2 speed brake, Bo,—2 speed
brake, B3—1 speed/reverse gear brake, Ci—forward clutch, C,—direct gear clutch, C3—reverse
clutch, F;, F,—OWC

body, and the resistance to motion is relatively large, so it can be temporarily regarded
as fixed. Then the front annular gear has the tendency of anticlockwise rotation. At
this time, the low-gear OWC F; is locked to prevent anticlockwise rotation of the
front annular gear. While the planetary gear rotates anticlockwise, it drives the front
planetary carrier clockwise around the front annular gear. That is, the front planetary
carrier and rear annular gear slow down in the same direction. In gear Dy, the low-gear
OWCF,; is locked to unidirectionally fix the front annular gear and the rear planetary
carrier, which is an essential condition for the power transmission. It cannot transmit
the power reversely, so there is no engine braking in D;.

2. Power transmission route in gear L,

The power transmission route in gear L; is shown in Fig. 3.17. In gear L, in addition
to the working parts in Dy, the 1 speed/reverse gear brake B; works to bidirectionally
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Table 3.7 Roles of shift actuators

3 Automatic Transmission

Shift actuator

Role

C (forward clutch)

Drive the front row of sun gears

C, (direct gear clutch)

Drive the rear planetary carrier and front annular gear

Cj3 (reverse clutch)

Drive the rear sun gear

B4 (overdrive/2 speed brake)

Fix the rear sun gear in gears 2 and 4

B, (2 speed brake)

Work in gear 2 and unidirectionally fix the rear sun gear
through the OWC F;

B3 (4 speed/reverse gear brake)

Fix the front annular gear and the rear planetary carrier in
the reverse gear

F4 (OWC) The brake B; is locked in gear 2. Unidirectionally fix the
rear sun gear
F> (OWC) Unidirectionally fix the front annular gear and the rear

planetary carrier

Table 3.8 Worksheet of actuators

Gear C Cy Cs3 B B> B3 Fy F>
R o o o
D 1 o O
2 o O (6]
3 O O O
4 0} o O
2 1 o O
2 O O O (6]
L 1 o o (6}

Note O means engagement, brake or locking

B,

F- — Output

L
L

N
[
]

Input

Fig. 3.15 Power transmission route at reverse gear



3.4 AT Speed Change Process Analysis 81

L]
C = = I I c,
T
T Input
Fig. 3.16 Power transmission route in gear D
B B B
i i | | F, ll T Output
1 =
=1 = I L B
T 1 ’
I

|

Input

Fig. 3.17 Power transmission route in gear L

fix the front annular gear and the rear planetary carrier. The low-gear OWC locking
is no longer an essential condition for the power transmission. The power can be
transmitted reversely, so there is engine braking in L;.

II1. Power transmission route in gear 2

1. Power transmission route in gear D,

The power transmission route in gear D, is shown in Fig. 3.18a. In gear D,, the
forward clutch C; is engaged to drive the front sun gear; the 2 speed brake B, works,
the OWC F is locked to unidirectionally fix the rear sun gear, and the front planetary
carrier and rear annular gear slow down in the same direction. In gear D,, the OWC
F, locking is an essential condition for the power transmission. It cannot transmit
the power reversely, so there is no engine braking in Dj.

The gear ratio in gears 1 and 2 is subject to qualitative analysis below. With respect
to the planetary gear train, the rear planetary carrier and front annular gear are fixed,
and the rear annular gear and front planetary carrier (power output end) slow down
and rotate clockwise. After rising to gear 2, the rear planetary carrier is relaxed, the
rear sun gear is fixed and the rear annular gear is connected with the vehicle body



82 3 Automatic Transmission

.

Fa I l —1— Output

Egi -
L ey
pr— l_'_

|

Input

a) Power transmission route in gear D2

B

B, B, '
'nggri‘ /iiéfl'//
F T =T~ Output
L]

T | 1F| —
< U I
T Input

b) 2-position power transmission route in gear 2

Fig. 3.18 Power transmission route in gear 2

and still slows down and rotates in the same direction. Then the rear planetary carrier
and front annular gear rotate at reduced speed in the same direction from static state.
With respect to the front planetary gear train, if the front sun gear and the input shaft
rotate in the same direction and at the same speed and the front annular gear is fixed,
the front planetary carrier rotates at reduced speed in the same direction, which is
gear 1; if the front annular gear can also rotate at the input shaft speed in the same
direction, the front planetary carrier rotates in the same direction and at the same
speed, which is gear 3; if the front annular gear rotates at reduced speed in the same
direction, the speed of the front planetary carrier is between the above two cases,
which is gear 2. In other words, in the gears 1 and 2, the annular gear of the front
planetary gear train rotates at reduced speed in the same direction from the fixed
state when the input element (sun gear) is in unchanged state, so the speed of the
front planetary carrier increases.

2. 2-position power transmission route in gear 2

The 2-position power transmission route in gear 2 is shown in Fig. 3.18b. In the
2-position gear 2, in addition to the working parts in D,, the overdrive/2 speed brake
B; works and is connected in parallel with (B, + F;). The rear sun gear is fixed
bidirectionally. At this time, the OWC F, locking is no longer the only condition for
the power transmission, so there is engine braking in 2-position gear 2.
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Fig. 3.19 Power transmission route in gear D3

IV. Power transmission route in gear D;

The power transmission route in gear D3 is shown in Fig. 3.19. In gear D3, the
forward clutch C; is engaged to drive the front sun gear; the direct gear clutch C,
is engaged to drive the rear planetary carrier and front annular gear. Since two parts
in the planetary gear train are driven simultaneously, the whole planetary gear train
rotates as a whole, which is the direct drive gear. In gear D3, the brake B, is still
engaged, but it does not work since the OWC F; is overrunning (slipped). No OWV
is involved in the power transmission in the gear D3, so there is engine braking.

V. Power transmission route in gear D,

The power transmission route in gear D4 is shown in Fig. 3.20. In gear Dy, the direct
gear clutch C, is engaged to drive the rear planetary carrier and front annular gear;
the overdrive/2 speed brake B; works to fix the rear sun gear, and then the front
planetary carrier and rear annular gear speed up in the same direction. Similarly,
there is engine braking in gear Dy.
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Fig. 3.20 Power transmission route in gear D4
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3.5 Hydraulic Control System of AT

The hydraulic control system is divided into four parts: main hydraulic control
system, shift control system, shift quality control system and hydraulic torque
converter control system. The hydraulic control system provides the required
hydraulic oil for all parts of AT. Its specific functions are:

(1) Supply oil to the control system and maintain the operating oil pressure of the
main oil circuit to ensure the smooth operation of the control mechanisms.

(2) Ensure the oil supply of the shift actuators to meet the need of shift and other
operations.

(3) Provide the lubricating oil for all moving parts of the transmission, such as gear,
bearing, thrust washer and clutch friction plate and ensure normal lubricating
oil temperature.

(4) Dissipate the heat of the whole AT through the circular cooling of the oil and
keep the transmission working in the reasonable temperature range.

(5) Control the work of the hydraulic torque converter and timely take away the
heat from the hydraulic torque converter in time to maintain normal operating
temperature.

L. Main hydraulic control system

The main hydraulic control system is the power source of the whole hydraulic system,
including hydraulic pump and hydraulic regulating system.

The hydraulic pressure supplied by the hydraulic pump is distributed to the control
actuator through the control valve. The hydraulic circuit consists of the valve body
shown in Fig. 3.21 and the spool valve for hydraulic switching and adjustment is
placed in the valve body, as shown in Fig. 3.22.

The current is delivered to the solenoid valve for hydraulic control (Fig. 3.23)
through the A/T control unit for hydraulic control. The solenoid valves can be divided

Fig. 3.21 Valve body
appearance
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Fig. 3.22 Hydraulic valve assembly
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Fig. 3.23 Solenoid valve for hydraulic control
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into three categories: ON-OFF solenoid valve, which changes the hydraulic pres-
sure through ON-OFF switching according to the electrical wave signals; DUTY
solenoid valve, which regularly supplies the pulse current and simulates and adjusts
the hydraulic pressure by changing the current additional width (DUTY) of each
pulse; linear solenoid valve, which is equipped with a pressure regulator valve to
convert the electromagnetic force into hydraulic pressure.

The above solenoid valves can be combined to form a hydraulic control circuit
with different functions shown in Fig. 3.24. All control functions are integrated to
form the valve assembly unit shown in Fig. 3.25.

Fig. 3.24 Main pressure

Main pressure
control circuit

Secondary oil pressure

To friction elements __\

| ] [ %

Primary oil preppure To cooler /

Low /91’]/

Pressure control — pressure

solenoid valve

Fig. 3.25 Appearance of
valve assembly unit
Valve body

Solenoid
valve
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(I) Hydraulic pump

1. Function of hydraulic pump

As the power source of the AT, the hydraulic pump is mounted between the hydraulic
torque converter and the planetary gear train and driven by the shaft sleeve at the
rear end of the hydraulic torque converter housing. The technical performance of
hydraulic pump has a great influence on the working performance of AT.

2. Structure and principle of hydraulic pump

There are three types of hydraulic pumps in AT: internal gear pump, rotor pump and
vane pump.

(1) Internal gear pump: the internal gear pump mainly consists of the pinion, internal
gear, external gear, crescent-shaped separator and case, as shown in Fig. 3.26.
The pinion is a drive gear driven by the hydraulic torque converter shaft sleeve
and the internal gear is a driven gear. The crescent-shaped separator separates the
working chamber between the drive and driven gears into oil suction chamber
and oil pressure chamber. When the hydraulic pump works, the drive gear drives
the driven gear to rotate together. As the drive and driven gears are constantly
out of mesh in the oil suction chamber, the volume increases, forming partial
vacuum, which generates suction to draw the hydraulic oil from the oil inlet.
With the rotation of the gear, the oil in the oil suction chamber is brought into the
oil pressure chamber through the backlash. In the oil pressure chamber, the gear

Pinion
Internal gear

External gear

Crescent-shaped separator

(a) (b)

Fig. 3.26 Internal gear pump
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Fig. 3.27 Vane B
pump. 1—Rotor, 2—stator,
3—case, 4—vane

is continuously meshed and its volume decreases, so that the oil is discharged
from the oil outlet with a certain pressure.

(2) Vane pump: the structure of vane pump is shown in Fig. 3.27, which is composed
of stator, rotor, vane, case and pump cover. When the rotor rotates, the vane
opens outward under the action of the centrifugal force and oil pressure at the
bottom, close to the internal surface of the stator, and reciprocates in the rotor
blade slot with the rotation of the rotor, thus forming a sealed working chamber
between every two adjacent vanes. The vane pump has the advantages of smooth
operation, low noise, uniform pump oil volume and high volume efficiency, but
it is complex in structure and sensitive to the pollution of the hydraulic oil.

The hydraulic system of the AT is a low pressure system and the operating oil
pressure does not exceed 2 MPa generally, so the gear pump is most widely used.

(IT) Hydraulic regulating system

1. Function of hydraulic regulating system

The hydraulic regulating system of the AT liquid feeding system is composed of the
main pressure regulator valve and auxiliary pressure regulator valve to control the
oil pressure in the main oil circuit and the flow of the hydraulic pump.

2. Structure and principle of hydraulic regulating system

(1) Main pressure regulator valve: the oil pumped by the hydraulic pump first enters
the main pressure regulator valve for oil pressure regulation. The structure of the
main pressure regulator valve is shown in Fig. 3.28, which is mainly composed
of the valve element, spring, plunger and plunger sleeve.
When the hydraulic pump does not rotate, under the action of spring force, the
valve plugs 1-3 in the main pressure regulator valve move up to the top, and
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Fuel tank ——
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the valve plugs 4 and 5 move down to the bottom. When the hydraulic pump is
working, the oil pumped out enters the top of the main pressure regulator valve
through valve port A, and the valve plugs 1-3 are pressed down 1-3 against the
spring force. When the oil pressure acting on the top of the valve element is equal
to the spring force, the valve plug will stop in the corresponding position and
the valve port B is maintained at a certain opening: a certain degree of opening:
the oil enters through the valve port B and one way enters the auxiliary pressure
regulator valve through the outlet valve port to supply oil for the hydraulic torque
converter and oil circuit; the other way returns to the fuel tank through the valve
port C to keep the oil pressure in the main oil circuit at a certain value.

The oil pumping volume of the hydraulic pump varies with the engine speed.
When the engine speed rises, the oil pumping volume of the hydraulic pump
increases, the oil pressure acting on the upper end of the main pressure regulator
valve element rises instantaneously, the valve plugs 1-3 are down, the opening
of the valve port C increases and the oil discharge increases, so that the oil
pressure drops rapidly, the valve plugs 1-3 rise again, and the opening of the
valve port C decreases. The main oil pressure remains stable in the process
of continuous automatic adjustment. The valve body works similarly when the
engine speed decreases. Even if the hydraulic pump speed changes in a large
range, the oil pressure in the main oil circuit of the hydraulic control system can
also be kept stable after regulation by the main pressure regulator valve.
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The torque transmitted by the AT is different at different engine load, so there
are different requirements for oil pressure of the main oil circuit. The load
of the engine and the torque transmitted by the AT increase with the throttle
percentage. The oil pressure of the main oil circuit shall rise to prevent slippage
of the shift actuators such as the clutch and brake. The oil pressure of the main
oil circuit shall be reduced when the throttle percentage is small. Moreover,
the throttle signal oil pressure acts at the bottom of the main pressure regulator
valve. The engine speed and the oil pressure generated by the hydraulic pump
increase with the throttle percentage. At this time, the downward oil pressure
on the valve plugs 1-3 in the main pressure regulator valve increases, but the oil
pressure signal in the lower end of the main pressure regulator valve from the
throttle percentage also increases, so that the upward force exerted on the valve
element increases accordingly, which reduces the opening of the valve port C,
reduces the oil discharge, and increases the oil pressure in the main oil circuit.
Similarly, when the throttle percentage decreases, the oil pressure in the main
oil circuit decreases.

In the reverse gear, the main pressure regulator valve introduces the reverse
signal oil pressure (controlled by manual valve), the oil pressure acts on the valve
plug 4, and the upward force increases, making the opening of the valve port
C reduced, the oil drainage reduced and the main oil circuit pressure increased
compared with the forward gear, to prevent the slippage of the reverse actuators
when engaged.

Auxiliary pressure regulator valve: the structure of the auxiliary pressure regu-
lator valve is shown in Fig. 3.29. It adjusts some oil flow from the main pressure
regulator valve to a certain oil pressure, lubricates the transmission parts of the

Oil from the hydraulic To oil circuit and hydraulic torque converter -

=)
torque converter T Bl E

|_ Qil from the main

o pressure regulator valve

L]

|

=
i1

;

I Throttle signal

77778 Ol pressure

Fig. 3.29 Structure of auxiliary pressure regulator valve
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1.

transmission and supplies oil for the hydraulic torque converter; in case of the
engine stall, it cuts off the drainage circuit of the hydraulic torque converter to
keep sufficient oil in the hydraulic torque converter.

The valve port A is connected to the cooler and forms a drainage port with
varying opening with the valve plug 2; the valve port B, as a pressure valve port,
applies the pressure of the oil circuit on the valve plug 1; the valve port C is an
oil inlet; the valve port D and the valve plug 2 form the switching valve of the
drainage circuit of the hydraulic torque converter and in case of the engine stall,
the valve plug 2 blocks the valve port D; the valve port E is connected to the
throttle signal oil pressure and the upward force increases, making the opening
of the valve port D reduced, the oil drainage reduced and the main oil circuit
pressure increased compared with the forward gear, to prevent the slippage of
the reverse actuators when engaged.

I1. Shift control system

Composition of shift control system

The shift control system is composed of manual valve, shift valve and other hydraulic
valves and solenoid valves as well as the corresponding oil circuit. The oil circuit
makes the AT in different gears according to the gear lever handle position In addition,
in each forward gear, according to the engine load, vehicle speed and other signals,
the shift control system can automatically control the upshift or downshift, so that
the AT gear adapts to the driving state.

2.
ey

Structure and principle of shift actuators

Manual valve: the manual valve stem is connected to the gear lever handle. When
the driver controls the gear lever handle in different positions, the manual valve
element is also moved to the corresponding position, to achieve the switching
of gear and oil circuit.

As shown in Fig. 3.30, the left end of the manual valve is connected to the gear
lever handle by a connecting rod. The gear lever handle is controlled to make
the manual valve in P, R, N, D, 2 and L respectively. As shown in Fig. 3.30a,
when the gear lever handle is in N, the oil passage from the manual valve to

a)N bR

Fig. 3.30 Structure of manual valve. 1—Oil inlet of main control oil pressure, 2, 3—drainage port,
4—oil outlet in gear, 2, 5—oil outlet in gear R, 6—oil outlet in forward gear, 7—oil outlet in gear

L
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the control circuit is closed and there is no oil pressure in the control oil circuit.
When the gear lever handle is in P, D, 2, L. and R respectively, the manual valve
connects the main control oil circuit from the hydraulic pump to the control oil
circuit of each gear to complete the corresponding work. For example, when
the gear lever handle is in R (Fig. 3.30b), the manual valve connects the main
oil circuit to the reverse oil circuit, and controls the oil through the shift valve
to control the high-gear/reverse clutch and low-gear/reverse gear brake.

Shift valve: as a reversing valve, the shift valve is used to change the flow
direction of the control oil, so that the oil pressure of the main oil circuit controls
different shift actuators to achieve each gear ratio of the AT. A 4-speed AT is
usually provided with 3 shift valves, i.e. 1-2 gear, 2-3 gear and 3.4 gear shift
valves respectively.

Figure 3.31 shows the 1-2 gear shift valve of the AT in the electro-hydraulic
Simpson planetary gear train, which is controlled by the solenoid valve 2. When
the solenoid valve is powered on, the oil of the main oil circuit is drained through
the drainage port of the solenoid valve, there is no control oil pressure in the
upper end of the shift valve element, and the valve element is at the top end
under the spring force; when the solenoid valve is powered off, the oil of the
main oil circuit acts on the top end of the shift valve element and overcomes the
lower spring force, making the valve element at the bottom.

B2 Solenoid valve 2

)

——
D)

Bl

= Operating oil pressure

= Oil fromD

B3
Oil fromR —— Irl

Oil from L —=

—— Control oil pressure

LU
RN

Fig. 3.31 1-2 gear shift valve
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Fig. 3.32 Structure diagram of accumulator

II1. Shift quality control system

L.

Basic principle of shift quality control

AT realizes gear shift by controlling the work of shift actuators, and the work of
shift actuators when engaged or separated will directly affect the shift quality. If the
oil pressure is established too fast, the clutch will be engaged with the brake too
fast, easy to produce shift impact; if the oil discharge is too slow, the clutch will be
disengaged from the brake too slow, resulting in slippage. Therefore, the hydraulic
control system of the AT shall be equipped with the buffer and safety devices, mainly
including accumulator, regulating valve and one-way valve.

2. Shift quality control elements

ey

@

Accumulator: generally, a corresponding accumulator is configured in each
forward oil circuit of the AT and located in the oil circuit between the shift
valve in each gear of control oil circuit and the shift actuators. It is generally
composed of the cylinder tube, damping piston and spring, as shown in Fig. 3.32.
During the shift, the control oil from the shift valve acts on the clutch, brake
and other shift actuators and flows into the corresponding accumulator. At the
beginning of the work, the oil pressure cannot promote the action of the accumu-
lator piston, so the oil pressure in the working cylinder of the controlled actuator
increases quickly, so that the actuator can quickly eliminate the free clearance.
With the increase of oil entering the accumulator, the oil pressure overcomes
the spring force to press the piston down, the volume increases and controls
the slow increase rate of the oil pressure in the pipeline, so that the actuator is
engaged gently, reducing the shift impact and absorbing the impact from the
oil to ensure the stability of working pressure in the hydraulic control system.
When the actuator is released from work, the oil will release quickly under the
spring action of the accumulator, which can ensure the complete separation of
the actuator and prevent the actuator from slipping.

Regulating valve: a low-gear slide regulating valve and 2 speed intermediate
regulating valve are configured in the oil circuit and mainly consist of the slide
valve and spring, as shown in Fig. 3.33. When the gear lever handle is in L and
2, the regulating valve reduces the pipeline pressure from the main oil circuit to
reduce the oil pressure acting on the piston of the actuator. Figure 3.33 shows
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Fig. 3.33 Structure of
regulating valve
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2 speed slide regulating valve, with the oil inlet receiving the oil pressure from
the 1-2 gear shift valve and the oil outlet connected to the control oil circuit
of the brake B;. The oil pressure also acts on the right of the valve body and
overcomes the spring force to push the valve element to the left, reducing the
cross-sectional area of the oil inlet, thereby reducing the control oil pressure at
the oil outlet and reducing the shift impact.

One-way valve: many ball valves are installed in the AT valve plate to use as
one-way valves and have other functions:

(1) The safety valve, as shown in Fig. 3.34, is generally connected in the main
oil circuit in parallel and blocks the drainage port when the oil pressure in
the main oil circuit is below the spring force. When the oil pressure in the
main oil circuit is larger than the spring force, the drainage port is opened
and part of the oil in the main oil circuit is discharged from the drainage
port, ensuring the safety of the hydraulic control system.

(2) The reverse quick release valve is shown in Fig. 3.35. During oil filling,
the ball valve is closed to reduce the shift impact; during oil return, the ball

Fig. 3.34 Structure of safety

valve

O
(i r

a) Pressure below the set value  b) Pressure above the set value
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Fig. 3.35 Reverse quick release valve

valve is open without throttling, which accelerates the oil drainage process
and quickly separates the shift actuator.

IV. Hydraulic torque converter control system

1. Hydraulic torque converter control system functions

The hydraulic torque converter control system mainly has two functions: provide the
hydraulic oil with a certain pressure for the hydraulic torque converter; control the
work of the lockup clutch in the hydraulic torque converter. The hydraulic torque
converter control elements include hydraulic torque converter valve (including pres-
sure regulator valve, pressure limiting valve and oil return valve), lockup signal valve,
lockup relay valve, lockup clutch control valve and corresponding oil circuit.

2. Structure and principle of hydraulic torque converter control elements

(1) Hydraulic torque converter valve: the hydraulic torque converter valve is to feed
the hydraulic oil in the main oil circuit into the hydraulic torque converter after
reducing pressure. The heated hydraulic oil in the hydraulic torque converter is
sent to the hydraulic oil radiator outside the AT through the torque converter
outlet, and the cooled hydraulic oil is sent to the gear transmission to lubricate
the planetary gears and their bearings. A pressure limiting valve is set in the
oil inlet access of the hydraulic torque converter for some hydraulic torque
converter control elements to prevent oil seal from leaking due to excessive oil
pressure in the hydraulic torque converter; an oil return valve is often set in the
oil outlet access of the hydraulic torque converter to prevent the oil pressure too
low or too high, as shown in Fig. 3.36.

(2) Lockup signal valve and lockup relay valve: the work of the lockup clutch in the

hydraulic torque converter is controlled by the lockup signal valve and lockup
relay valve, as shown in Fig. 3.37.
When the vehicle is in overdrive and the speed and corresponding governor
valve oil pressure rise to a certain value, the lockup signal valve is pushed to the
position shown in Figure under the role of the governor valve oil pressure, so
that the hydraulic oil of the main oil circuit from the overdrive oil circuit enters
the lower end of the lockup relay valve.

(3) Lockup clutch control valve: the pulse solenoid valve, i.e. lockup clutch control
valve, is used in the new electronic AT to control the work of the lockup clutch,
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Fig. 3.36 Pressure limiting valve and oil return valve. 1—Pressure limiting valve, 2—hydraulic
torque converter, 3—oil return valve, 4—hydraulic oil radiator, a—to front lubrication channel
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as shown in Fig. 3.38. The ECU adjusts the lockup clutch control valve opening
through the duty cycle of the pulsed electrical signal to control the oil pressure
acting on the right end of the lockup clutch control valve and the opening of the
oil drain port when the lockup clutch valve moves to the left, thus controlling
the oil pressure in the right of the lockup clutch piston.

Working condition analysis.

Separation control. When the duty cycle of the pulsed electrical signal acting on
the lockup clutch control valve is 0, the solenoid valve is closed, no oil pressure
acts on the right end of the lockup clutch control valve, the oil pressure is the
same on the left and right sides of the lockup clutch pressure plate and the lockup
clutch is separated.

Trackslip control. When the duty cycle of the pulse signal acting on the lockup
clutch control valve is small, the opening of the solenoid valve, the oil pressure
acting on the right end of the lockup clutch control valve, the opening of the
oil drain port when the lockup clutch valve moves to the left, the hydraulic
difference on left and right sides of the lockup clutch piston and the resulting
lockup clutch engagement force are small, so that the lockup clutch is half-
engaged.

Lockup control. The greater the duty cycle of the lockup electrical signal, the
greater differential pressure on the left and right sides of the lockup clutch
pressure plate and the engagement force of the lockup clutch. When the pulsed
electrical signal reaches a certain value, the lockup clutch is fully engaged.
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When the lockup clutch is engaged, the electronic control unit can make the
engagement process more softened to reduce impact.

3.6 Electronic Control System of aT

I. Composition and function of electronic control system

The electronic control system consists of sensors, electronic control units and actu-
ators, as shown in Fig. 3.39. The basic function of the electronic control system is
to input the detection signal of the vehicle speed sensor and throttle position sensor
and the selector switch signal of the shift program to the electronic control unit
for computing, determine the gear and shift point and output the shift instruction
according to the preprogrammed shift program, control the on and off of the current
in the solenoid valve coil and automatically switch the oil circuit of the shift actuator
to achieve automatic shift. In addition, the electronic control system also has the
functions of hydraulic torque converter lockup control, oil pressure adjustment, fault
self-diagnosis and fail safe protection.

I1. Basic tasks of electronic control system
1. Control shift law

In order to meet the dynamic or economy performance requirements of the vehicle,
the vehicle is usually set to the sports (power) shift or economic shift pattern, which

Sensors and switches Actuators
X PWR S1
Pattern select switch TOM - Solenoid valve 1
— o
Neutral start switch NSW R2I Shift time control S2 Solenoid valve 2
Throttle position sensor IDL VAT U
Lockup time control SUL Lockup solenoid valve
SP1 SP2
Vehicle speed sensor
Self-diagnosis system
Overdrive master switch STP
0d2
Backup system Oil temperature indicator
. 0Odl 0d2
Cruise control ECU
i i
Oil temperature sensor . Battery

Fig. 3.39 Block diagram of AT electronic control system
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can be selected through the shift pattern select switch or through fuzzy logic control.
In the economic shift pattern, the transmission shift point and the hydraulic torque
converter lockup time are determined on the basis of improving the fuel economy
during the vehicle driving; in the sports shift pattern, the upshift point and hydraulic
torque converter lockup time shall be postponed to meet the vehicle acceleration
performance requirements.

The electronic control system of some AT adopts the fuzzy logic control for
shifting, which is selected by the electronic control unit according to the opening
change rate of the accelerator pedal. The electronic control unit has two shift control
programs: shift time program related to the driver and driving conditions, and shift
time program related to the driving resistance. The former, also called DSP, uses the
fuzzy logic control to meet the driving requirements of different drivers; in the latter,
the electronic control unit calculates the driving resistance according to the vehicle
speed, throttle position, engine speed and acceleration and then determines the shift
time.

2. Hydraulic torque converter lockup control

The control program for the hydraulic torque converter lockup is stored in the elec-
tronic control unit. According to the detection signal of the throttle position sensor
and vehicle speed sensor and the gear shift lever position, the electronic control unit
controls on and off of the hydraulic torque converter lockup control valve, changes the
pressure of hydraulic torque converter clutch oil circuit and controls the engagement
and release of the hydraulic torque converter clutch, so as to achieve the hydraulic
torque converter lockup control.

3. Shift process control

The shift process control is mainly to control the coordination between the engine
and the transmission, thus completing the shift process quickly and smoothly. The
shift quality is mainly reflected by the shift impact, clutch sliding friction work and
other parameters. In order to achieve high shift quality, a lot of calibration work is
needed, including prefilling control, torque phase control, inertial phase control, etc.

This chapter gives a brief introduction to the electronic control system of AT. For
details, please refer to “Electronic control system of AT”.

3.7 AT Performance Tests

1. Bench performance test

The bench performance test is to evaluate the power transmission performance of
each transmission. The test items include:

(1) General performance test for extensive research on the performance of the gears
in the driving state.
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Fig. 3.40 Bench performance test device

(2) Full open throttle torque performance test (mainly check the engine performance
in the full open operation of the throttle).

(3) Road load performance test to study the driving performance at constant speed.

(4) Inertial performance test to study the performance in the reverse drive.

(5) No-load loss test to study the torque loss of each gear under no-load of the
output shaft.

Moreover, the lockup clutch engagement state is also measured sometimes for the
AT with lockup clutch although it is not mentioned in the standard.

The bench performance test device, as shown in Fig. 3.40, determines the state
of the input or output shaft and evaluates its performance by detecting the torque
and speed changes of the input or output shaft. In addition, the oil temperature and
pipeline oil pressure of the inlet and outlet and oil sump (inside the oil pan) of
the hydraulic torque converter as well as the operating oil pressure of all clutches
are determined generally to master the running state of the AT. In recent years,
the electronically controlled AT control system is widely used, the signals from the
vehicle speed, engine speed, throttle position and other sensors and various command
signals of the computer shall be stored and the evaluation test starts for the oil pressure
characteristics and response characteristics from the computer command signals and
for the control of the electric mode used in the uphill, downhill and other running
states.

The above test is carried out under normal operating temperature. For practical
evaluation, the equipment with the environmental conditions set freely starts to be
subject to the oil absorbency and other oil surface evaluation at low temperature,
torque loss evaluation at low temperature in neutral position, oil pressure performance
evaluation at low temperature and other performance tests in the practical fields at
low temperature in recent years, but such tests have not been standardized.

In addition to the above test, there are also tests to evaluate the drive torque,
friction engagement device, sliding torque and oil agitation resistance of hydraulic

pump.
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2. Speed change performance test

The speed change performance test is to evaluate the transient characteristics (impact
and time lag) at the speed change, the lockup clutch engagement and release,
including:

(1) Test carried out on a bench using a dynamometer that can be set (inertial mass
of the engine and the vehicle mass as well as the driving resistance load can be
set).

(2) Actual test using a vehicle in the environmental laboratory.

(3) Actual driving test on the test track.

In order to improve the speed change performance of the AT in various complex
environments, it is becoming increasingly important to carry out relevant tests and
evaluations in environmental laboratories that simulate low temperatures in winter
and low atmospheric pressure at high altitudes. The transition performance is gener-
ally evaluated based on the vehicle acceleration or the output shaft torque (drive shaft
torque) and the engine speed. AT the same time, oil pressure signals acting on the fric-
tion connection device and various control signals of electronic AT are collected to
improve the variable speed characteristics. Signals from the engine are also collected
when coordinated with the engine. In addition, acceleration, torque changes and other
sense of speed change that cannot be captured as well as the abnormal noise caused
by speed change shall be compensated by sensory evaluation.

The AT speed change generally includes the automatic speed change caused by
the change of engine load (throttle percentage, etc.) and the output shaft speed, as
well as the manual speed change caused by the gear shift lever shift selection control
and the overspeed switch operation. In recent years, emphasis has been placed on
the feel of driving a car with a manual transmission, with an increasing number of
manual transmissions shift gears through paddles on the steering wheel and front and
rear control of the gear shift lever. The test method is to master these speed change
conditions in advance and to change the speed consciously under various operating
conditions.

3. Performance test of hydraulic control system

The performance test of hydraulic control system, a separate test for the valve body
assembly, evaluates the static and dynamic characteristics of the valve and the stability
of the hydraulic control circuit by using hydraulic devices capable of controlling
the pressure and flow. The actuator of the electronic automatic transmission of the
mainstream product is tested by a variety of solenoid valves, sometimes also by the
drive device.

4. Hydraulic pump performance test

The hydraulic pump performance test, as a separate test for the hydraulic pump
assembly, evaluates the output performance, pulse, drive torque and noise of the
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hydraulic pump by the device driver which can control the speed and adjust the
output performance of the hydraulic pump.

5. Shell strength test

The shell strength test is to evaluate the influence of the driving force, driving reac-
tion, external input force of the suspended part, vibration and temperature change
generated by the rotating body on the strength and durability of the case and shell,
as well as the sealing of joint surface.

6. Parking brake test

The parking brake test is to evaluate the performance, strength and durability of
the fixing and releasing functions of the output shaft of the parking brake device,
including the misuse conditions such as vehicle stop and misoperation on the ramp.

7. Gear shift lever control feel test

The gear shift lever control feel test is to confirm and evaluate the controllability,
rhythm sensation of the gear shift lever and the control force of the external joy stick
of the AT according to the control force of the gear shift lever or the control force
change mode (Fig. 3.41) of the external joy stick of the AT.

8. Oil level and ventilator performance test

The oil level and ventilator performance test is conducted for the automatic trans-
mission fluid (ATF) to evaluate the required oil volume setting, oil absorbency in
actual operation and the function of ventilator.

Fig. 3.41 Gear shift lever " Maximum control |
control force and external | moment ey P'S'
joy stick position
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9. Friction test

The friction test is used to detect the torque loss of each gear, which can be roughly
divided into two types: the no-load loss test and the transmission efficiency test
under the no-load state of the output shaft. The no-load loss test is used to evaluate
the torque loss caused by the hydraulic pump drive torque, friction element slip torque
and hydraulic oil agitation resistance. The transmission efficiency test is aimed at the
torque loss mentioned above to further evaluate the torque loss caused by the gear
efficiency.

10. Other performance tests

The AT performance tests also include cooling system test, lubrication performance
test, adaptability evaluation test to environmental conditions, vibration noise test and
quietness evaluation test.

3.8 Development Direction of aT

With the rapid development of microelectronics technology in recent years, the elec-
tronic automatic transmission comes into being, bringing a more ideal powertrain for
the automobiles. The mechatronics technology has entered the field of automobile,
which has promoted the great reform of the automotive transmissions. The AT trends
to be electronic. The development direction of modern AT is as follows.

1. Use of universal lockup clutch with electronic control

In order to improve transmission efficiency and economic performance, the hydraulic
torque converter lockup clutch is widely used in the AT of passenger cars, and elec-
tronic control is carried out to keep the gear shift smooth. The functional char-
acteristics of the lockup hydraulic torque converter determine the AT process of
hydraulic coupler, hydraulic torque converter and lockup hydraulic torque converter.
The hydraulic torque converter can increase the engine torque and absorb torsional
vibration in addition to transferring torque, but the hydraulic coupler cannot. The
hydraulic torque converter with lockup clutch overcomes the low transmission effi-
ciency of the ordinary hydraulic torque converter caused by slip between the output
and input shafts. The hydraulic torque converter will not work at the lockup of the
lockup clutch. At this time, the transmission input and output are rigidly connected
and the electronic control of the ECU makes the shift smoother. The lockup clutch
is widely used in the hydraulic torque converter of the modern AT, which improves
the fuel economy and lowers the transmission temperature.
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2. Multi-speed

The trend of multi-speed AT development has been a consensus in the industry. From
the early 4AT to the common 5AT, 6AT, the number of automatic transmission gears
is increasing. The increase in the number of gears has the following advantages:

(1) The increase in the number of gears enables the engine to work in the most
fuel-efficient conditions for more time and achieves better economy.

(2) The high-gear AT has a larger gear ratio range and a more detailed gear ratio
difference between gears, which can improve the performance of the vehicle to
some extent.

For example, the core structure of the ZFOHP transmission (Fig. 3.42) is composed
of four planetary gear sets and six shift actuators, one shift actuator more than the
ZF8HP transmission. It controls the different combinations of the planetary gears by
means of the shift actuators, realizing the setting of 9 forward gears and 1 reverse
gear. It shortens the transmission length by nested planetary gears and controls the
overall mass of the transmission by optimizing the transmission structure and using
lightweight parts on the basis of meeting the intensity requirement.

The comparison of ZFOHP transmission with horizontal 8 speed and 6 speed
AT gear ratio is shown in Table 3.9. As can be seen from the table, the number of
overdrive gears (gear ratio less than 1) of the ZFOHP transmission has reached 4.
The overdrive gear is from the gear 6 and the gear ratio of the gear 9 is only 0.48,
far below that of the general overdrive gear. The total gear ratio range even reaches
9.81 (ratio of maximum gear ratio to minimum gear ratio). It can be seen that the 9
speed transmission is more economical in its gear ratio setting, enabling the vehicle
to travel at a more economical speed over a wider speed range. Similarly, a wide
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Fig. 3.42 Structure of ZFOHP transmission
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Table 3.9 Comparison of ZFOHP transmission with horizontal 8 speed and 6 speed AT gear ratio
(horizontal)

Transmission ZF9HP 9 speed AT | Aisin AW TG80—LS 8 | Aisin AW TF80—SC 6
speed AT speed AT

Gear 1 4.70 5.20 4.15
Gear 2 2.84 2.97 2.37
Gear 3 1.90 1.95 1.56
Gear 2 1.38 1.47 1.16
Gear 5 1.00 1.22 0.86
Gear 6 0.80 1.00 0.69
Gear 7 0.70 0.82 -

Gear 8 0.58 0.69 -

Gear 9 0.48 - -
Reverse gear 0.80 4.25 3.39
Gear ratio range | 9.81 7.59 6.05

N D S
R A |

Fig. 3.43 Shift logic of ZFOHP transmission

gear ratio is beneficial for dynamic performance, allowing the vehicle to maintain
maximum performance output speed over a wider speed range.

As shown in Fig. 3.43, the combinational logic of the ZFOHP transmission control
elements is also very clever and only two shift actuators are required either for shifting
on alternate gears or for sequential shift (Table 3.10), ensuring that the transmission
has fast response times in both modes of execution, and its acceleration time from 0
to 100 km/h can be reduced by at most about 2 s compared with the 6 speed AT.

3. Shift control by multiple solenoid valves

The AT shift is controlled by multiple solenoid valves, which greatly improves the
shift quality.

The AT actuators have been developed from one or two solenoid valves in the
past to multiple solenoid valves. The increasing number of solenoid valves has led
to the gradually development of the upshift and downshift control of the gear D from
throttle oil pressure and speed oil pressure to the shift solenoid valve control. Many
new solenoid valves are used in transmissions, such as forced downshift solenoid
valve, timing solenoid valve, torsion buffer solenoid valve, reverse solenoid valve and
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Table 3.10 Combination of ZFOHP transmission control element

Gear Brake Clutch Claw clutch

C D B E F A
1 0} o o
2 o O O
3 (6] (¢ o
4 (6] o o
5 (6] (6] o
6 o (6] o
7 0} (6] o
8 o 0} (6]
9 (6] O (0]
R 0} (6]

Note O means engagement, brake or locking

torsion transfer solenoid valve, further expanding the control range of the electronic
control system. Currently, the control of some electronically controlled ATs over the
manual mode, gear D and reverse gear is in the charge of the shift solenoid valve.
The fuzzy control technology humanizes the vehicles, allows the transmission ECU
to simulate and learn the driver’s driving habits, and automatically corrects ECU
control commands.

Previously, the pressure control valves of the hydraulic control system were the
pilot valve and the main valve, both of which jointly controlled the oil pressure. Now
anew type of proportional valve (Fig. 3.44) has emerged. A single proportional valve
can control the oil pressure, thus reducing the mass of the hydraulic system.
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4 R | 10
Solenoid
Channel Fuel t: ST
| '}
) |
Drainage port [ Oil outlet |
Main chamber
Clutch
assembly

Fig. 3.44 New proportional valve
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4. Transmission miniaturization

The miniaturization of AT is helping to reduce weight and shorten the power trans-
mission routes to make vehicles more fuel-efficient. Since the 1970s, the number of
minicars has increased dramatically, thus providing a prerequisite for the miniaturiza-
tion of the AT. In addition, the trend of using automatic drive axle (that is, combining
the transmission and the drive axle as a whole) is very obvious, and the miniaturiza-
tion of the transmission promotes the development of FF and automatic drive axle.
Compared with hydraulic control, the electronic control has the following obvious
advantages: achieve more complex and diverse control functions that the hydraulic
control is difficult to achieve, so that the performance of the transmission is improved;
greatly simplify the structure of control system and reduce productive investment;
realize the control function by means of the combination of software and hardware.
Because the software is easy to modify, the product can adapt to the change of struc-
tural parameters. With the development of automobile electronization, the electronic
control of the automotive drivetrain can share resources with engine, brake system,
SRS and other systems through the bus networking to realize the overall control, so
as to further simplify the control structure.

5. Reduction of work noise

At present, the research on noise reduction at home and abroad mainly focuses on
the following aspects: improving the geometric precision and surface quality of parts
and improving the assembly quality; obtaining the dentation that can achieve the low
noise effect through the finite element software simulation technology; optimizing
and improving the helical angle and tooth width of the gears to increase the contact
area of the meshing gears, so as to reduce the noise caused by the gear friction.

6. Optimization of shift control

The shift control is optimized and improved from two aspects: the intelligence of
the shift point control and the high quality of the shift transition process. In terms of
intelligent control of shift point, the vehicle speed and throttle percentage are used
as the basic control parameters, the factors such as the driving conditions, driver’s
personality and willingness to maneuver are used as auxiliary conditions to determine
the shift law, and intelligent control techniques such as robust control, model control,
adaptive control and neural network control are adopted; in terms of the high quality
of the shift process, improving the stability of the transition and reducing the thermal
load of the joint elements will be two key issues in the future research.
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Chapter 4 ®)
Continuously Variable Transmission i

4.1 Overview

The continuously variable transmission (CVT) is a transmission which is driven by
a non-geared drive mechanism and can continuously change the gear ratio.

A lot of ingenious and well-structured drive mechanism forms (Fig. 4.1a) have
emerged in the development process of the variable speed technology. The widely
used metal belt CVT was developed by Dr. H. Van Doorne of the Netherlands in the
late 1960s and only used in the minicar at that time.

In the modern era, due to the improvement of materials science and technology
and manufacturing level, CVT can be applied to large displacement 3.5L cars.

CVT has mechanical and hydraulic types. The mechanical CVT is applied in the
vehicles actually, with the main transmission types of belt type and annular contact
type. In terms of popularity, the belt CVT, which changes the gear ratio by changing
the width of pulley groove, has been widely used. The belt CVT also includes VDT
belt type, chain type, composite belt type and rubber belt type structure, among which
VDT belt type occupies the mainstream position.

This chapter mainly introduces the VDT belt CVT for automobile. In the mid to
late 1970s, the Dutch VDT company developed the VDT belt; in 1987, Subaru first
fitted the VDT belt CVT on its Justy model; in 1995, the Dutch VDT company was
acquired by BOSCH. By 2015, the annual output of the CVT belt had exceeded 40
million.

The gear ratio of the automatic transmissions, such as AT and DCT, cannot change
continuously. To change the speed continuously, the engine must work at different
speeds, thus resulting in shift impact. In addition, given a certain driving speed, the
engine may not be able to work at the appropriate speed, which will reduce the
vehicle’s fuel economy and power performance.

Compared with AT, CVT can obtain continuous gear ratio. Figure 4.2 shows the
relation curve between driving speed and engine speed Fig. 4.3 shows the corre-
sponding power and fuel consumption at the engine operating point. It can be seen
that in the process of changing the driving speed of a car equipped with CVT, the
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change of engine speed is relatively small without obvious fluctuation, and can make
the engine operating point close to the curve of the minimum specific fuel consump-
tion, which ensures that the car has good power performance, comfort and fuel
economy.

However, compared with AT, CVT has a higher cost and a greater friction loss.
In particular, in the process of changing speed, the belt and the pulley shall move
relative to each other in the radial direction, and the efficiency will be reduced to
about 60%. Limited by the structure, the range of CVT gear ratio is smaller than AT,
and the torque capacity is not high. Because of the size of the pulley, the arrangement
of the belt CVT is also limited.
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Fig. 4.3 Power and fuel consumption at the engine operating point
4.2 Composition of CVT

According to the power transmission sequence, the main components the metal belt
CVT (Fig. 4.4) and their functions are as follows:

(1) Hydraulic torque converter: start; reduce impact.
(2) Planetary gear train: forward/reverse/neutral switching.

(3) Belt drive mechanism: speed change; parking (lock the driven active wheel).
(4) Main reducer: deceleration.

(5) Differential mechanism: differential motion.

The torque output by the engine is transmitted to the drive pulley through the
hydraulic torque converter and the forward/reverse/neutral switching mechanism;
the power is transmitted to the driven pulley in the form of belt drive and finally
drives the wheel through the main reducer and transmission shaft.

1. Hydraulic torque converter

The hydraulic torque converter of CVT only runs within 5-10 m after starting at
the speed below 20-25 km/h, beyond which it is immediately locked, with low
utilization rate. Limited by the layout space, the axial dimension of the hydraulic
torque converter is smaller than that of AT. Although this sacrifices the advantage of
hydrodynamic drive the actual impact on CVT is not significant.

In addition to the hydraulic torque converter, other forms of starters include wet
clutch and electromagnetic clutch.
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Fig. 4.4 Composition and power transmission of metal belt CVT

2. Forward/reverse/neutral switching mechanism

In the CVT transmission shown in Fig. 4.5, there is a single row of planetary gear
train between the hydraulic torque converter and the drive pulley, the annular gear
is connected to the drive pulley shaft, and the center gear is connected to the output
shaft of the hydraulic torque converter; a clutch is set between the center gear and
the planetary carrier, and a brake between the planetary carrier and the transmission
case. The forward and reverse gears are switched by controlling the engagement and
disengagement of the clutch and brake in the planetary gear set.

When moving forward, the clutch is engaged and the brake is disengaged. The
annular gear and the center gear have the same angular velocity direction. Inreversing,
the clutch is disengaged and the brake is engaged. The annular gear and the center
gear have the opposite angular velocity direction.

3. Belt drive mechanism

The belt CVT which has been widely used mainly includes VDT belt type, chain
type, composite belt type and rubber belt type. The structure and working principle
of different belt CVTs are basically similar: the belt drive mechanism consists of the
belt, drive and driven pulleys; each set of pulley consists of two sets of cone disks,
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each consisting of a sliding cone disk that can move along the shaft and a fixed cone
disk that is fixedly connected to the shaft; the belt is located between two cone disks.

As shown in Fig. 4.6, when the sliding cone disk moves along the shaft, the groove
amplitude formed by the cone surfaces of the two cone disks changes, and the pitch

Fig. 4.6 Change in the pulley groove amplitude in the speed change
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radius of the belt also changes accordingly. Since the length of the belt and the center
distance of the pulley are unchanged, the pitch radius on the other side shall also
change correspondingly.

The gear ratio of the belt drive is

i = pitchradius on the driven side/pitch radius on the drive side 4.1

The main form of the belt in the belt CVT is shown in Fig. 4.7.

The VDT belt structure shown in Fig. 4.7a will be detailed in Sect. 4.3.

Figure 4.7b shows the chain structure. The chain plates between adjacent chain
links are connected by a pair of roll pin shafts. When the adjacent links rotate each
other, there is relative rolling motion between the roll pin shaft pairs connected on the
cambered surface, which reduces the friction loss. The chain belt has a large torque
capacity, but large vibration noise.

Figure 4.7c shows the composite belt structure, which is similar to the VDT belt
structure, but with different materials, functions and operating environment. The unit
block is molded with heat-resistant resin with aluminum alloy reinforced sheet to
withstand the pulley packing force; embedded with an aramid core wire. Two tension
belts are slotted and inserted from both sides of the unit block to form a composite
belt with the unit block. The composite belt works in an open environment with

Belt steel plate

p Belt ring

- Roll pin shaft

Inner plate

a) VDT metal belt
b) Chain metal belt

Unit block

Upper arny/#~

Lower arm | 26 yiy

el ~ Rubber

¢) Composite belt d) Inner tooth rubber belt

Fig. 4.7 Main forms of belt
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no lubrication, large friction factor and light transmission weight, but poor heat
resistance and large noise.

Figure 4.7d shows the inner tooth rubber belt, which is divided into three layers: the
top layer is a stretching layer made of high-strength fiber cloth to protect the second
and third layers; the second layer is a tensile layer, containing nylon fiber bundles,
mainly used to withstand the tension of the belt; the third layer is a compression layer
made of rubber material to bear the packing force of the pulley and generate friction
to transmit the power. The axial stiffness of rubber is increased by the use of fibers
with uniform axial direction. The design of the inner teeth can reduce the bending
stiffness and provide a large contact area, so as to reduce the loss of belt bending,
reduce heat and improve the transmission efficiency.

4. Parking brake

The parking gear in the parking brake is directly arranged on the output shaft of the
transmission to achieve parking by occluding with the parking brake ratchet.

5. Reduction gear and differential mechanism

In a CVT-equipped vehicle, the engine flywheel is generally designed to rotate in
the same direction as the forward wheel, thus reducing the impact of variable speed.
As shown in Fig. 4.8, in order for CVT to achieve the above rotation direction
relationship, a two stage reduction gear is set between the driven pulley shaft and the
output shaft, which increases the distance between the driven pulley shaft and the
output shaft, ensuring the space requirement of the transmission shaft.

The differential mechanism and differential limited slip mechanism used in the
CVT-equipped vehicle are not significantly different from those used in the vehicles
equipped with other transmissions and not described in detail here.

6. Hydraulic, cooling and lubrication systems

The automatic transmission fluid (ATF) used in the CVT mainly has the following
functions:

(1) Control the axial motion of the sliding cone disks of the drive and driven pulleys.

(2) Control the engagement and disengagement of the lockup clutch.

(3) Control the engagement and disengagement of the clutch and brake in the
forward/reverse mechanism.

(4) Act as the medium of the hydraulic torque converter.

(5) Lubrication.

(6) Cool the metal belt, clutch, brake and hydraulic torque converter.

Requirements for hydraulic pump: when the hydraulic pump pumps the ATF, the
ATF pressure and ATF output fluctuation, and ATF pressure changes on the ATF
pumping amount shall be small impact; the hydraulic pump shall have low operating
noise and small size and mass; compared with AT, the hydraulic pump used in CVT
can pump a large amount of ATF, so it is necessary to ensure small ATF leakage of
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the pump when working under high pressure. Hydraulic pump types that meet the
application requirements of CVT include gear pump and vane pump.

There are multiple slip contacts and rolling contacts in CVT, as well as oil agitation
and high pressure leakage. In order to keep CVT operating below the necessary
temperature, a cooling system shall be set to reduce the transmission temperature.
There are usually two cooling methods: one is to draw cooling water from the engine
cooling system and flow through the transmission for cooling; the other is to set a
separate cooling circulatory system in the transmission.
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4.3 Composition and Drive Theory of VDT Belt

I. Pulley
1. Structure of pulley

The pulley consists of fixed cone disk and sliding cone disk. The pitch radius of
the drive and driven pulleys is changed by adjusting the axial position of the sliding
cone disk, so as to change the gear ratio of the belt drive, as shown in Fig. 4.9. The
sliding cone disk can realize the continuous change of the pitch radius during the
axial movement.

2. Bending moment tolerated by pulley

The sliding cone disk and the pulley shaft are connected by ball spline (Fig. 4.10),
which can reduce the limiting static friction and sliding friction of the sliding cone
disk in the axial direction, so as to reduce the sudden acceleration change after
the push over the limiting static friction, reduce the friction resistance, and make
the speed change smoother and more convenient for manipulation. On the part in
contact with the belt, the pulley will tend to expand outward and will bear a certain
bending moment, which is balanced by the contact surface pressure between the
sliding cone disk hub and the pulley shaft. In fact, this bending moment is so large
that the shaft and hub are designed into a stepped structure to avoid its direct effect
on ball spline steel balls (Fig. 4.11). However, the shaft hole surface spacing still
changes periodically during pulley rotation, so the ball spline steel balls will still be
squeezed, resulting in alternating radial pressure. The three change rules are shown
in Fig. 4.12.

eDCSDED

Fig. 4.9 Change in axial position of sliding cone disk and pitch radius
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Fig. 4.10 Stress on ball spline and steel balls

Fig. 4.11 Stepped structure
of shaft hub and radial
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3. Hydraulic cylinder and seal

As shown in Fig. 4.13, the piston is driven by oil supply to the hydraulic cylinder of
two sets of sliding cone disks respectively to provide the packing force of the pulley
to the belt. The packing force shall ensure that the belt does not slip under various
working conditions, and the pressure value shall not be too large.

To change the gear ratio by controlling the ratio of pitch radius is to adjust the
pressure balance of the hydraulic cylinder pressure of the drive and driven pulleys.

The cone disk moves under the action of the pressure in the hydraulic cylinder.
A hydraulic cylinder consists of a cylinder block and a piston. The cylinder block is
integrated with the active wheel, and the oil seal is mounted on the piston rod. There
is a certain clearance between the cylinder block and the piston, but the deformation
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of the pulley caused by a large bending moment on the pulley will cause the clearance
between the cylinder block and the piston to change. If the static clearance is designed
to be too small, the clearance can disappear after the pulley deformation, resulting
in interference between the cylinder and piston and damaging the oil seal. If the
clearance is too large, the oil seal will be pressed out in case of excessive pressure
in the cylinder. Therefore, it is necessary to ensure that CVT pulley has sufficient
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stiffness to resist deformation, reasonably design the static clearance value, and select
the appropriate oil seal material to meet the durability requirements.

4. Deformation and stress of pulley

Pulley produces a large bending moment under the action of the belt. The change
of load and the deformation of the oil seal or belt caused by pulley deformation
will affect the relationship between the oil pressure and gear ratio, so the stiffness
of pulley shall be increased. The pulley does not require enough strength under a
large alternating load, but the strength will be increased with the contour size and
mass when the stiffness is increased. During the design process, the finite element
method was used to analyze pulley of different structural forms. On the premise
that the stress and deformation requirements were met, the design scheme with the
minimum contour size and mass was selected.

5. Pulley central plane dislocation and its elimination

As shown in Fig. 4.14, when changing speed, the belt moves radially along the cone
as well as along the axis. By arranging the two sliding cone disks of the drive and
driven pulleys relative to each other, it can prevent the dislocation of the central plane
of the drive and driven pulleys during the speed change.

However, the relative arrangement of the two fixed cone disks in the left and right
only offsets part of the central plane dislocation in the speed change. When the belt
length is constant and the gear ratio varies, the increment of the pitch radius of the

Fig. 4.14 Production Large gear ratio———= Small gear ratio
mechanism of pulley central
plane dislocation

Sliding cone disk
at the drive side

/ ‘ Fixed cone disk at
the drive side
707
7 A%

Fixed cone disk at [’
the driven side ||

Sliding cone disk
at the driven side

Small gear ratio— = Large gear ratio
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drive pulley is not equal to the decrement of the pitch radius of the driven pulley,
which causes the dislocation of the central plane of the pulley and the offset of the
metal belt.

The relationship of the gear ratio i, fixed cone disk spacing U and offset 8 is shown
in Fig. 4.14. At high and low speeds, the offset 3 is on the same side (—); when the
gear ratio is 1:1, the offset 8 is on the other side (+). In general, the shim is used to
adjust the axial position of the fixed cone disk and change the spacing U of the two
fixed cone surfaces so that the value of 0 is near the center of the variation range of
the offset to optimize the offset.

The effect of offset on the service life of the belt is very significant. There are
generally two methods to improve the dislocation: designing the tessellation lines of
the cone and adjusting the axial position of the fixed cone disk. The former method
has too high requirement for the cone disk processing technology and affects the
contact between the cone and the steel plate, so the latter is often used to improve the
dislocation. As shown in Fig. 4.15, the dislocation will change accordingly when the
spacing U between two fixed cone disks is adjusted. This principle is usually used
to optimize the position of dislocation 0.

In addition to the above gear ratio and the fixed cone disk spacing, the central plane
dislocation is also affected by the bearing manufacturing errors, thermal expansion
of the box or shaft, etc.

6. Pulley wedge angle

If alarge pulley wedge angle is taken, the axial movement range of the cone disk will
be increased, resulting in the width of the belt and the axial size of the pulley being
too large. Moreover, the radial pressure of the pulley on the belt will also increase,
resulting in increased tension and shortened life.

If a small pulley wedge angle is taken, the radial component of the packing force
of the pulley on the belt will be too small, which may make it difficult to remove the
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Fig. 4.15 Relationship of the gear ratio i, fixed cone disk spacing U and offset §
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Fig. 4.16 Structure of VDT
belt

belt from the pulley. Moreover, too small wedge angle will lead to the belt loose side
tension smaller.

II. VDT belt
1. Structure of VDT belt

VDT belt is composed of steel plate and belt ring, as shown in Fig. 4.16. The thickness
of the steel plate is about 2 mm. In order to prevent the dislocation of two adjacent
steel plates, there are protrusions on one side and pits on the other side. The bevel
angles on both sides match the pulley cone. Hundreds of steel plates are stacked
when working, depending on the thrust between them.

The belt ring is nested by several seamless steel ring pieces with a thickness of
only 0.2 mm, which are extremely tough and can withstand considerable bending
stress cycles.

The belt ring composed of two sets of nested ring pieces is embedded in the slot
on the left and right sides of the steel plate, and the steel plate is sandwiched in the
middle, which is combined into a flexible drive belt that can be bent. The packing
force of pulley on the belt is borne by the steel plate, while the radial component of
the packing force is balanced by the tension of the belt ring.

In the circumferential direction, there is friction between the belt ring and the steel
plate. The belt ring deforms at the intersection of the circular part and the straight
part of the belt. If the belt ring is composed of a ring piece, a large bending stress
will occur due to the excessive thickness of a single belt ring. Therefore, the steel
belt is composed of several thin ring pieces.

2. Torque transmission

The ability of the VDT belt to transmit torque is determined by the friction factor,
pitch radius, packing force, angle between the tessellation lines of the cone and
bottom surface, etc. Generally, the friction factor is 0.08-0.10, and the included
angle between the tessellation lines of the cone and bottom surface is about 11°.

In order to ensure that the belt does not slip, a safety factor shall be multiplied
when designing the cone disk packing force, usually 1.2—-1.5. If the value of safety
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factor is too small, the belt will still slip due to working conditions, machining error
of parts, temperature change, friction surface deformation after continuous working
and other factors; if the value of safety factor is too large, the friction loss would be
so large that it would affect the transmission efficiency and the service life of the belt
and pulley components.

The packing force F required for the torque transmission shall satisfy the
following relationship

KT, cosa
> —

Fy 4.2)

o R

where,

K—safety factor, usually 1.2-1.5;

T ,—transmitted torque;

u—friction factor, generally 0.08-0.10;

a—included angle between the tessellation lines of the cone and bottom surface;
R—pitch radius.

In general, w1 is 0.08-0.10 and K is 1.2-1.5.

When the belt drives the load to work, the belt will have loose side (upper of
Fig. 4.17) and tight side (lower of Fig. 4.17). The VDT belt mainly transmits the
torque relying on the thrust between the steel plates of the loose side, so it is called
the compression belt drive. The force analysis of VDT belt is shown in Fig. 4.17.
The torque calculation formula is as follows.

Torque at the power inputsideT; = (T; — T) -n+ Q - 43)
Torque at the power output side T, = (T; — Ts) - r, + Q - 1, ’

Although this metal belt drive is known as compression belt drive, there is only a
squeezing force between the steel plates. The loose side tension of the whole belt is

Fig. 4.17 Force analysis of Packing force between
VDT belt steel plates

Loose side tension T;

)
1/ &\\\\\\\\\“‘

Tight side tension T)
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Fig. 4.18 Determination of pitch circle of VDT belt

the difference between the thrust of the steel plates and the loose side tension of the
belt ring and must be positive.

The motion of the VDT belt is analyzed. When the belt enters the circular motion
state, the steel plates are arranged into an arc. The steel plates could swing with point
A in Fig. 4.18 as the fulcrum, and the distance from the fulcrum to the pulley center
is the pitch radius. The gear ratio is determined by the pitch circle of the drive and
driven sides.

The contact radius (inner diameter of the belt ring) between the steel plate and
the inner layer of the steel belt offsets the pitch radius outward by 1 mm. The thrust
between adjacent steel plates is very great, which requires high parallelism between
the front and back of steel plates.

In order to ensure the smooth operation of the system, in addition to ensuring
that the parallelism error between the front and back of the steel plates meets the
requirements, it is also necessary to ensure that the contact area of each unit is as
large as possible, which requires that the contact surface between the steel plate and
the belt ring, as well as the 1 mm wide steel plate surface in contact between adjacent
steel plates have high machining accuracy.

3. Centrifugal force of belt

Since each component of the VDT belt is made of metal, it has a large mass and a
large centrifugal force is generated at high-speed revolution, i.e.

F,=m, R o 4.4)

where,

F ,—centrifugal force on a single steel plate (N);
m,—mass of a single steel plate (kg);

R—turning radius of center of mass of steel plate (m);
w.—angular velocity of working pulley (rad/s).

The centrifugal force affects the friction between the pulley and the belt.
Figure 4.19 shows the equilibrium relationship between the centrifugal force acting
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Fig. 4.19 Centrifugal force Centrifugal force of steel plate
produced by steel plate

Radial packing force of pulley

on the steel plate and the radial component of the packing force. It can be seen that
under the action of centrifugal force, the radial component of the packing force will
decrease, that is, the packing force will decrease, causing the decrease in the friction
between pulley and the belt.

4. Slip and friction moment in the belt

When the gear ratio is 1:1, the steel plate and the belt ring rotate at the same angular
velocity, and there is no slip between the steel plate and the innermost ring. When
the gear ratio is not 1:1, the minor diameter side always slips.

As shown in Fig. 4.20, the tension of two pulleys on the belt is equal at the varying
speed. Given the wrap angle 6 on the minor diameter side, the wrap angle on the
major diameter side is 6 + 2A0. The central angle of the shaded sector in the figure
is 2A6 and the force acting on the outer edge of this part is a pair of balance forces of
the belt. The wrap angle 6 on the minor diameter side is the same as that on the major
diameter side minus the central angle of the shaded sector, so the packing force is the
same on both sides of the angle 6. While on the major diameter side, the friction of
the shaded part of 2A0 shall be provided and the packing force on this side is greater
than that on the minor diameter side, so there is no slip on the major diameter side.

Fig. 4.20 Wrap angle and
force at varying speed
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Fig. 4.21 Production mechanism of slip in the belt

The mechanism of the slip in the belt is shown in Fig. 4.21. It is assumed that the
steel plate and belt ring speed on the major diameter side have been determined, and
the slippage (speed difference) is

Av = Ay — A Tyt )L (4.5)
V= V1 — Vy = — Z7Tn, - - — .
' 2 1 P 60

where:

n,—speed of active pulley (r/min);

i—gear ratio;

t—offset between the steel plate and inner side of steel belt (m);

Avy, Avp,—speed difference between the steel plate and the inner ring piece (m/s).

In case of slip, friction moment will be generated, which is equal to the sum of the
product of slippage, slip surface pressure and friction factor between slip surfaces.
That is

Friction moment &~ X (slippage x slip surface pressure x friction factor) (4.6)

The slippage quantity is the least at constant speed and increases at high speed. The
positive pressure on the slip surface is positively correlated with the packing force
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and negatively correlated with the centrifugal force, that is, the friction is affected
by the packing force and the speed. Although the slippage between the ring pieces
is small, the contact area is large, so the friction is greatly affected.

5. Stress analysis of belt ring and steel plate

In this metal belt drive, there are two kinds of proportional relations: the ratio of
pitch radius and the ratio of belt ring radius, which determine two kinds of gear
ratios respectively. In order to determine the true gear ratio of the metal belt drive, it
is necessary to analyze the force relationship within the belt.

Generally speaking, the characteristics of belt drive are relative to the flat belt
(that is, the tension belt composed of belt rings), while the V-belt (that is, the thrust
belt composed of steel plates) has a larger torque capacity. Therefore, if the torque
transmitted by the metal belt exceeds the torque capacity of the belt ring, the gear ratio
should be determined by the ratio of pitch radius; otherwise, it should be determined
by the ratio of belt ring radius.

As indicated above, slip occurs on the minor diameter side and not on the major
diameter side during the operation of the metal belt; the inner ring radius is 1 mm
larger than the pitch radius; the inner belt ring will slip on the minor diameter side.
Therefore, it can be inferred that the steel strip on the minor diameter side has a
higher angular velocity, and the steel strip is subject to a greater centrifugal force,
so the tension in the belt ring here is greater. In the case of large gear ratio, if the
transmitted torque is small, the steel plates squeeze each other at the lower side of
the belt; if the transmitted torque is large, the steel plates squeeze each other at the
upper side of the belt, as shown in Table 4.1. The test results show that when the
torque increases, the slippage becomes larger and the gear ratio decreases by about
1%. Further increasing the torque will even cause the separation of adjacent steel
plates, further reducing the gear ratio. In the case of small gear ratio, the tension of
the upper side belt ring is relatively large, while the compression of the upper side
steel plate is not affected by the transmitted torque, so the slip rate is relatively small
when the gear ratio is large.

The reasons for belt ring stress are as follows:

(1) Beltring stress caused by the belt tension from the packing force of the pulley.

(2) Beltring stress caused by the loose and tight sides from the torque transmission.

(3) Belt ring stress caused by the slip friction between the steel plate and the belt
ring.

(4) Beltring stress caused by the centrifugal force of the steel plate.

(5) Beltring stress caused by the belt bending.

The first four terms above are tensile stresses, and the ring piece is thick; the fifth
item is bending stress, and the ring piece is thin.

If the central plane dislocation of two pulleys exceeds the allowed amount, the
steel plate plane will have great dislocation from the tessellation lines of the cone
and a great stress will generate inside the steel plate, as shown in Fig. 4.22. Excessive
dislocation may even damage the steel plate. At this point, a bending moment also
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Table 4.1 Relationship among load, gear ratio and belt tension

The transmitted torque is greater than
the torque capacity of the belt ring

The transmitted torque is smaller
than the torque capacity of the
belt ring

Note

Large
drive
ratio

Drive pulley Driven pulley

Both the belt ring and steel plate
transmit torque

Drive pulley Driven pulley

The belt ring transmits the torque

and the steel plate acts as a
hindrance

The lower
side tension
of belt ring
is large

The
compression
between the
steel plates
is transferred
from the
lower side to
the upper
side due to
increased
torque

Small
drive
ratio

Drive pulley Driven pulley

The steel plate transmits the torque
and the belt ring acts as a hindrance

Drive pulley Driven pulley

The steel plate transmits the

torque and the belt ring acts as a
hindrance

The lower
side tension
of belt ring
is large

The
compression
between the
steel plates
is always on
the upper
side

Fig. 4.22 Steel plate stress
under uneven force
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acts on the steel plate in addition to the cone disk pressure. Uneven force may cause
one or a few steel plates to assume the full packing force of the pulley, resulting in
considerable stress on the steel plate.

In order to reduce the influence of this phenomenon, it is necessary to ensure that
the plane of the steel plate and the tessellation lines of the cone are coplanar as far
as possible, and conduct the test at the maximum speed of each gear ratio. In the
design, the variable speed dislocation, assembly error, axial jitter, thermal expansion
and other factors should be considered to control the dislocation within the allowable
range.

6. Belt noise

The noise frequency is proportional to the speed of the belt and inversely proportional
to the pitch. The pitch of the VDT belt is the distance between two adjacent steel
plates and the pulley junction point.

Although the pitch of VDT belt is small, the displacement transfer error reaches
90 m at the pitch radius of 35 mm, and the noise is obvious. However, the force on
the metal belt is more uniform than that on the gear; the belt is less rigid than the
gear, which is beneficial to the vibration absorption; moreover, the large rotational
inertia of the pulley can effective reduce the vibration noise.

The method to reduce the noise is to change the thickness of the steel plate and
to control the noise frequency in the non-sensitive zone by analyzing the mode.

4.4 Composition and Principle of Hydraulic Control
System

I. Composition of hydraulic control system

CVT is an electronically controlled hydraulic automatic transmission and its
hydraulic system consists of the power element, the actuator and the control mech-
anism. The power element is a hydraulic pump, generally gear pump or vane pump;
the actuator includes the clutch, brake and pulley hydraulic cylinder in the CVT; the
control mechanism includes pressure regulator valve, solenoid valve, shift valve and
lockup clutch control valve, as shown in Fig. 4.23.

Some oil circuits and hydraulic control elements in Fig. 4.21 are integrated into
a control valve body (main valve body), as shown in Fig. 4.24. The main valve body
contains oil channel, valve element, solenoid coil or stepping motor, accumulator,
separator, flowmeter and other components. The main valve body is a two-piece
combination to meet the requirements of CVT complex oil circuit layout. The valve
body has high requirement for the design and processing level: necessary oil amount
and pressure are guaranteed in the oil circuit, so that the hydraulic oil can be reliably
transmitted to the actuators, which also puts forward higher requirements for sealing;
the oil channel shall have reasonable width; the profile size and mass of the valve
body are limited by space and lightweight requirements. Moreover, the valve body
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Fig. 4.24 Main valve body

processing technology shall be satisfactory and easy for disassembly, repair and
adjustment.

II. Working principle of CVT hydraulic control system

The CVT hydraulic control system mainly realizes the following functions:

(1) Provide a proper packing force for the drive and driven pulleys to prevent the
belt from slipping.

(2) Adjust the balance of the packing force of the drive and driven pulleys and get
the required gear ratio.

(3) Control the operating of the clutch and brake in the CVT to achieve forward
and reverse.

(4) Control the start and the hydraulic torque converter lockup.

(5) Lubrication and cooling.

Its working principle is described below according to the functional requirements.
1. Packing force control to prevent belt slip

Insufficient packing force of the pulley will lead to slip, thus intensifying the friction
surface wear, even damaging the contact surface and reducing the belt life. To achieve
sufficient torque capacity of the CVT, the hydraulic system shall provide sufficient
packing force for the pulley. The packing force of the drive and driven pulleys must
satisfy the in Eq. (4.2) to prevent the belt from slipping.

The packing force of the drive and driven pulleys is provided by the respective
hydraulic cylinder. The hydraulic cylinder of the driven pulley is provided with a
return spring and an oil chamber to eliminate the centrifugal effect, as shown in
Fig. 4.25.

The packing force of the working pulley is
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Fig. 4.25 Oil chamber to Oil chamber to eliminate
eliminate the centrifugal the centrifugal effect

effect WL—’T

Fy=F,+F,+F. 4.7

where:

F,—packing force provided by hydraulic force;

F,—packing force provided by the spring;

F .—packing force caused by centrifugal effect.

The friction at the oil seal, ball spline, sliding cone disk hub and other locations

can also cause changes in the packing force of the working pulley, but such friction
is small and can usually be ignored.

(1) Packing force provided by hydraulic force: the force driving the cone disk
is mainly provided by the hydraulic force. By controlling the pressure in the
hydraulic cylinder, the belt is guaranteed not to slip and the gear ratio is adjusted.
The packing force provided by hydraulic force is

F,=8,xp (4.8)

where,

p—in-cylinder pressure (PA);
S,—piston area, with the formula as
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where,

d,—piston outside diameter (m);
d;—piston inside diameter (m).

For the double-piston hydraulic cylinder, the packing force can be divided into
two parts, i.e.

Fp=Fy+Fpn (4.10)

where, F,1, F,,—packing force (N) provided by two pistons respectively of the
double-piston hydraulic cylinder.

Under the same packing force, the larger the piston area, the lower the oil pres-
sure required. Although the hydraulic pump is required to increase the pumping
amount under large piston area, the pumping pressure is reduced, the leakage
reduced and the driving force and size of the hydraulic pump are also reduced.
For the overall reducer, the friction loss will also be reduced.

Due to the limitation of layout space, a smaller double-piston hydraulic cylinder
is usually used on the side of the drive cylinder. However, the single-piston
hydraulic cylinder is used in fact to make the structure simple. Therefore, the
hydraulic cylinder in the CVT of the low-emission vehicles is generally a single-
piston hydraulic cylinder.

Packing force provided by the spring: there is no oil pressure in the loop at
downhill in case of engine stall, but the belt is not allowed to slip and the
interference caused by the relaxation of the belt shall be avoided. To keep the belt
tensioned, a spring is installed in the hydraulic cylinder to provide a portion of
packing force, while also reducing the burden on the hydraulic system, reducing
the driving force of the hydraulic pump and reducing the friction loss of the
transmission.

Packing force caused by centrifugal effect: the hydraulic cylinder is filled with
the ATF. When working, the ATF rotates with the hydraulic cylinder and the
additional centrifugal pressure generated by the centrifugal effect will become
part of the pulley packing force. The centrifugal pressure of the hydraulic torque
converter can even cause the casing to expand, affecting the internal pressure in
the forward/reverse clutch piston. Therefore, in terms of the CVT design, the
influence of centrifugal force is not negligible. The packing force caused by
centrifugal effect is

wp - (d2 — d)?

= . A.11)

where,
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p—oil density (N/m?);

w—speed (rad/s);

d,—outside diameter of hydraulic chamber (m);
d;—inside diameter of hydraulic chamber (m).

It can be seen from the above equation that if the speed is too high, the centrifugal
force may cause the packing force to be in an excessive state, and the friction
between the belt and the pulley increases, leading to the decrease of the service
life. Moreover, the pressure change caused by the centrifugal force will destroy
the balance of the packing force of the drive and driven pulleys, resulting in the
failure to obtain the expected gear ratio. To eliminate the effect of centrifugal
action, an oil chamber to eliminate the centrifugal effect, as shown in Fig. 4.23,
is provided in the hydraulic cylinder of the driven pulley, which is usually at a
high speed.

Even with the above oil chamber, it is structurally impossible to reduce d, to
the same level as dj, that is, centrifugal force cannot be completely eliminated.
Therefore, the accurate adjustment of pulley packing force to the target value
depends on electronic control, and the speed and gear ratio are taken into account
to appropriately reduce the oil pressure.

Regulation of line atmospheric pressure: the atmospheric pressure regulator
valve of the pipeline is shown in Fig. 4.26. The high-speed on-off solenoid valve
is used as the pilot valve, and the pulse width modulation (PWM) technology
is applied to get the low pressure signal to change the valve position of the
regulating valve to control the line atmospheric pressure. The spring force and
signal pressure act on the right side of the regulating valve stem; the hydraulic
pressure related to the line atmospheric pressure acts on the left side. If the
force on the right side is large, the stem is pushed to the left, the unloading
loop is closed, and the line atmospheric pressure is increased. When the line
atmospheric pressure is too high, the valve stem is pushed to the right, the
unloading loop is opened, and the line atmospheric pressure drops.

The line atmospheric pressure is adjusted according to

Signal pressure

Hydraulic torque
Unloading converter

a8 00y
LA S S S R 2 2

Needle valve
4 OFF

Line atmospheric

pressure Spring

Fig. 4.26 Line atmospheric pressure regulator valve
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_ F, + PsSs

P,
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where,

P;—Iline atmospheric pressure (Pa);

Fs—spring force (N);

Ps—signal pressure (Pa);

Sg—action area of signal pressure (m?);
S;—action area of line atmospheric pressure (m?).

2. Hydraulic control of gear ratio regulation

To change the gear ratio of belt drive, it is necessary to adjust the balance of the
packing force between the drive and driven pulleys.
Packing force formula

T, cosa
X = X 5

4.13
2ukry ( )

where,

F,—packing force of pulley (N);

a—included angle between the tessellation lines of the cone and bottom surface
(*);

u—friction factor between pulley and steel plate;

k—distribution coefficient of friction in circumferential tangential direction and
normal direction, 0 <k < 1;

ry—pitch radius (m).

Meanwhile, the pitch radius on both sides satisfies the following relation

T —0
2A cos +r0+rnQRr—0)=L

-0
Assin il =r —n (4.14)
r=ry/r

Based on the above relation, the packing force of the two pulleys can be determined
respectively when the target gear ratio and load are known.

(1) Regulation characteristic of pulley packing force: in the actual working process,
the tension at the belt connection to the drive pulley is large and the operating
radius tends to decrease; on the side of driven pulley, the tension at the belt
connection is small and the operating radius tends to increase. If no adjustment
is made, the pitch radius on the drive pulley side will decrease with the rotation
angle, while the pitch radius on the driven pulley side will increase with the
rotation angle, resulting in a smaller gear ratio. In order to prevent the gear ratio
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from changing, it is necessary to increase the packing force on the drive side
and reduce the packing force on the driven side, so as to increase the gear ratio
and balance the decreasing trend of gear ratio. This trend will become more
significant as the load increases.

Figure 4.27 shows the regulation characteristic of the pulley packing force on
both sides to obtain stable gear ratio under different loads. It is affected by
the load, the belt stiffness, geometric profile and many other complex factors.,
Meaning of load ratio in the abscissa axis: 0 is no load and 1.0 is the state
in which the belt happens to slip; the packing force ratio in the ordinate axis
indicates the ratio of the packing force of the drive pulley to that or the driven
pulley. To obtain the stable gear ratio, the packing force of the drive pulley shall
be increased according to the load.

Pressure provided for each pulley: to make the packing force of the drive
and driven pulleys meet the gear ratio regulation requirements, the hydraulic
system shall supply the corresponding pressure to the hydraulic cylinders of two
pulleys respectively. In terms of hydraulic function, the pressure of the hydraulic
cylinder of the pulley can be considered as the sum of the line atmospheric pres-
sure and shift pressure. Adjusting the gear ratio is to adjust the hydraulic cylinder
pressure of two sliding cone disks based on the premise of non-slip.

There are two common speed regulation modes:

Single pressure regulation. The driven pulley supplies the line atmospheric pres-
sure and the drive pulley supplies the shift pressure. In this mode, the speed is
regulated only by changing the pressure of the pulley on one side.

Dual pressure regulation. The case is the same as the single pressure regulation
in the case of small gear ratio. The pressure supply mode is reversed in the case
of large gear ratio.

The comparison of two pressure regulation modes is shown in Table 4.2.
In general, the dual pressure regulation is better and more widely used.
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Table 4.2 Comparison of two pressure regulation modes
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Oil pressure of
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Advantages

Speed range
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regulation

Shift pressure
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structure is
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simple

The piston area
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when the line
atmospheric
pressure is not
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efficiency in the
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Little difference

in the piston
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(3) Achieve high
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pressure

2

~

(€]

~

Line (1
atmospheric
pressure

Small drive ratio

~

Dual pressure
regulation

Shift pressure

Line Large drive ratio
atmospheric

pressure

Shift pressure

(3) Hydraulic circuit that controls the variable speed: the piston area ratio is
closely connected with the pressure supply mode of the two hydraulic cylinders
mentioned above.

In the single pressure regulation, the driven side is set as the line atmospheric
pressure. At this time, the piston area on the drive side shall be at least twice that on
the driven side, so that the enough packing force can be generated on the drive side
and the gear ratio can be adjusted to the maximum. The piston area ratio is usually
set at about 2.1.

In the dual pressure regulation mode, it is free to select the piston area ratio of two
pulleys and it is often taken 1.6 or 1 in the actual application. When 1.6 is taken, the
oil pressure at large gear ratio (small load) can be reduced to improve economical
efficiency. When 1 is taken, the piston of two pulleys can be generalized.
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Generally speaking, it is better to adopt dual regulation mode and choose area
ratio 1 than 1.3-1.6.

To change the gear ratio, the balance of the packing force of the pulleys on
both sides should be adjusted. The variable speed control can be achieved by the
solenoid valve or stepping motor to control the gearshift control valve. As mentioned
above, there are two modes of pressure regulation: single pressure regulation and dual
pressure regulation. In this way, the following four pressure regulation modes can be
combined.

(1) Single pressure regulation stepping motor control. The oil pressure on the driven
side is line atmospheric pressure to prevent the belt from slipping. The structure
of the drive side is shown in Fig. 4.28.

The stepping motor and the sliding cone disk are connected by a connecting
rod, with the middle of the connecting rod connected to the gearshift control
valve stem. The gearshift control valve is a slide valve.

The process of adjusting to low gear ratio (high speed) is explained below. The
TCU electronic signal controls the push rod of the stepping motor upward and
drives the connecting rod to move the gearshift control valve stem upward; at this
time, the hydraulic cylinder is connected to the line atmospheric pressure circuit,
the internal pressure of the hydraulic cylinder of the drive pulley increases, and
the sliding cone disk moves downward to make the pitch radius larger; after
the sliding cone disk moves down, the connecting rod will be driven to make

Pulley sensor

Line pressure

Stepping motor

Gearshift control valve

Fig. 4.28 Single pressure regulation stepping motor control
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the gearshift control valve stem move down. When the sliding cone disk moves
to make the valve position in the holding position, the hydraulic cylinder is
disconnected from the line atmospheric pressure circuit, and the shift process
will end.

If the stepping motor position remains unchanged and the gear ratio becomes
smaller due to some external reasons, that is, the sliding cone disk on the drive
side moves down, the connecting rod will be driven to pull the gearshift control
valve stem move down; at this time, the hydraulic cylinder is connected to the
unloading loop, the pressure in the cylinder drops, the sliding cone disk returns
to the left side to restore the set gear ratio and restore the holding state.

The stepping motor control can be used to make the hydraulic system work
smoothly and respond quickly without any speed deviation.

Dual pressure regulation stepping motor control. The dual pressure regulation
stepping motor control has basically the same working principle with the single
pressure regulation stepping motor control. The difference is that the dual pres-
sure regulation stepping mode control has two sets of hydraulic circuits, which
are connected with the drive and driven pulleys respectively; in the pressure
regulation, the pressure of the hydraulic cylinder on one side is changed and the
other side is set to the line atmospheric pressure; the pressure of the pulleys on
both sides is adjustable.

This circuit can achieve speed regulation by reducing the driven pulley pressure.
Single pressure regulation solenoid valve control. The hydraulic cylinder on
the driven side is kept at the line atmospheric pressure to prevent the belt from
slipping. The gear ratio is adjusted by changing the pressure in the hydraulic
chamber on the drive side.

The composition and working principle of the single pressure regulation
solenoid valve control circuit are shown in Fig. 4.29. The gearshift control valve
can be controlled by the electromagnetic signal, so that the circuit pressure is
arbitrary value less than line atmospheric pressure.

Compared with the stepping motor control form, the solenoid valve control can
cancel the linkage and make the structure simple and compact.

Dual pressure regulation solenoid valve control. The dual pressure regulation
solenoid valve control circuit is shown in Fig. 4.30. The pressure regulator
valve adjusts the hydraulic circuit pressure to prevent the belt from slipping.
The combination of two groups of solenoid valve and slide valve controls the
sliding cone disk on the drive and driven sides respectively, and the pressure
of the pulleys on both sides is adjusted respectively according to the TCU
instructions. In the dual pressure regulation mode, it is free to select the piston
area ratio of two pulleys.
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Fig. 4.29 Single pressure regulation solenoid valve control circuit

4.5 CVT Electronic Control System

I. Development and application of CVT

Although the number of gears of the modern electronic automatic transmission is
increasing and has changed from the traditional 4 speed to 5, 6 and 7 speed, it is still a
stepped transmission (with only a few fixed gear ratios). To achieve flexible driving,
low fuel consumption and low noise, the more gears the better. A further extension
of this idea is the CVT, which can realize the stepless change of gear ratio.

Audi, Nissan, Honda and many other models have adopted ECVT and achieved
manual/stepless integration. The emergence of ECVT has made a qualitative leap
in the dynamic and economy performance and handling stability of the vehicle, but
there are also some problems that need to be improved, such as drive impact and
noise, start control, variable speed control, drive belt (pulley) life problems.

Currently, the common domestic models that adopting the ECVT include Audi
A6, Honda Fit and Cowin.
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Fig. 4.30 Dual pressure regulation solenoid valve control circuit

1. Multitronic stepless/manual transmission of Audi A6

Audi Multitronic transmission is installed with a drive group called multi-disk chain
belt on the basis of the original CVT. This group greatly expands the use of the CVT,
transmits and controls the power output with a peak value of up to 310 N m and its
gear ratio exceeds the limits of previous automatic transmissions. Multitronic also
uses a new electronic control system to overcome the shortcomings of the original
CVT. For example, when going uphill or downhill, the system can automatically
detect the slope and assist the vehicle by adjusting the speed ratio to increase the
power output or increase the braking torque of the engine.

2. Honda Fit CVT

Honda Fit CVT is a new-generation steel belt CVT designed for small cars and allows
for high torque transmission between two pulleys. With smooth operation and high
transmission efficiency, it is a better type of transmission in small cars.

3. Cowin CVT

VTIF CVT produced by ZF is used as Cowin CVT. Together with its outstanding
engine, this powertrain is from the BMW MINI Cooper. The CVT has four driving
modes: continuously variable transmission, automatic cruise, sports mode and 6-
speed manual mode.
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Fig. 4.31 Audi 01JCVT electronic control system

II. Composition and control principle of electronic control system

Figure 4.31 shows the Audi O1JCVT electronic control system, which is mainly
composed of an electronic control unit, an input device (sensor, switch) and an
output device (solenoid valve). The electronic control unit is integrated in the speed
ratio converter, and the control unit is directly bolted to the hydraulic control unit.
Three pressure regulator valves are directly connected to the control unit through
the plug (S joint) without connecting wires. The control unit is connected to the
automotive wiring harness by a small 25-pin plug. The electronic control system is
characterized by its integrated sensor technology in the control unit and its housing
accommodates all the sensors, so the wire harness and plug are no longer required.
This structure has greatly improved the work efficiency and reliability. In addition,
the engine speed sensor and multi-function switch are designed as Hall sensor, which
is free from mechanical wear and electromagnetic interference, further improving
its reliability. Its disadvantage is that the sensor is an integrated part of the control
unit. If a sensor is damaged, the whole electronic control unit must be replaced.
Audi 01JCVT electronic control unit has a dynamic control program (DRP) that
calculates the rated transmission input speed. In order to obtain the best gear ratio for
each driving state, the input information of the driver and the actual working state of
the vehicle need to be taken into account. The rated input speed of the transmission
is calculated according to the boundary condition dynamic control program (DRP).
The transmission input speed sensor G182 monitors the actual speed at the drive
sprocket. The electronic control unit will compare the actual value with the set value
and calculate the control current of the pressure regulating solenoid valve N216, so
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that N216 will generate the control pressure of the hydraulic gearshift control valve,
which is almost proportional to the control current. The control unit monitors the
shift by checking the transmission input speed sensor G182, transmission output
speed sensor G195 and the engine speed signal.

III. Overhaul of ECVT
() Maintenance requirements and precautions

(1) When the engine is running, be sure to engage the gear shift lever in the P position
and pull the parking brake before repairing the vehicle to prevent accident.

(2) Du not open the throttle by mistake after engaging D gear when the vehicle is
stationary (e.g. accidentally touch the throttle for the operation in the engine
compartment). In this case, the car will start running immediately and cannot
be stopped to move even if the parking brake is pulled.

(3) Ultrasonic cleaning devices are not allowed to clean the hydraulic and electronic
control units.

(4) Never start the engine or drag the vehicle when the cover is removed or ATF is
not added.

(5) If repairs are not made immediately, open parts must be carefully covered or
sealed.

(II) Maintenance and overhaul methods
1. Maintenance method

Maintenance work mainly includes checking CVT for ATF leakage, lubricating oil
level of the CVT and main reducer, adding and replacing CVT ATF.

(1) Check the ATF level

1) Preconditions for checking ATF level:

@® The transmission is not allowed to be in emergency operation.

@ The vehicle must be in a horizontal position.

® Connect the vehicle diagnosis, measurement and information system
VAS5051, and then select the vehicle self-diagnosis and vehicle system
“02-transmission electrical equipment”.
The engine must be idle.
The air conditioning and warm air must be turned off.
The ATF temperature is not allowed to exceed 30 °C before the
inspection, and the transmission is cooled first if necessary.

® e ®

2) ATF level inspection steps:

@® Read the ATF temperature in the vehicle diagnosis, measurement
and information system VAS5051 and operate at the transmission
temperature 30-35 °C.

@ When the engine is idle, press the brake pedal and stop at all gears (P, R,
N, D), idle the engine for about 2 s at each position, and finally engage
the gear shift lever in the P position.
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® Lift the vehicle and unscrew the check bolt to check whether ATF has
spilled from the check hole. If so, add ATF.

(2) Replace ATF

1) Open the drain bolt at the bottom of the transmission to drain out the old
ATF.

2) Open the ATF filling bolt at the bottom of the transmission and add the new
ATF to the transmission using a special ATF filler.

3) Check the ATF level.

2. Overhaul method

(1) Inquiry: inquire the owner to diagnose the source of fault information, confirm
the time of fault occurrence and fault symptoms, etc., which is the first step of
fault maintenance.

(2) Basic check: mainly some peripheral checks, including engine idle, ATF level,
oil quality and gear shift control mechanism.

(3) Self-diagnostic examination: The CVT electronic control system, with the func-
tion of fault self-diagnosis, can indicate the fault by flashing the fault indicator
light, and store the fault in the control unit. The fault indicator light of 01JCVT
has three fault diagnosis modes: minor fault, the fault indicator light is normal
and the driver can sense the fault according to the vehicle running condition;
general fault, the fault indicator light is fully on, the alternative program makes
the vehicle driving and the fault is stored; serious fault, the fault indicator light
is fully on and flashing, the fault is stored and the repair is required immediately.
The fault indicator light can be used for preliminary diagnosis. If any fault is
stored, a special detector can be applied to retrieve the fault code and repair
according to the maintenance instructions.

(4) Overhaul of electronic hydraulic control system: some CVT hydraulic control

systems can check the fault cause directly through the oil pressure test. Most
CVT hydraulic systems use the oil pressure sensor to reflect the operating oil
pressure inside the transmission, so a special detector must be used to further
confirm the fault information by reading the dynamic data from the running
state of the vehicle. The hydraulic control elements (valve body) and hydraulic
actuators (clutch or brake) can be hydraulically tested and disassembled.
The troubleshooting of the CVT electronic control system is almost the same
with that of other electronic automatic transmissions. The fault guidance func-
tion of the special detector may be used for the fault code analysis, dynamic data
flow analysis, waveform analysis, computer circuit and network data commu-
nication analysis, electronic element (sensor, switch and solenoid valve) testing
and replacement, so as to achieve troubleshooting.

(5) Overhaul of mechanical elements: as for CVT mechanical elements, only the
disassembling inspection or faulty part repair and replacement can be carried
out.
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4.6 Control of CVT

The control items of CVT can be divided into the following two categories according
to the control structure: items (1)—(5) are the gear ratio control of the belt drive part;
items (6)—(8) are the control of components other than belt drive.

(1) Provide the working pulley chamber with oil pressure to control the gear ratio.

(2) Control the clutch and brake in the forward/reverse mechanism to realize
forward/reverse switching.

(3) Control the engagement and disengagement of the lockup clutch.

(4) Maintain pressure in the hydraulic torque converter.

(5) Supply oil to the cooling system.

(6) Supply oil to the lubrication system.

(7) Make the wet clutch start smoothly.

(8) Ensure the smoothness of forward, reverse and slide switching process.

I. Speed ratio control strategy

(1) Single parameter (speed ratio) tracking control strategy (Fig. 4.32).
(2) Integrated control strategy (Fig. 4.33).
(3) Mode tracking control strategy (Fig. 4.34).

II. Oil pressure control strategy of actuators

(1) Basic control strategy.
(2) Slip control strategy (Fig. 4.35).
(3) Control strategy based on maximum efficiency (Fig. 4.36).

4.7 Main Performance Tests of Metal Belt CVT

The performance tests of the metal belt CVT include the component performance
test and the whole performance test, including the following.
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1. Torque transmission characteristic test

The torque transmission characteristic test is to test the torque transmission charac-
teristics of the belt drive, i.e. torque capacity and transmission efficiency. The biaxial
test bed is shown in Fig. 4.37. The clamping hydraulic pressure of the drive and
driven pulleys is controlled respectively to set the clamping force and pulley ratio
(or fix a certain pulley ratio for testing). The torque loss of the belt drive may be
calculated by measuring the torque of the input and output shafts.

2. Transmission control test

The transmission control test is to evaluate the performance of the metal belt CVT,
including the steady-state characteristics and dynamic characteristics. The tested
CVT is loaded on the motor and operated without load. After the variable speed
instruction is given, the steady-state characteristic is mainly evaluated as the deviation
between the actual pulley ratio and the given pulley ratio; the evaluation indexes
of dynamic characteristics mainly include time lag, variable speed, overshoot and
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Fig. 4.37 Torque transmission characteristic test device



148 4 Continuously Variable Transmission

impact. In addition, the stability of the system (i.e., the pulley ratio change) is tested
with disturbances such as fluid pressure fluctuations.

The toroidal traction CVT is mainly tested to correctly control the speed change
of the toroidal traction CVT and obtain the kinetic characteristics of the transmission
(roller). The toroidal traction CVT achieves speed change by making a pair of rollers
rotate or move up and down. The steady-state and transient characteristics of the
rotor motion corresponding to the variable speed instruction are detected by their Y-
THETA sensors, and the variable speed characteristics of the toroidal traction CVT
are obtained by the relationship between roller motion and gear ratio.

3. Performance test of hydraulic control system

The performance test of the hydraulic control system of the metal belt CVT is the
same as that of the AT. All kinds of solenoid valves or stepping motors used as
actuators are tested jointly with the drive.

4. Noise test

The high frequency noise of CVT can easily cause the noise problem in the vehicle.
To set the target performance of the interior dark noise level, the method of taking
the measured emission sound near the powertrain related to the interior dark noise
as the target performance is usually applied. With respect to the metal belt CVT, the
noise test can not only improve the overall noise sensitivity of the powertrain and
reduce the deviation between components, but also correctly grasp the proportion of
belt noise in the overall noise.

5. Reliability test

The reliability test of CVT includes the reliability test of hydraulic actuator, CVT,
gear and clutch, and control system. CVT components will be checked before the
installation of the whole CVT. Before the prototype loading, the whole CVT shall
run continuously for 60 h to verify the reliability of the CVT.

In addition, the CVT shall also be tested for driving conditions, including control
system simulation test, hardware-in-loop test and real vehicle test, which is a test
method to test the comprehensive performance of the powertrain.

The tests of special parts in CVT mainly include friction endurance test of steel
plate and belt ring and fatigue test of metal belt, as shown in Fig. 4.38.

4.8 CVT Upgrade

AT present, although CVT is better than AT in performance, it still has disadvantages
in boundary dimensions, weight and cost. Due to high transmission development cost,
high early investment of production equipment and high risks, it is still difficult to
the CVT to become mainstream since it only has 20 years of industrialization history
although its application is expanding.
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Fig. 4.38 Friction endurance test of steel plate and belt ring

Nowadays, the development of CVT mainly focuses on increasing the gear ratio
range, increasing torque capacity, reducing friction loss and reducing weight and
cost. In some of the new CVT technologies, the main means of application is to
upgrade and change the CVT mode based on belt CVT. The following describes a
metal belt CVT with an auxiliary transmission and a non-belt drive CVT—toroidal
traction CVT.

1. Metal belt CVT with auxiliary transmission

To improve the start response and fuel consumption, JATCO CVTS8 (Fig. 4.39)
connects the metal belt drive in series with the auxiliary transmission, giving the
CVT a wider range of speed ratios. The auxiliary transmission is of the planetary
gear train structure to improve the shift quality of the auxiliary transmission. The
forward/reverse gear is also shifted by the auxiliary transmission. The step-up gear
is also arranged between the hydraulic torque converter and the drive wheel of the
belt drive to reduce the load of the belt drive, reduce the loss of the hydraulic system,
suppress the vibration when changing speed, and improve the dynamic and economy
performance and shift smoothness.

2. Toroidal traction CVT

The toroidal traction CVT can achieve the fast speed change function that the tradi-
tional belt CVT cannot, making the speed change response more suitable to the



150

4 Continuously Variable Transmission

Step-up gear

Auxiliary transmission

Fig. 4.39 Metal belt CVT with auxiliary transmission

driver’s intention; compared with the traditional 4AT, the toroidal traction CVT saves
10% of the fuel consumption. The toroidal traction CVT is a development direction
of CVT in the future.

The variable speed structural unit of the toroidal traction CVT, as shown in
Fig. 4.38, is composed of a pair of toroidal metal disks and rollers opposite each
other. The power is input from one side of the metal disk and output from the other
side. Two rollers are arranged in the middle of the two metal disks that can rotate
around their respective x axis. The rollers always keep contact with the two tapered
metal disks.

The transmission of power in the variable speed structural unit is actually accom-
plished by the shear force in the oil film between the roller and the metal disk, and
the relationship between the traction force T and the packing force N is
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Fig. 4.40 Toroidal traction CVT

T = uN (4.15)

where,
u—traction coefficient, determined by the transmission lubricating oil.

The lubricating oil used in the toroidal traction CVT is special synthetic oil which
can keep the oil film intact under the action of high pressure on the contact surface.

The gear ratio is adjusted by the control of the roller position through the hydraulic
system. The two rollers rotate symmetrically around the z axis to change the position
of the contact points of the two rollers on the tapered metal disk, thus changing the
drive and driven pitch radius and adjusting the gear ratio. In the figure, the dark ring
on the two metal disks represents the contact mark between the cone disk and the
roller, and the gear ratio of the toroidal CVT is determined by the ratio of the radius
of the two rings. The toroidal traction CVT shown in Fig. 4.38a is in the state of large
gear ratio and the toroidal traction CVT in Fig. 4.40b is in the overdrive state.

For the single variable speed structural unit, the excessive load of transmission
force will cause the corresponding increase of friction loss and reduce the economy.
For this purpose, two variable speed structural units can be connected in parallel
(power is input from the metal disks at both ends and output from the metal disk
in the middle) to obtain greater torque capacity (Fig. 4.41). Such a structure would
increase the longitudinal dimensions of the transmission, suitable for FR vehicles.

To avoid slipping during the transmission of power, the variable speed structural
unit shall provide a sufficient traction corresponding to the input torque. The traction
is generated by the compression load N required for the contact surface between
the disk and the roller, which is provided by the front and rear disk springs and the
self-force amplifier. The rear disk spring provides the minimum axial load value; the
function of the front disk spring is to transfer the axial load from the state provided
by the rear disk spring to the state provided by the self-force amplifier. The self-force
amplifier, as shown in Fig. 4.42, generates axial compression load of the metal disk
on the rollers through a pair of rollers between the cylindrical cam and cam while
transmitting the torque to the metal disk.
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Chapter 5 ®)
Dual Clutch Transmission Geda

5.1 Overview

The dual clutch transmission (DCT) is different from other automatic transmissions
in that it uses two clutches to control the clutch actuator and the gear selecting and
shift actuator to achieve gear shift without power interruption. The DCT mainly
includes dual clutch system, shaft-tooth system, control system, gear shift actuating
system, clutch actuating system, cooling and lubrication system, parking system and
other modules.

By the clutch cooling mode, DCT can be divided into DDCT and WDCT. The
DDCT, with the air as the cooling medium, transmits the torque through the fric-
tion plates on the driven plate without additional forced cooling and lubrication;
the WDCT, with the oil as the medium, makes forced cooling and lubrication and
transmits the torque through the clutch friction plates immersed in the oil.

According to different control modes of clutch actuator, DCT can be divided
into hydraulic DCT, electro-hydraulic DCT and motor DCT. In the hydraulic DCT,
the dual clutch pushes the clutch friction plates to combine through the oil pressure
generated by the hydraulic pump inside the transmission, thus achieving torque trans-
mission; in the electro-hydraulic DCT, the dual clutch drives the hydraulic cylinder
through the motor and forms a certain oil pressure in the fixed oil circuit to push the
clutch friction plates to combine, thus achieving torque transmission; in the motor
DCT, the dual clutch directly drives the mechanical structure through the motor to
push the clutch friction plates to combine, thus achieving torque transmission.

By the shift actuator drive mode, DCT can be divided into hydraulic drive shift
DCT and motor drive shift DCT. The hydraulic drive shift DCT controls the gear
switching of the transmission shift actuator through hydraulic drive; the motor drive
shift DCT controls the gear switching of the transmission shift actuator through
motor drive.

By the arrangement of input shaft, the DCT can be divided into coaxial DCT and
parallel DCT. The two input shafts corresponding to the coaxial DCT are arranged in
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coaxial position; the two input shafts corresponding to the parallel DCT are arranged
in parallel position.

By the number of forward gears, the DCT can be divided into 6 speed DCT and
7 speed DCT. At present, some relevant research institutions are still developing 9
speed DCT or 10 speed DCT.

By the drive mode, the DCT can be divided into horizontal front drive DCT,
longitudinal front drive DCT and longitudinal rear drive DCT. The corresponding
car body of the horizontal front drive DCT is placed horizontally and transmits the
power through the front-wheel drive; the corresponding car body of the longitudinal
front drive DCT is placed longitudinally and transmits the power through the front-
wheel drive; the corresponding car body of the longitudinal rear drive DCT is placed
longitudinally and transmits the power through the rear-wheel drive.

By the number of driving wheels, the DCT can be divided into two-wheel drive
DCT and four-wheel drive DCT. The two-wheel drive DCT transmits the power by
driving the front or rear wheel of the vehicle; the four-wheel drive DCT transmits
the power by driving the front and rear wheels of the vehicle simultaneously.

By the power source, the DCT can be divided into internal combustion engine
power DCT and hybrid power DCT. In the case of internal combustion engine power
DCT, the internal combustion engine provides power input; in the case of hybrid
power DCT, two power sources provide hybrid power input.

By the drive torque, the DCT can be divided into low and medium torque and high
torque DCT. The DDCT is mainly used in the vehicles with low and medium torque,
and belongs to low and medium torque DCT. However, WDCT can be applied to vehi-
cles with higher torque, which belongs to high torque DCT. This is mainly because
the wet clutch uses active lube cooling and lubrication, while the dry dual clutch
uses passive cooling like the ordinary clutch, which has limited heat capacity and is
not suitable for high torque engines. However, with the development of the material
technology, the bearing capacity of the dry dual clutch will gradually increase, and
its drive torque will also gradually increase.

By the parking mechanism form, the DCT can be divided into mechanical parking
DCT, electronic parking DCT and automatic parking DCT. The mechanical parking
DCT is connected with the parking control mechanism through a certain mechan-
ical structure to realize the parking and unlocking functions; the electronic parking
DCT makes the parking control mechanism realize parking and unlocking functions
through control signal; the parking mechanism of automatic parking DCT is normally
closed, and the parking function is controlled enabled and disabled according to the
hydraulic pressure, so as to enable parking during normal driving and disable parking
during parking.

With the continuous maturity of DCT technology and the continuous improve-
ment of driving performance, DCT has been recognized by more and more users. In
recent years and in the next few years, most of the automatic transmissions in mass
production will be DCT, and vehicles equipped with DCT will become the main
vehicles in Chinese and European models.
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5.2 System Composition and Working Principle of DCT

I. System composition

The DCT mainly consists of the dual clutch system, shaft-tooth mechanism, select-
shift actuator and electronic control system. The composition of its mechanical
system is shown in Fig. 5.1. The wet 6 speed DCT shown in Fig. 5.2 is introduced
as an example below. With 6 forward gears and 1 reverse gear, it mainly consists
of multi-disk wet dual clutch, three-shaft gear transmission, automatic shift actuator
and electronically controlled hydraulic control system. The two hydraulically-driven
wet clutches are concentric, giving the transmission assembly a smaller axial length.
The clutch marked red on the outside in the figure is an odd gear clutch, or clutch C1
for short; the clutch marked green on the inside is an even gear clutch, or clutch C2
for short. The DCT has two coaxial input shafts, and the input shaft 1 is nested in the
input shaft 2. The input shaft 1 is connected to the clutch C1, and the constant mesh
gear on the input shaft 1 is meshed with the gear 1, gear 3 and gear 5, respectively; the
input shaft 2 is a hollow shaft connected with clutch C2 and the constant mesh gear
on the input shaft 2 is meshed with the gears 2, 4 and 6 respectively; the reverse gear
is meshed with the constant mesh gear of input shaft 1 through the reverse shaft gear
(not shown in the figure). In other words, clutch Cl1 is in charge of gears 1, 3, 5 and
R, while clutch C2 is in charge of gears 2, 4 and 6. Corresponding to the two input
shafts are the two output shafts, which are connected to the differential input gear
through the front gear, so that both output shafts are output through the differential

Clutch release . .
system Powertrain Shift system

*

Dual clutch ‘ Clutch actuator Select-shift
system actuator

Case and
lubrication system

Fig. 5.1 Composition of DCT mechanical system
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Fig. 5.2 Typical DCT transmission structure

mechanism. Each gear shift is achieved by a synchronizer, which is driven by a fork
supported on the transmission case. The engagement and release of two clutches and
the movement of the fork are completed by hydraulic actuators.

II. Working principle

Figure 5.3 shows the working principle of DCT. Assuming the DCT runs in gear 1,
the power is transmitted through the active part of the clutch through the clutch C1 to
the input shaft 1, through the gear 1 on the input shaft 1 to the gear 1 synchronizer, and
then to the output shaft. The electronic control unit TCU of the transmission can judge
whether the transmission can put in the gear 2 in advance. If so, the synchronizer
of gear 2 can be engaged in advance. Since the corresponding clutch C2 of gear 2
is in the release state without transmitting power, the synchronizer of gear 2 enters
synchronization under no-load condition. When the TCU decides to change from the
current gear 1 to 2, the shift control essentially transfers the power transferred from
clutch Cl1 to clutch C2 smoothly, which is the most critical clutch alternation process
in the DCT shift process. When clutch C1 is completely released, the clutch C2 enters
the working state completely and the vehicle is running in gear 2. When working in
other gears, the control process is similar, except for the difference between upshift
and downshift. During the shift, the power of the engine is transferred to the wheels
continuously, so the completed shift is a power shift. When the vehicle achieves the
power shift, it will greatly improve the riding comfort, as well as the economy and
emission characteristics of the vehicle.
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5.3 Typical Design Scheme of DCT

The DCT is divided into DDCT and WDCT and Table 5.1 compares the DDCT with
WDCT in performance. The DDCT is mainly used in the vehicles with low and
medium torque, while WDCT can be applied to vehicles with higher torque. The
dry dual clutch uses passive cooling like the ordinary clutch, and its heat capacity is
limited, so in the case of high power input, the system will soon reach its heat capacity

Table 5.1 Performance comparison of DDCT and WDCT

Comparison item DDCT WDCT

Heat load performance Low High

Load performance Relatively high High

Transmission efficiency High Relatively high

Fuel economy Good Relatively good

Cost Relatively low Relatively high

Maintenance performance | Easy Not easy

Structure Simple and compact Complex

Mass Small Relatively large

Applicable model Small and medium passenger | Large cars and off-road vehicles
vehicles

Shift controllability Good Relatively good
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limit, far below the limit that can be reached by the corresponding hydraulic torque
converter or wet clutch. In addition, the wear of dry clutch friction plate is also the
focus of DCT service life. The wet clutch uses the active cooling of lubricating oil
with large heat capacity, but it must be combined with the control action actuator
and cooling hydraulic system. It is complex and expensive. Meanwhile, the loss of
the hydraulic pump will also lead to high fuel consumption.

The DCTs developed by various companies are analyzed below. Figure 5.4 shows
Geely wet 7DCT, Fig. 5.5 shows Getrag wet 7DCT, Fig. 5.6 shows AC wet 6DCT and
Fig. 5.7 shows Volkswagen wet 6DCT. Through comparative analysis, the WDCT
is mainly arranged with 2 output shafts and Getrag DCT adopts 3 output shafts,
beneficial to control the matching of axial length and reverse gear ratio, butitincreases
the number of parts and radial space. At present, most newly developed projects
adopt the design principle of common drive gear (gear 4/6, gear 3/5, etc.), which is
beneficial to shorten axial size, reduce weight, and improve transmission efficiency
of the powertrain. In addition, the gears 1 and R shall be arranged on different input
shafts as far as possible, so as to help balance the life of the clutch and shorten the
shift time from the reverse gear to the gear 1.

Figure 5.8 shows Geely dry 7DCT, Fig. 5.9 shows Getrag dry 6DCT, Fig. 5.10
shows Hyundai dry 6DCT and Fig. 5.11 shows Volkswagen dry 7DCT. Due to the
influence of the torque capacity and heat capacity of the dry dual clutch, the trans-
mission capacity of the DDCT is limited. At present, the DDCT is generally mounted
on vehicles with low and medium torque, and the space of matching models is small,

Fig. 5.4 Geely wet 7DCT '|'
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Fig. 5.7 Volkswagen wet
6DCT
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and most of them are in 6 gears, which is conducive to vehicle layout. The gears 1 and
R are arranged on different input shafts, which is beneficial to improve the service
life of the clutch and shorten the shift time. Since DDCT and MT are lubricated in
the same way (splash lubrication), the low-speed gears shall be arranged together
as far as possible, and their output shafts are arranged below. The parking ratchet is
mostly arranged on the output shaft, which is conducive to reducing the size of parts
and saving layout space.

5.4 Dual Clutch

The dual clutch is an important part of DCT. The performance characteristics of
the DCT system mainly depend on the form of dual clutch. Which clutch system
(dry or wet) can provide a better solution for the next generation of vehicles is a
hot topic in the current technology field. At present, both dry and wet clutches have
their applications in the market, but there are some differences in the structure and
operating characteristics.
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Fig. 5.10 Hyundai dry R1
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I. Dry dual clutch
1. Structure of dry dual clutch

The biggest feature of the DDCT is the use of two dry clutches, thus avoiding the
WDCT disadvantages of low system efficiency caused by wet clutch drag torque,
clutch cooling and control oil, and further improving fuel economy. DDCT is typi-
cally represented by Volkswagen DQ200, which has seven forward gears and can
transmit 250 N m torque. Its internal working principle is the same as other DCTs.
Figure 5.12 shows the structure of the dry dual clutch and Fig. 5.13 shows the working
principle of the dry dual clutch.

2. Actuator of dry dual clutch

The basic requirement for the dual clutch actuator is that it cannot self-lock and
the motor must be continuously energized when the clutch is closed. To prevent
overheating of the motor, the continuous load power limit of the motor is about
20 W; the clutch shall be able to release automatically when the power is cut off
under the closed state of the clutch.

In terms of classification, the dry dual clutch actuators are mainly electrically
operated actuator and electro-hydraulic actuator. The electrically operated actuator,
with the advantages of simple structure, easy control, stable performance, low cost,
low energy consumption and little pollution to the environment, is especially suitable
for passenger vehicles. Figure 5.14 is the sketch of the electrically operated clutch
actuator and Fig. 5.15 is the structure diagram of the electrically operated clutch
actuator. According to the structure of DCT, for safety reasons, the clutch must be

Fig. 5.12 Structure of dry
dual clutch
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Fig. 5.16 Working principle
of engagement lever

Fc =p

able to automatically release when the clutch actuator fails, which is realized through
the normally open clutch. The normal close of the DCT leads to the interlock of two
clutches, which is accompanied by a large amount of energy loss and the generation
of the uncontrollable auxiliary torque at the gear output end.

The ball circuit nut converts the rotary motion into rectilinear motion; the roller
acts as the engagement lever fulcrum; the spring accumulator has a pre-compression
force acting on one end of the engagement lever; the release bearing acts on the
other end of the engagement lever, and the engagement lever and the clutch housing
bottom plate form a wide upper and narrow lower structure, with the roller mounted
between the two. Figure 5.16 shows the working principle of engagement lever. The
force on the clutch release bearing end is

X
L—x

Fe = Fs 5.1)

where,

F c—force on the clutch release bearing end (N);

F s—spring pre-compression force (N);
L—distance between F¢ and Fg (m);

X—distance between the roller fulcrum and Fg (m).

Figure 5.17 shows the engagement by moving the fulcrum. When the motor rotates
in a positive direction and drives the roller to move down, the lower end of the
engagement lever moves to the left, the packing force increases, and the clutch
transfers the torque; when the motor rotates in reverse and drives the roller to move
up, the lower end of the engagement lever moves to the right, and the packing force
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Te=0N-m Te=10N-m Tc=Tinax
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Fig. 5.17 Engagement by moving the fulcrum

gradually decreases, so does the torque transferred by the clutch; when the motor
is powered off at the clutch engagement position, the axial component of the force
exerted by the engagement lever on the roller is the return force. According to the
relationship of the lead of the ball screw, the reverse torque acting on the motor will
be generated to drive the roller to move up and return to the initial position near the
motor.

3. Torque transmitted by clutch

As one of the most critical working parts in DCT, dual clutch is mainly used to
realize the function of vehicle starting and transmission gear switching. The torque
transmission characteristic of a single clutch is the same with that of the ordinary
dry clutch and the torque transmitted by the clutch is

2uF,Z[ R} — R}
= ’ (5.2)

Te =
¢ 3 |R2-R2

where,

u—clutch friction factor;

F,—<clutch packing force;

Z—number of clutch working surfaces, Z = 2 for DDCT;
R,—outside diameter of clutch friction surface;
R;—inside diameter of clutch friction surface.

There are three main working states of dual clutch in the working process, respec-
tively, release, engagement and sliding friction. In the three states, the actual torque
transmitted by the clutch is
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uF,Z[RX =R . .. .
= - 5 | Sliding friction state
3 |LR2-R

To = i (5.3)
T, Total engagement

0 Total release

where,
T ,—engine torque.

The sliding friction state of the clutch is most concerned. As shown in the formula
(5.3), the torque transmitted by the clutch is mainly related to the clutch packing force
and affected by the friction factor and friction area change.

4. Clutch sliding friction work

In the process of vehicle starting and shifting, the power output by the engine should
overcome various resistances to drive the vehicle. Different working conditions
between the engine and the vehicle shall be synchronized by the sliding friction
of the clutch, and the sliding friction work generated by the sliding friction will be
converted into heat to make the clutch temperature rise. The clutch sliding friction
condition in the starting process is worse than that in gear shift, especially in the
hill starting, the clutch sliding friction heat is usually the most serious, so the main
concern is the clutch sliding friction work at the starting. The clutch sliding friction
process at the vehicle starting, as shown in Fig. 5.18, includes the following two
phases.

In the first phase, the drive and driven parts of the clutch contact from the start,
the transmitted torque 7 ¢ gradually increases from O to 7', and cannot overcome the
resistance torque to move the vehicle. In this phase, the vehicle is stationary, so all

Wy

"‘-ui
Torque T

Speed w

Time t

Fig. 5.18 Clutch sliding friction process at the vehicle starting
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input energy is converted into sliding and friction work

n n
Lcy I/ Tcw.dt 2/ T.w.dt 5.4)
0 0

In the second phase, T¢ > T, the torque transmitted by the clutch overcomes the
resistance torque to move the vehicle and start the vehicle. At this time, the driven
plate speed w,, of the clutch gradually increases from O and is finally equal to the
engine speed w,. The sliding friction work generated in this phase is

15}
Ley = / Te(we — wy)dt
4]

(5.5)
The total sliding friction work generated in the clutch engagement process is
Le=Lci+ Le (5.6)

Since the heat converted by the sliding friction work is the root cause for the clutch
temperature rise, which affects system safety, control performance and life, measures
must be taken to improve and control. It can be known from formula (5.6) that the
engine speed and torque shall be reduced to reduce the clutch sliding friction work. To
reduce the torque transmitted by the clutch, the speed ratio of the transmission gear 1
(or reverse) may be properly increased for the vehicle starting that may produce a lot
of sliding friction work under certain objective conditions, such as the gross vehicle
mass and the driving resistance of the vehicle to reduce the engine torque required
for starting, so as to significantly reduce the sliding friction work and effectively
reduce the clutch temperature rise, in line with the development trend of the AT gear
number increase and speed ratio range increase currently.

Figure 5.19 shows the clutch temperature rise at different gear 1 ratio when the
vehicle starts repeatedly on a 12% ramp with a full load. Curve 1 is the temperature
rise of the vehicle installed with the DCT with the same gear ratio as manual trans-
mission; Curve 2 is the temperature rise after the gear ratio of gear 1 increased by 20%
under the same working condition. According to the friction materials currently in
use, the critical temperature of the DDCT is between 300 and 400 °C, beyond which
the friction system will be permanently damaged. As can be seen from Fig. 5.20,
curve 1 (Fig. 5.19) can only realize 6 repeated starts, while curve 2 can realize more
than 25 repeated starts. This means that the increase of the gear ratio of the gear 1
significantly reduces the speed of clutch temperature rise, and the clutch can with-
stand more frequent and longer climbing, uphill parking, starting sliding and other
conditions, which is of vital significance to improve the safety and life of the dry
dual clutch.

Figure 5.20 shows the relationship between the vehicle speed in gear 1 and the
number of possible starts at the minimum stable engine speed (usually 1000 r/min).
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Fig. 5.19 Temperature rise
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Obviously, the lower the vehicle speed in gear 1 at the minimum stable engine speed,
the more possible starting times, the more reliable the clutch works.

5. NVH of dual clutch

The NVH of the powertrain depends on a number of factors, such as damping, drive
characteristics of the power system, vibration coupling, engine excitation, clutch
excitation, transmission excitation, etc. For a dual clutch system, to improve the
driving comfort, the time when the clutch is in the sliding friction state is significantly
increased (creeping function). In the sliding friction process, especially in gears 1, 2
and R, the powertrain system operates at its inherent frequency and the fluctuation
of the minimum torque at the clutch output end may cause large vehicle vibration or
noise. Such vibration or noise is amplified because only a clutch is loaded and the
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other clutch is free to vibrate when the DCT starts, resulting in more noise. In order to
ensure that the DCT can also achieve the noise level of AT, the excitation of the clutch
must be greatly reduced. The friction characteristics of the dual clutch are optimized,
so that the friction factor of the clutch friction pair increases slightly when the relative
sliding speed increases, so that the friction plate can show the characteristics that are
helpful to reduce the vibration in most of the time of the clutch sliding.

1. Wet dual clutch
1. Structure of wet dual clutch

At present, the most representative product of WDCT is the DQ250, which was
jointly developed by BorgWarner and German Volkswagen and officially launched
in 2003. It adopts two wet clutches and six forward gears, with a transmitted torque
of 350 N-m. DQ250 was initially used in Golf R32 and Audi TT models, but was
later promoted to other Volkswagen models such as Passat, Jetta and Beetle due to
its superior performance, and was widely recognized by users. Figure 5.21 shows the
structure of the wet dual clutch and Fig. 5.22 shows the structural schematic diagram
of the wet dual clutch.

2. Actuator of wet dual clutch

Figure 5.23 shows the working principle of the hydraulic operated wet dual clutch.
Under normal circumstances, the working pressure of the clutch C1 and clutch C2
is controlled by C1 proportional solenoid valve and C2 proportional solenoid valve
respectively. The working pressure directly acts on the clutch working cylinder to
produce the packing force to meet the working pressure requirements under different

Fig. 5.21 Structure of wet
dual clutch
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Fig. 5.22 Structural
schematic diagram of wet
dual clutch

Fig. 5.23 Working principle
of hydraulic operated wet
dual clutch
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working conditions. A safe hydraulic control circuit is added to ensure the safety
of the DCT. When proportional solenoid valve fails at high oil pressure, even if
the proportional solenoid valve element is stuck, whether in the oil circuit open or
closed position, the oil pressure in the clutch cannot be released and shall be unloaded
by unloading the clutch pressure relief valve. At this time, exit all control gears of
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the damaged proportional solenoid valve, and finally disconnect the on-off solenoid
valve and drive home with the other clutch. Although the corresponding clutch of the
damaged proportional solenoid valve is engaged, it cannot transmit torque because
it is not put into the corresponding gear.

3. Friction plate

Friction plate is an important part of wet dual clutch and its friction factor is related to
friction material and oil. Different friction materials have different surface properties
and friction factors. The surface pressure also has an effect on the surface properties of
friction materials. With the increase of surface pressure, friction factor decreases. The
change of temperature will change the properties of the oil, thus affecting the friction
factor. Generally, the friction factor decreases with the increase of temperature, but
the specific situation depends on the oil. The friction factor is related to the pore size
of the fiber texture. The larger the pore size, the greater the friction factor. After a
period of use, impurities in the oil will be filled into the pores of the friction material,
thus reducing the friction factor. Sometimes, after a period of use, the torque capacity
of the friction plate is slightly increased, and the friction factor is increased, which
is actually caused by sufficient contact after the friction surface is run in.

The friction plate used in the wet dual clutch is double-sided friction plate.
Increasing the number of friction surfaces can increase the torque capacity. The
friction plate and the dual disk are installed alternately. The friction factor is the
friction factor between the friction plate and steel plate and is divided into static
friction factor and dynamic friction factor.

(1) Static friction factor: the greater the static friction factor, the greater the torque
capacity. Different friction materials have different friction factor. The friction
factor of the paper base friction materials is higher than that of semi-metallic
friction materials and sintered alloy friction materials. For paper base friction
materials, factors influencing the friction factor include pore ratio, pore diameter,
surface pressure, groove shape and oil.

1) Generally, the higher the pore ratio, the higher the friction factor. Because
the more the pores, the more rough the friction action surface, and the greater
the relative motion resistance, the greater the friction factor. Of course, the
more the pores, the lower the structural strength of the friction material, the
worse the wear resistance of the friction plate.

2) The larger the pore diameter, the higher the friction factor. Because the
larger the pore diameter, the more rough the friction action surface, and
the greater the relative motion resistance, the greater the friction factor. Of
course, the larger the pore diameter, the lower the structural strength of the
friction materials, the more easy to wear and peel.

3) The higher the surface pressure, the lower the friction factor. This is because
when the friction material is compressed, the pore ratio in the material
decreases and the pore diameter decreases.
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4) Different groove shape has different friction factor. The groove scrapes off
the thick oil film and the thin oil film becomes an elastomer that can bear
the shear force under high pressure. The elastomer formed by the thin oil
film can bear more shear force than that formed by thick oil film, so the
torque transmitted by thin oil film is larger, showing larger friction factor.

5) Oil plays a very important role in the middle of friction plate and dual disk.
The characteristics of oil affect the process of power transmission.

6) Usually, the friction factor decreases with the increase of temperature,
because the increase of temperature will lead to the decrease of viscosity
and shear force.

(2) Dynamic friction factor: the dynamic friction characteristic is required to be

beneficial to control calibration and reduce vibration and noise in the process
of gear switching and slip control. Therefore, for the lockup clutch used for the
shift clutch and slip control, the dynamic friction characteristic is required to
be dp/dv > 0. Whether dj/dv is greater than or small than 0 mainly depends on
the oil, because the oil is related to the friction material and the additives in the
friction material also affect the oil. The most appropriate friction characteristic
and oil are selected according to the actual operating conditions of the clutch
used.
Friction stability refers to the property that dynamic friction characteristics
change after a period of time of combined durability. After the clutch works
for a period of time, due to impurities into the pores and surface pressure for
long time, some of the physical properties of the friction material have changed,
manifested as friction factor decrease and torque capacity decrease. Therefore,
the performance requirements shall be put forward for the friction plate subject
to durability test in the design. That is, the friction factor after the durability test
is still higher than a certain minimum value.

4. Friction plate ablation

During the process of clutch engagement, a large amount of heat will be generated
on the mating contact surface of the dual disk and friction plate. Because of the poor
thermal conductivity of paper base materials, almost all the heat is absorbed by the
dual disk, which makes the temperature of the dual disk rise. When the temperature
exceeds the carbonization temperature of the friction plate, the friction materials
will be carbonized, and the fiber texture in the friction materials (natural fibers and
synthetic fibers) becomes carbon fibers. When the carbonization rate of the carbon
fibers (the ratio of the mass of the carbonized carbon fibers to the mass of the fibers
that can be carbonized initially) exceeds a certain value, the friction material cannot
be used because the properties of the friction material have changed dramatically.
Almost all the heat of the paper base friction material is absorbed by the dual disk,
which is then cooled by the cooling oil in the groove of the friction plate and by the
external cooling oil, taking the heat away. As for the multi-disk wet clutch, since
the dual disks on both sides are more in contact with the external cooling oil, the
two dual disks have the best cooling conditions. Assuming that the fiction work of
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each friction surface is the same, the paper base friction material has poor thermal
conductivity and almost all the heat is absorbed by the dual disk. The middle dual
disk absorbs heat, the temperature rises quickly, and the heat dissipation condition
is poor, so the middle friction plate is most likely to burn. The heat dissipation area
of the dual disks on both sides is the same, but the thick dual disk has large mass and
large heat energy reserve. Therefore, after emitting the same heat, the temperature
of the thick dual disk decreases relatively little and the friction plate close to the
thick dual disk burns badly. Those with poor heat dissipation are more likely to burn
than those with good heat dissipation, while those with high friction plate contact
pressing plate temperature are more likely to burn than those with low temperature.
The degree of burn loss presents the same trend according to the heat dissipation and
temperature distribution. The degree of burn loss is the most serious in the middle
and is reduced on both sides.

On both ends of the clutch, the thick dual disk is restrained in the approximately
middle position of the dual disk on the other end. The pressure on the outer side of
the friction plate is large, while the pressure on the inner side is small. The greater
the surface pressure, the greater the friction work and the more heat generated during
the slip. Therefore, the friction plate burns from the outer edge to the inner edge.

5. Clutch drag torque

The factors influencing the clutch drag torque include clutch clearance, oil groove
design parameters (including groove width, groove depth, radial width of the friction
plate, number and shape of oil grooves), lubricating oil flow, viscosity, temperature
and speed (relative speed between the friction plate and the dual disk).

The clutch friction plate clearance shall be determined according to the specific
situation, the larger the clearance, the smaller the drag torque, but the longer the
dynamic response time of the clutch. When the separation clearance of the friction
pair is small to a certain extent, the drag torque of the wet clutch will increase sharply,
thus greatly reducing the transmission efficiency of the powertrain, increasing the
heat load of the wet clutch and reducing the life of the friction plate. Therefore, the
separation clearance should be prevented from too small in the design.

The larger the proportion of the friction surface area occupied by the friction plate
groove, the greater the surface pressure of the friction plate, the more heat generated
during the slip, and the smaller the drag torque. Some friction plates are also designed
into a wavy texture (e.g. friction plate of the CVT19 clutch). The friction plate of
wavy texture only forms an oil film with the dual disk at the bulge, while the friction
plate of flat structure forms an oil film with the dual disk on the whole surface, so
the wavy texture may reduce the drag torque; but the wavy texture requires large
axial space and long dynamic clutch response time. In general, the drag torque of the
friction plate with grooves is greater than that of the friction plate without grooves.
The drag torque of the friction plate with radial grooves is the largest, while that of
the friction plate with spiral grooves is the smallest and of other grooves is between
them. Meanwhile, the grooves on the surface of the friction plate are beneficial to
reduce the drag torque at high speed and low viscosity, but not conducive to reduce
the drag torque at low speed and high viscosity. The more grooves there are on the
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friction plate, the smaller the peak value of drag torque is, and the lower the relative
speed corresponding to the peak value is. However, when the relative speed is lower
than a certain value, the change in the number of grooves will no longer affect the
drag torque. The material change of the friction pair has little effect on the drag
torque.

In the low speed range, the lubricating oil flow has little effect on the drag torque.
In the high speed range, the drag torque increases with the lubricating oil flow. The
drag torque also increases with the lubricating oil viscosity.

In the low speed range, the drag torque increases with the speed; the peak drag
torque is reached at a speed; with the increase in the relative speed subsequently, the
drag torque decreases.

5.5 Select-Shift Actuator

The DCT select-shift actuator can be classified into high-speed on-off valve
controlled electrically operated actuator and hydraulic operated actuator. The elec-
tric shift actuator has the advantages of quick response, high precision and low price
and the disadvantage of complex control system. The electrically operated shift actu-
ator may be divided into single-motor, two-motor and multiple-motor drive modes
according to the number of the select and shift control motors. In the single-motor
actuator, only one motor is used to select and shift gears through the mechanical
mechanism. This scheme is characterized by simple and compact structure and easy
layout, but can only shift gears sequentially without large problem in the upshift. It
cannot quickly putinto the required gear in the downshift and is used for Getrag DCT.
In the two-motor actuator, a motor is used respectively to control the selection and
shift, which is simple and compact in structure and easy to arrange. The disadvantage
is that the motor is difficult to control, especially the coordination between the select
and shift motors. Geely DCT adopts this scheme. In the multiple-motor actuator, the
select motor is canceled, and the number of control motors is determined according
to the gear number of the transmission and its distribution form. The obvious disad-
vantages of the actuator are many motors required, excessive host, difficult layout
and complex control, so it is seldom used.

The hydraulic operated select-shift actuator uses the hydraulic system to select
and shift the gear. The select-shift actuator is arranged flexibly and the hydraulic
oil in the hydraulic system is usually the same oil as the transmission oil. There
are also cases where the hydraulic oil in the hydraulic system is not the same oil
as the transmission oil. At this time, the separate hydraulic pump, accumulator and
hydraulic control valve block are required. This scheme has high requirement for
sealing and is used in Volkswagen DQ200.

1. Electrically operated select-shift actuator

Figure 5.24 shows an active interlock DCT select-shift actuator, which includes the
select-shift assembly/reverse shaft and the drive unit. Figure 5.25 shows a shift finger
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Fig. 5.24 Active interlock
DCT select-shift actuator

Fig. 5.25 Shift finger
assembly

Locking and
disconnecting elements

Shift finger

Even shift rail

assembly consisting of shift finger, locking and disconnecting elements, which acts
on the shift guide slot to drive the shift synchronizer.

The particularity of the active interlock DCT select-shift actuator lies in that
the opening width of the shift guide slot is larger than the width of the shift finger.
Therefore, even if one gear is already engaged, the shift shaft can be rotated in reverse
and another shift guide slot can be selected by means of the shift finger (Fig. 5.26).

If a new gear is to be preselected, the locking and disconnecting elements will be
disengaged from the gear that is driven by the same clutch and the rotation direction of
the shift shaft is independent of the movement direction of the shift finger. Figure 5.27
shows the active interlock disengagement.

Figure 5.28 shows a double-motor select-shift actuator. The select motor is respon-
sible for placing the shift finger in the required gear shift lever guide slot and is
equipped with a sensor to identify the axial position of the shift finger assembly; the
shift motor is responsible for gear engagement and disengagement and returns the
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shift finger to the middle select position. The motor is also equipped with a sensor
to identify the rotation angle of the shift finger assembly and judge the gear.

2. Hydraulic operated select-shift actuator

The hydraulic operated select-shift actuator mainly completes the gear selection,
engagement and disengagement according to the instructions issued by the TCU.
Position code of synchronizer: 0 neutral; 1 left; 2 right; 3 uncertain. The control
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state of the synchronizer in each gear is shown in Table 5.2. Figure 5.29 shows the
hydraulic schematic diagram of the shift control module.

The solenoid valves S11 and S12 are two-position three-way on-off valves. The
input end of the valves maintains the system pressure and the output end is connected
with the return oil end in case of no power; the system pressure at the valve input
end is connected with the output end and the system pressure is output when the
solenoid valve is powered on. The solenoid valves S23 and S24 are PWM solenoid
regulating valves. Different control pressure of the solenoid regulating valves is
obtained depending on different PWM. The solenoid regulating valve 1 produces the
working pressure of 1-3 shift fork and 5.7 shift fork; the solenoid regulating valve 2
produces the working pressure of 2—4 shift fork and 6-R shift fork.

5.6 Hydraulic Control System

I. Principle of DCT hydraulic control system

With respect to the electro-hydraulic DCT, the hydraulic control system mainly
consists of the hydraulic pump oil supply module, main oil pressure regulating
module, shift control module, dual clutch control module and lubrication and cooling
module, as shown in Fig. 5.30. Figure 5.31 shows the DCT hydraulic system diagram
and Table 5.3 lists the functions of the modules of the DCT hydraulic control system.

1. Hydraulic pump oil supply module

At present, the mechanical fixed-displacement hydraulic pump, with the general
displacement of 14—18 mL/r and the basic layout principle as shown in Fig. 5.32, is
commonly used in AT and DCT and driven by the engine; or the electrically driven
hydraulic pump as shown in Fig. 5.33 is used to provide the required oil pressure for
the hydraulic system and meets the oil pressure requirements of the system under
various conditions.

2. Main oil pressure regulating module

The main oil pressure regulating module enables the hydraulic control system to
control the main pressure of the system, the clutch oil supply pressure, the lubrication
and cooling oil supply pressure, and the oil supply pressure of the shift system. Gener-
ally, the main pressure of the hydraulic control system changes within a certain range
to meet the pressure regulation requirements under different working conditions, as
well as the self-protection function under the high system pressure.

The main pressure regulator valve is the core part of the whole DCT hydraulic
control system. The hydraulic pump can produce high oil pressure, which is usually
limited to between 0.5-2.5 mpa. The variation range of the main oil pressure modu-
lated is determined by the oil pressure and spring of the main pressure controlled
solenoid valve. The main pressure regulator valve is controlled by the normally
closed VBS (Variable Bleed Solenoid). The basic working principle of the main oil
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Fig. 5.29 Hydraulic schematic diagram of shift control module

pressure regulating module is shown in Fig. 5.34, and its control principle is shown
in Fig. 5.35.

It can be known from Fig. 5.35 that the mechanical equilibrium equation of the
main pressure regulator valve is

PLA) = PypgAs + Fy 5.7
p=2p,, 1 I (5.8)
L= Pves g0 .

where

P;—main oil pressure (Pa);

A;—main oil pressure action area (m?);

Pyps—oil pressure of control solenoid valve (Pa);

A>—oil pressure action area of control solenoid valve (m?);
Fs—spring force (N).
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Fig. 5.30 Composition of DCT hydraulic control system

According to formula (5.8), when the spring pretightening force and the main
pressure regulator valve action area are determined, the main oil pressure can be
obtained only by regulating the oil pressure of the control solenoid valve.

3. Lubrication and cooling module

The lubrication and cooling module mainly achieves the clutch lubrication and
cooling, shaft gear lubrication and cooling, heat exchange and filtration. Figure 5.36
shows the control principle of the DCT lubrication and cooling system and Table 5.4
lists the requirements and specific implementation methods of the lubrication and
cooling module.

II. Introduction to typical DCT hydraulic system

The DCT hydraulic system is an actuator achieving the dual clutch alternating control
and the shift fork control. Its basic structure is similar to, but different from, the
hydraulic control system of the traditional AT and CVT. Figure 5.37 shows the
hydraulic system of DCT DQ250 which has been mass produced by Volkswagen. It
mainly consists of the oil supply part, dual clutch control part, shift fork control part
and auxiliary part.

The oil supply part is composed of the hydraulic pump, reducing valve, main pres-
sure regulating slide valve and pressure regulator valve. The main pressure regulating
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Fig. 5.31 DCT hydraulic system diagram
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Table 5.3 Functions of DCT hydraulic control system modules

Module Function

Hydraulic pump oil supply module As a power source for hydraulic oil supply, it is
driven by the engine or motor

Main oil pressure regulating module Achieve the regulation of different system oil
pressure according to different operating conditions
of the transmission

System limit pressure protection module | Ensure the system oil pressure within the designed oil
pressure range to prevent the system oil overpressure

Dual clutch module Adjust the clutch pressure accurately according to
different gear shift requirements and driving
conditions

Shift control module Realize accurate engagement and disengagement of

gears 1-7 and gear R synchronizer

Lubrication and cooling module Including the clutch, bearing and gear lubrication and
cooling, mainly to accurately control the clutch
cooling flow and ensure the reliable operation of the
dual clutch

Filter system Ensure the cleanliness of transmission oil and ensure
the cleanliness of the oil into the valve body, so that
the solenoid valve and valve element can work
normally and reliably

Fig. 5.32 Basic layout
principle of mechanical 0Oil pipe Hydraulic
fixed-displacement hydraulic
control module
pump
Filter
Hydraulic pump
Gear drive
e Engine

slide valve is controlled through the pressure regulator valve to regulate the main
oil pressure of the hydraulic system; when the system fails and the pressure rises to
a certain height, the reducing valve is pushed to release the pressure to protect the
hydraulic system. The dual clutch control part is mainly composed of two relatively
independent oil circuits, controlling clutch C1 and clutch C2 respectively. The two
parts control the oil circuit exactly the same, including safety valve, accumulator,
pressure sensor and clutch control proportional valve. The safety valve can adjust
the oil supply pressure of two clutch control oil circuits and ensure that, in case of
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Fig. 5.33 Schematic diagram of electrically driven hydraulic pump
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The following basic functions need to be met
1. Absorb oil from the outlet of the hydraulic pump
2. Output and supply the oil of the lubrication and
cooling oil circuit
3. Return part of the oil to the inlet port of the
hydraulic pump

Fig. 5.34 Basic working principle of main oil pressure regulating module

Oil pressure Pyps
feedback orifice p— s ——— | | ——————— -_//
-~ ! - 1 11! l————— — -

S lﬁ

Inlet port of 2
hydraulic pump Py

Fs

T ]
| |_‘
wJ

Fig. 5.35 Control principle of main oil pressure regulating module

fault of a clutch, the other clutch can work independently and safely. The clutch
valves 1 and 2 are proportional solenoid valves that can achieve accurate control of
the clutch working pressure; two pressure sensors provide feedback signal for the
accurate control of the clutch pressure. The shift fork control part mainly consists
of four on-off valves and a two-position multi-way valve, which controls the change
of its operating position through the other on/off valve. The auxiliary part mainly
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Fig. 5.36 Control principle of DCT lubrication and cooling system

Table 5.4 Requirements and specific implementation methods of lubrication and cooling module

Function

Requirement

Implementation

Clutch lubrication and
cooling

The minimum lubrication flow
is 2-3L/min, and the maximum
lubrication flow is 18L/min,
which should be adjusted
precisely according to different
shift requirements and working
conditions

The lubrication and cooling
flow of the clutch is regulated
by the VBS and flow control
valve and controlled by the
normally closed solenoid valve
to ensure the maximum
cooling flow in case of failure
of the solenoid valve.

Shaft gear lubrication and
cooling

The lubrication flow is
1-4L/min, which may not be
controlled accurately and only
needs to meet the lubrication
need

Obtain sufficient flow by
setting the orifice diameter on
the lubrication and cooling oil
circuit

Achieve heat exchange and
efficient filtration

In order to ensure efficient
cooling and filtration, a flow of
10-20L/min is required in
steady state

Required flow is obtained
through the regulation of the
flow control valve and the
design of the orifice
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includes the dual clutch lubrication part, the heat dissipation and filtration part of the

hydraulic system.

All kinds of hydraulic valves and solenoid valves are integrated into the hydraulic
valve body, as shown in Fig. 5.38. N88 is the gear 1 and gear 3 shift fork control
switch solenoid valve; N89 is gear 5 shift fork control switch solenoid valve; N9O is
gear 6 and reverse gear shift fork control switch solenoid valve; N91 is gear 2 and
gear 4 shift fork control switch solenoid valve; N92 is multi-way valve control switch
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Fig. 5.38 Hydraulic valve
body of DQ250

N215

N218

solenoid valve; N215 is the control proportional solenoid valve of clutch C1; N216
is the control proportional solenoid valve of clutch C2; N217 is the control solenoid
valve of the main pressure regulating slide valve; N218 is the cooling oil flow control
solenoid valve; N233 is the control oil circuit safety valve of the clutch C1; N371 is
the control oil circuit safety valve of the clutch C2; A is the main oil circuit reducing
valve; B is the solenoid valve power supply connector of the hydraulic valve body.
Meanwhile, the hydraulic valve also integrates the pressure sensors of two clutches.

5.7 Control System Hardware Design

The electronic control system is the core device of DCT and the nerve center of the
whole transmission. The development of a safe and reliable electronic control system
of DCT is an important guarantee for the realization of the vehicle power, economy
performance and emission targets.

I. Composition and principle of DCT electronic control system

The DCT electronic control system mainly consists of the input/output shaft speed
sensor, parking position sensor, oil temperature sensor, TCU, other control unit CAN
signal, select-shift actuator, clutch actuator and wire harness, as shown in Fig. 5.39.
During the operation of DCT, besides receiving input signals from sensors in the
transmission, TCU also needs to obtain input signals from other control units through
CAN bus, mainly including the driver gear request signal from the electronic shifter,
engine speed signal, engine torque and accelerator pedal position signal from EMS,
ABS/ESP status signal and speed signal from ABS/ESP control system. The TCU
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Fig. 5.39 Sketch of DCT electronic control system

analyzes and judges the input signal, makes a decision and then sends a control
signal to the select-shift actuator and clutch actuator. The actuator completes the
gear selecting and shift and the clutch engagement and disengagement to achieve the
vehicle starting and shifting and back feeds the gear selecting and shift status, clutch
engagement and disengagement status to the TCU.

II. Monitoring design of DCT electronic control system

The DCT electronic control system components can be divided into safety related
components and non-safety related components, among which the non-safety related
components account for a large proportion in the whole electronic control system.
ISO 26262 has many stringent requirements for the development process and method
of safety related components and has no requirements for the development of non-
safety related components. If the non-safety related components and safety related
components are developed according to the process and method in ISO 26262,
the development cost will rise substantially and the development process will be
extremely complex. Therefore, the electronic control system of DCT is developed
by using the three-layer monitoring concept, as shown in Fig. 5.40. The hardware
of the transmission controller consists of two parts: the function controller and the
monitoring controller. The software is divided into three layers, of which Layer 1
is non-safety related functional software, used for the basic function control of the
transmission; Layer 2 and Layer 3 are the safety related functional software. Layer
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Fig. 5.40 DCT 3-layer monitoring concept

2 is the function monitoring layer, which is used to monitor whether the operation of
the functional software on Layer 1 is correct. In case of error in the functional oper-
ation of the transmission, Layer 2 enters the failure response mode and restricts the
function of Layer 1 by issuing a command of not allowed, so that the vehicle enters
the safety status; Layer 3 is the controller monitoring layer to monitor the hardware
fault in the function controller by means of the monitoring controller. Layer 2 and
Layer 3 of the DCT electronic control system are developed according to the develop-
ment process and requirements in ISO 26262, while Layer 1 is developed according
to the general development process, which can not only meet the requirements of
ISO 26262 standard, achieve functional safety, but also minimize the development
workload and reduce the development cost.

III. Safety subsystem design

According to the functional safety concept of DCT electronic control system obtained
from the whole vehicle, all safety related functional modules are listed, and the logical
framework of the layer 2 safety subsystem in the DCT3 layer monitoring concept is
formulated based on the signal transmission relationship between modules, as shown
inFig. 5.41. According to the DCT running environment and the boundary conditions
and combined with the fault tree analysis, failure mode and effects analysis (FMEA),
the technical scheme of each module to achieve 7DCT functional safety requirements
is formulated, the functional safety requirements are refined into the requirements of
each module and the safety mechanism of the interaction between modules and are
finally assigned to the corresponding modules and signals in Fig. 5.41 to form the
concept of technical safety.
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Fig. 5.41 Logical framework of safety subsystem

The safety requirement indexes for the hardware in ISO 26262 are mainly the
hardware random failure rate, single-point random failure rate and potential random
failure rate. Since the highest ASIL level of the safety goal of the DCT electronic
control system ASIL C, according to the requirements of ISO 26262, the hardware
indexes related to the safety goal ASIL A are not required and related to the safety
goals ASIL B and ASIL C are required as follows: hardware random failure rate
PMHF < 100FIT, in which 1FIT = 10~° h™'; single-point random failure rate SPFM
> 97%; potential random failure rate LPFM > 80%.

As the electronic control system of DCT is composed of TCU, sensor, actuator
and other systems, the above indexes are the total index requirements of the safety
goal for the systems. When the safety goal is realized by multiple systems, the sum
of the failure rates of these systems cannot be higher than the above indexes.

Due to complex components such as TCU and select-shift actuator in the hardware
development process, these components shall be developed in accordance with the
15026262 process to meet ISO 26262 requirements and corresponding working
documents shall be generated. Simple components such as sensors are less developed
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by companies at home and abroad according to the ISO 26262 process and can be
certified according to the requirements of ISO 26262. As long as the performance,
failure mode and corresponding failure rate of the components meet the technical
safety requirements of DCT, they can be applied in the safety subsystem.

IV. Control system hardware testing

The control system hardware testing is an indispensable part of TCU development
and a necessary means to ensure the quality of the TCU control system. The hardware
testing for TCU includes hardware unit circuit testing, hardware integration testing
and hardware bench testing.

1. Hardware unit circuit testing

The hardware unit circuit testing is the testing for the basic components of the testing
object. It should have clear function, performance definition and interface definition,
and can be distinguished from other units. Functional testing, fault injection testing
and signal integrity testing are needed.

In the functional testing, the drive capability testing is mainly to detect the output
capability of the unit circuit outlet, such as whether the voltage and current output by
the unit circuit meet the design requirements; the high voltage resistance capability
testing is mainly to detect the high voltage resistance of the unit circuit and judge
whether the unit circuit meets the high voltage resistance requirements by applying
a voltage higher than the rated voltage to the unit circuit and maintaining the voltage
for a certain period of time; the fault protection capability testing is to detect whether
the unit circuit has the protection function in the case of short circuit, open circuit,
power supply reverse connection, etc.

The fault injection testing is to verify whether the protection meets the design
requirements under various failure modes of the unit circuit and whether the
performance of the unit circuit can be maximized under the fault state.

The signal integrity testing is the testing of signal level, overshoot, timing sequence
and other indexes.

2. Hardware integration testing

On the basis of testing the hardware unit circuit, the hardware unit circuits are
combined together for testing, mainly to test the accuracy of the integrated whole
function and the accuracy of the interface between the units.

The functional testing is to verify the accuracy of the integrated system logic func-
tion and verify whether it meets the system requirements according to the relationship
between input and output.

Besides unit circuit testing, CAN bus signal testing and clock signal testing are
also included in the signal integrity testing.

Robustness testing is a test of the hardware fault tolerance, to check whether the
system has sufficient protection under abnormal conditions, and whether the failure
cannot be automatically recovered due to some abnormal conditions.
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3. Hardware bench testing

The hardware bench testing is a comprehensive test of the developed system hard-
ware, consisting of a TCU, a load box, a dSPACE Simulator, and a computer, as
shown in Fig. 5.42. TCU is the test object; the load box is an independently designed
part, including simulated loads for actuators such as relay, motor and solenoid
valve; dSPACE Simulator is used as the operating environment for the transmission
drive model, in which different transmission drive models are executed to simulate
different types of automatic transmissions; the computer is connected to the dSPACE
Simulator via a board for information interaction.

5.8 Control System Software Design

I. DCT software architecture

The DCT software fully embodies the developer’s design intention, intuitively mani-
fests the intelligence of the control system and mainly performs data acquisition,
signal processing, gear decision-making, fault diagnosis and processing, coordina-
tion and control of the dual clutch and the engine. As the soul of the TCU, it plays an
increasingly important role in the functions and characteristics of the transmission.

The TCU software of the DCT is developed according to the Autosar architecture
and is modularized, integrated, interface controllable, extensible and maintainable.
Figure 5.43 shows the structure of the Autosar software and Fig. 5.44 shows the
interfaces of Autosar software, in which, the application software module can be
sensor software module, actuator software module, or other modules.

II. DCT underlying software

The underlying driver software that conforms to the Autosar specification is the
bridge between the hardware platform and the upper operating system and applica-
tion software. It is a key software element that affects the quality and development
efficiency of embedded systems. The high reliability and high development efficiency
of the underlying driver and the loose coupling between the operating system and
the application software are the key problems in the driver software development.
Figure 5.45 shows the main steps of Autosar underlying software design. According
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to the Autosar specification, first define the data type and establish the drive engi-
neering file structure system to prepare for the subsequent coding and management.
Then define the in-memory images of the registers in the TCU modules, define the
driver abstract interface (API) according to the Autosar specification of relevant
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Fig. 5.45 Main steps of Autosar underlying software design

modules and combined with the specific ECU data manual, construct the param-
eter configuration interface and design the error tracking and handling mechanism
according to the functions to be achieved by API and combined with the ECU data
manual, design the API function implementation algorithm according to the drive
process in the specific ECU and finally carry out the testing.

III. DCT application software

The application software is typically developed using Autosar. The entire application
layer is divided into software components (SWC), which are then integrated with the
underlying software (BSC) through RTE. Figure 5.46 shows the development process
of the Autosar software and Fig. 5.47 shows the DCT control system application
software module.

IV. DCT software testing

The DCT software testing is the same as the software testing of other control systems,
including modeling specification testing, unit testing, integration testing and system
testing.

The modeling specification requires readable modules, clear interfaces, accurate
documents, consistent modules, codes and documents; portable model easy to main-
tain, reuse and modify; fast running speed, small space occupied and easy simulated
analysis; easy tracking, verification and validation; easy code generation and high
robustness.

The unit testing is the focus of software testing, including functional testing
and structural testing of units. In this stage, bugs are found and modified to lay
a foundation for the smooth implementation of integrated software.
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The integration testing is to test all the software units that have passed the unit
testing and find the problems after the integration of all the software. It is the
fundamental guarantee of system software quality.

The system testing is the process of using manual or automatic means to run or
test system software to verify whether the system under test meets specified system
requirements.

For the specific testing of DCT software, please refer to relevant software testing
data.
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Chapter 6 ®)
Automated Mechanical Transmission Check for

6.1 Overview

Automatic transmission control is an important technology in modern automobile and
also the basic function of intelligent vehicles. With the development of the automobile
industry, people put forward higher and higher requirements for the convenience and
comfort of automotive controllability, and the increase of non-professional drivers
has made the automatic transmission that can facilitate driving and reduce the labor
intensity of drivers have a broad market. The advantages of automating the powertrain
of the automobile: reducing the operating frequency of the driver; easily realizing
the best match of powertrain and getting good power and economy performance;
reducing exhaust pollution. The automated mechanical transmission (AMT) shown
in Fig. 6.1 is developed on the basis of MT. With the advantages of high transmission
efficiency, low cost and easy manufacturing, it is very suitable for the development
of China’s automobile industry and has a good industrialization prospect and a wide
range of applications.

By the select-shift actuator and clutch actuator, the AMT is mainly classified
into electro-hydraulic AMT and electrically driven AMT. For example, Magneti
Marelli electro-hydraulic AMT, as shown in Fig. 6.2, is a set of electro-hydraulic
actuator added to the manual transmission. It is more expensive than the popular
electromechanical actuators at present, but with its high reliability, it is also welcomed
by some OEMs and has been widely used in Chery QQ3, Riich M1, Chevrolet Sail,
SAIC MG3 and other models. The electrically driven AMT mainly includes Getrag
AMT (Fig. 6.3) and Tsingshan AMT (Fig. 6.4). The models equipped with the Getrag
AMT include JOYEAR and Haima Knight, etc. and the characteristic is that the hub
shift technology is applied to the AMT; Tsingshan AMT adopts the worm gear
electromechanical actuator and is mainly used in Changan mini Benben and JAC
Tongyue.
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Case and
lubrication system
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Fig. 6.1 Structure chart of AMT system

Fig. 6.2 Magneti Marelli
electro-hydraulic AMT

6.2 Composition and Working Principle of AMT Control
System

I. Composition of AMT control system

As shown in Fig. 6.5, the AMT control system mainly consists of the software
system and hardware system. The hardware system consists of the controlled object,
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Fig. 6.3 Getrag AMT
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actuator, sensor and electronic control unit (TCU); the software system consists of
the application layer software and underlying software.

1. TCU

AMT TCU, as the core of its control system, has the functions of program storage,
signal collection, processing, judging, making decisions and issuing instructions.
The hardware structure of TCU is shown in Fig. 6.6, and its functions are shown
in Fig. 6.7. The clutch drive circuit and the select-shift drive circuit are different
depending on the actuators used. The solenoid valve is used for the electro-hydraulic
control system and the motor drive circuit is used for the full motor drive system; only
the electro-hydraulic control system has the hydraulic pump drive circuit. CAN bus
interface is used for data exchange and communication between TCU and engine,
braking system, instrument, etc. The stored programs mainly include shift law, func-
tions and databases used in starting, shifting and fault diagnosis, data acquisition
and processing program, control programs such as gear decision-making, starting,
shifting and braking, as well as judgment reasoning programs such as vehicle body
mass, road grade and driver type.

2. Sensor and actuator

The sensor is to obtain all kinds of information during the vehicle driving, and
transmit them to TCU. TCU analyzes the information, identifies the driver intention,
judges the operating conditions, and issues corresponding control instructions. With
the improvement of control theory and control accuracy, the types of sensors used
in AMT control system are increasing. Table 6.1 lists the main sensors used in the
current AMT control system and the CAN communication information. The actuator,
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Table 6.1 Main sensors used in AMT control system and CAN communication information

Signal feature Signal name Remarks

Input shaft speed Pulse signal Hall speed sensor

Transmission temperature 0-5 V analog signal Oil temperature sensor

Gear shift lever position Consist of four switching signals R, N, Def, A/M, M+, M—

Clutch position 0-5 V analog signal Angle sensor

Gear selection position 0-5 V analog signal Angle sensor

Shift position 0-5 V analog signal Angle sensor

Brake state Switching signal O and 1 Position sensor/CAN
information, sent by EMS

Accelerator pedal position | 0-100% CAN information, sent by
EMS

Engine speed 0-16,000 r/min CAN information, sent by
EMS

Real engine torque 0-100% CAN information, sent by
EMS

Torque required by driver 0-100% CAN information, sent by
EMS

Minimum engine torque 0-100% CAN information, sent by
EMS

Friction torque 0-100% CAN information, sent by
EMS

Battery voltage 025V CAN information, sent by
EMS

Vehicle speed 0-360 km’h CAN information, sent by
EMS

Engine throttle position 0-100% CAN information, sent by
EMS

which is classified into hydraulic actuator and motor drive actuator, receives control
instructions from the TCU and performs various control actions during starting and
shifting. Figure 6.8 shows the schematic diagram of the AMT hydraulic actuator.

II. Basic functions and working principle of AMT control system

The AMT control system has the following basic functions: it can shift gears auto-
matically and smoothly according to the optimal dynamic shift law; it can shift gears
automatically and smoothly according to the optimal economic shift law of least
fuel consumption; it can start smoothly on various roads; with a certain fault self-
diagnosis function and fault display and alarm function, it is easy to maintain and
repair; with certain fault-tolerant control measures, it can ensure the basic driving
capacity of the vehicle in some fault cases.

In addition to the basic functions mentioned above, the AMT control system shall
also meet the following requirements: the shift process is rapid, and the time to
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Fig. 6.8 Schematic diagram of AMT hydraulic actuator

complete the whole shift process shall not be too long; during shift, the transmission
shall have no obvious impact and noise; the engagement of the clutch shall be smooth
and gentle to reduce the sliding friction work, and extend the service life of the
clutch friction plate; the control system has strong anti-interference ability and strong
robustness.

The working principle of the AMT control system is shown in Fig. 6.9. The TCU
controls the corresponding actuators (clutch actuator, select-shift actuator) according
to the driver’s intention to control the accelerator pedal, brake pedal and joy stick
(e.g. start, stop, reverse and forced gear) and the working conditions of the vehicle
(engine speed, vehicle speed, gear and clutch status) and appropriate control law
(shift law and clutch engagement law) to achieve automatic control of the vehicle
powertrain (clutch and transmission).

6.3 Shifter

The shifter is to provide the TCU with the driver’s gear requirements. There are
many types of shifters. Figure 6.10 shows the appearance of a shifter assembly and
its connectors.
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The gear definition and the gear output signals are as follows:

(1) The vehicle can park in D (drive), R (reverse) and N (neutral).

(2) The vehicle cannot park in M/A, + or —. When these three gears are released,
the gear shift lever automatically returns to D.

(3) M/A is manual/automatic switching mode, the + and — gears are valid in manual
mode, and the current mode can only be judged by the instrument display.

Table 6.2 lists the truth output of the internal circuit when the shifter is at different
positions and Fig. 6.11 shows the electronic shifter assembly interface circuit.

When the GSL is at low level (logic 0), Vad = 1.47/(1.47 4+ 33) x 5V =154V
(transistor break-over voltage not considered).

When the GSL is at high level (logic 1), Vad = (3.32 + 1.47)/(3.32 + 1.47 + 3.3)
x5V =296V.

Therefore, the voltage signal range at low level is (1.54 & 5%) V and the voltage
signal range at high level is (2.96 & 5%) V. The error of the voltage and resistance
is not considered in the above calculation formula.

Shift force requirement: the shift force range at each position is 15-20 N.
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Table 6.2 Shifter truth table

GSL1 Gear shift lever position GSL2 GSLO GSL3
AM 0 1 1 0
+ 0 0 1 1
D 0 1 0 1
- 1 0 1 0
N 1 0 0 1
R 1 1 0 0
Transition state 1 1 1 0

Battery
DCI2V
J1
i P
= GND_PWR
*»——N.C.
*——IN.C.
Open-collector output 4 N.C
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Fig. 6.11 Electronic shifter assembly interface circuit

The shift stroke (stroke at the handle top) is shown in Fig. 6.12.
M/A — D (S1): 32.2 mm;

D — + (S2): 33.1 mm;

D — — (S3): 33.1 mm;

D — right limit position (S4): 57.2 mm;

Right limit position — N (S5): 51.5 mm;

Right limit position — R (S6): 51.5 mm.
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Fig. 6.12 Shift stroke
(stroke at the handle top)
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6.4 Clutch

The clutch is an important part of the AMT. In the powertrain, the clutch is used to
connect the engine and the transmission together to connect and interrupt the power.
When starting, the clutch enables the engine and powertrain to engage smoothly, so
that the vehicle starts smoothly; when shifting, the clutch disengages the engine from
the powertrain, reducing the rotational inertia input by the transmission and facili-
tating the shift; under large dynamic load impact, the clutch protects the engine and
powertrain from large dynamic load impact. The AMT clutch actuator is to complete
the automatic operation of the two processes of clutch release and engagement and
its performance directly affects the control process of the clutch and the life of the
system, thus affecting the starting process and shift quality.

I. Clutch characteristics

The clutch used in the AMT automotive powertrain is a diaphragm spring clutch,
with the characteristics shown in Fig. 6.13. In the figure, point B is the operating point
of the diaphragm spring under the engagement state of the new clutch, point A is

Fig. 6.13 Characteristics of J/
diaphragm spring clutch
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the ultimate operating point of the clutch, and section AB is the maximum allowable
wear of the clutch friction plate.
The transmitted torque of the diaphragm spring clutch can be expressed as

Te = ziuc R Fp (61)

where,

T .—torque transmitted by clutch;
z—number of friction surfaces of clutch;
u.—friction factor;

R,—equivalent radius of friction;
F,—friction surface packing force.

The torque transmitted by clutch can be realized by controlling the friction surface
packing force. The test shows that the torque transmitted by clutch has the following
relationship with the driven plate deformation

T, = a8® + b8> + ¢8 (6.2)

Figure 6.14 shows the torque transmitted by clutch and the OA in the figure
corresponds to the total clutch release state; point A corresponds to the state of the
clutch just engaged; section AB indicates that with the engagement of the clutch,
the torque transmitted by clutch increases gradually, but it cannot balance the torque
generated by the sliding force of the vehicle; section BC indicates that the torque
transmitted by clutch can balance the torque generated by the sliding force of the
vehicle; section CE indicates that with the engagement of the clutch, the transmitted

Torque transmitted by clutch

Axial deformation of driven plate

Fig. 6.14 Torque transmitted by clutch
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torque increases and the vehicle starts; point E represents the maximum output torque
of the engine.

II. Clutch actuator

The AMT clutch actuator mainly has two types: electrically controlled hydraulic type
and electrically controlled electric type. Compared with the electronically controlled
hydraulic actuator, the electronically controlled electric actuator has the advan-
tages of low cost, high reliability, good system maintenance, low energy consump-
tion, strong environmental adaptability, etc. The electrically controlled AMT clutch
actuator is mainly analyzed here.

1. Performance requirements of clutch actuator assembly

The actuator shall be able to make the clutch disengage quickly and completely and
engage slowly and flexibly during work and can achieve the automatic compensation
for the friction plate wear. The response time of the clutch actuator motor can meet
the vehicle requirement for the clutch actuator.

According to the requirements of the clutch actuator assembly, and combined
with the vehicle layout, the design requirements of the clutch actuator assembly
are as follows: the clutch actuator motor meets the vehicle reliability and durability
requirements for the assembly; the clutch actuator meets the layout position and
space dimension requirements in the transmission; the clutch actuator shall have a
mechanism for fast separation and slow engagement; the clutch actuator shall have
the mechanism for automatic compensation of the wear plate wear.

According to the clutch actuator principle and vehicle layout space requirements,
the final appearance is shown in Fig. 6.15 and the internal structure is shown in
Fig. 6.16.

2. Clutch actuator assembly principle

The clutch actuator is mainly composed of the motor, drive gear assembly, driven
gear assembly, housing and housing cover plate, clutch push rod, wear self-adjusting

Fig. 6.15 Appearance of
clutch actuator
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Fig. 6.16 Internal structure Sensor
of clutch actuator

Push rod component

mechanism, auxiliary spring, damper spring and protective cover. Drive path of the
actuator: motor — drive gear assembly — driven gear assembly — clutch push rod
— clutch release lever. When turning the axis of the rotating shaft, the auxiliary
spring is suddenly extended, pushing the turbine to turn quickly, thus the push rod
pushes the clutch release claw, so that the clutch is quickly released.

The clutch actuator is to realize the engagement and release of the clutch, as shown
in Fig. 6.17. The fore and aft motion of the push rod of the clutch actuator realizes
the release and engagement of the clutch.

According to the design requirements of the clutch actuator in this paper, the
principle of the clutch actuator is shown in Fig. 6.18.

The parameter matching calculation process of the clutch actuator is shown in
Fig. 6.19.

77

\

Clutch push rod —

1

Clutch‘actuator /m

Fig. 6.17 Clutch engagement and disengagement
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6/

Fig. 6.18 Principle of clutch actuator

6.5 Select-Shift Actuator

The AMT gear shift is accomplished by controlling the select and shift motors. There
are strict timing requirements for gear selection and shift control, that is, only after
the right gear is selected can the gear shift operation be carried out, and only when
the gear is neutral can the gear selection operation be carried out. To achieve a fast
and smooth shift, the transmission select-shift control needs to be coordinated with
the engine control and clutch control.

I. Performance and design requirements for select-shift actuator

The select-shift actuator shall be of high stability and high life and adapt to different
conditions; the select-shift shall be completed quickly without shift impact; the
locating is required during the shift; two gears cannot be engaged simultaneously;
the gear identification function is required.

According to the select-shift actuator requirements and combined with the vehicle
layout, the design requirements for the select-shift actuator are as follows: the select-
shift motor meets the assembly life requirements; the select-shift actuator meets the
layout position and space requirements in the transmission; the select-shift actuator
shall be designed with the structure that can achieve fast shift speed and small impact;
the select-shift actuator shall have a locating device; the select-shift actuator shall
have an interlock plate device; the select-shift actuator shall have an electronic device
to identify the gear, such as sensor.

II. Shift principle

The select-shift actuator is to achieve the gear disengagement — selection — engage-
ment process of the shift actuator, as shown in Fig. 6.20. The horizontal movement
of the select-shift shaft drives the shift finger to move to select the shift; the axial
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Fig. 6.19 Parameter matching calculation process of clutch actuator

rotation of the select-shift shaft drives the shift finger to rotate and moves the gear
shift fork frame to achieve gear disengagement and engagement.

To achieve the horizontal movement and axial rotation of the select-shift shaft,
combined with the design requirements of the select-shift actuator, the internal
structure of the select-shift actuator adopted is shown in Fig. 6.21.

(1) Shift principle: the axial rotation of the gear shift lever is achieved through the
shift system inside the actuator. Mode of motion transmission: shift motor —
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shift gear 1 — shift gear 2/3 (the shift gears 2 and 3 are on the same shaft)
—> shift gear 4. The shift gear 4 is installed in the gear shift lever, so the axial
rotation of the select-shift shaft can be achieved.

Select principle: the shift linkage moves up and down through the select system.
Mode of motion transmission: select motor — select motor 1 — select gear
2/3(the select gears 2 and 3 are on the same shaft) — select gear 4. The select
gear 4 rotates in the chute structure in the gear shift lever, so it can drive the
select-shift shaft to move up and down.

Locating principle: the locating device is to keep the shift finger in the expected
position to prevent offset at the end of the gear disengagement, selection and
engagement. The shift locating device achieves the rotational locating of the
gear shift lever through the shift locating slot and shift locating pin; the select
locating device achieves the up and down movement and locating of the shift
linkage through the select locating slot and select locating pin, as shown in
Fig. 6.22.

Interlock principle: the interlock is to prevent two gears from engaging at the
same time. In the gear R and gear 1/2, the shift finger engagement is limited by
the interlock plate and the shift fork frame will not move, as shown in Fig. 6.23.
Gear identification principle: the angle sensor is used to transmit the current
gear information to the TCU, including the shift angle sensor and select angle
sensor. The shift angle sensor is installed in the corresponding shaft of the shift
gear 4 in the shift system to directly obtain the angle information of the shift
gear 4. The select angle sensor is installed in the corresponding shaft of the
select gear 2/3 in the select system to directly obtain the angle information of
the select gear 2/3.

Select-shift actuator structure parameter matching calculation

The matching calculation process of the select-shift actuator structure parameters is
shown in Fig. 6.24.
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Fig. 6.21 Internal structure of select-shift actuator

6.6 Hydraulic Control System

The hydraulic control system of the AMT is shown in Fig. 6.25. TCU mainly controls
the action of the clutch and transmission select-shift actuator through the solenoid
valve.

I. Clutch actuator

The clutch actuator shall be designed to meet the following basic requirements:

(1) Meet the working stroke of the clutch release and engagement, and have enough
driving force and self-locking performance.
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Fig. 6.22 Select-shift locating principle

Fig. 6.23 Interlock principle

Shift fork frame

(2) Ensure the maximum release speed and ensure smooth engagement and small
impact.

(3) Stable torque output at low speed to avoid velocity fluctuation and obtain
accurate position control.

(4) Good frequency response, low lag and low cost.

(5) Reliable mechanism work and compact structure for easy general layout.

Figure 6.26 shows the schematic diagram of the hydraulic clutch actuator. The
engine 1 is connected with the flywheel 2; the clutch driven plate 3, clutch pressure
plate 4, diaphragm spring 5, release bearing 6, return spring 7, release lever 8 and
hydraulic cylinder 9 make up the clutch operating system; the hydraulic pump 14,
oil filter 15, one-way valve 16 and accumulator 17 make up the pressure source; the
filling valve 10, delivery valve 11 and delivery valve 12 control the supercharge or
decompression of the hydraulic cylinder 9. Basic control process of clutch actuator:
when the filling valve is open and the delivery valve is closed, the hydraulic oil in the
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accumulator enters the hydraulic cylinder through the filling valve, and the piston
of the hydraulic cylinder moves right under the pressure. At this time, the small end
of the clutch diaphragm spring moves left under the action of the release bearing,
so that the drive and driven plates of the clutch are released, thus cutting off the
power; when the filling valve is closed and the delivery valve is open, the clutch
diaphragm spring returns under the action of its own force and the return spring
force. The hydraulic cylinder piston moves left under the action of the spring force
and the hydraulic oil returns to the tank through the delivery valve. If the filling valve
and delivery valve are closed simultaneously, the hydraulic cylinder stops moving
and the clutch engagement speed is controlled through different combinations of two
delivery valves or the use of PWM for the delivery valve.

II. Select-shift actuator

The select-shift actuator must achieve the goals of smooth shift, small impact, fast
response speed, accurate locating of middle position and prevention of excessive
dynamic load. The specific requirements are as follows:

(1) Requirements for the actuator stroke. If the stroke is too short, the gear may not
be engaged or may be disengaged; if the stroke is too long, the synchronizer or
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Fig. 6.26 Schematic
diagram of hydraulic clutch
actuator. 1—Engine,
2—flywheel, 3—clutch
driven plate, 4—clutch
pressure plate,
S5—diaphragm spring,
6—release bearing,
7—return spring, 8—release
lever, 9—hydraulic cylinder,
10—filling valve, 11,
12—delivery valve, 13—fuel
tank, 14—hydraulic pump,
15—oil filter, 16—one-way
valve, 17—accumulator
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sliding sleeve is still subject to a large axial thrust after gear shift, thus affecting
its life.

Requirements for the shift speed. The shift speed affects the shift force. Too fast
shift speed will produce large impact force; too slow shift speed will increase
the power interruption time, thus affecting the whole engagement time and the
vehicle acceleration performance.

Requirements for actuator thrust. The shift reliability and synchronizer life are
affected by the thrust. If the thrust is too small, the gear may not be engaged
and the slip between the meshing gear and the sliding sleeve results in the early
damage of the synchronizer; if the thrust is too large, the life of the synchronizer
or sliding sleeve will also be affected. Under normal circumstances, the thrust of
the actuator shall be designed according to the maximum shift resistance of the
vehicle under dynamic conditions, and the size of the thrust shall be controlled
in different ways to ensure the shift quality and the life of the synchronizer. The
shift force of the passenger vehicle synchronizer is usually 100-500 N, with a
maximum of 800 N.

Requirements for locating. The transmission shift actuator has 3 positions and
the inaccurate locating of the middle position will directly lead to the contact
between the meshing gear and the sliding sleeve, resulting in meshing gear,
synchronizer or sliding sleeve damage and even failure to smoothly select the
gear.

The hydraulic drive circuit of the gear shifter shaft is shown in Fig. 6.27. The shift

hydraulic cylinder uses two two-position three-way solenoid valves to control two
motion directions of the shift shaft. The specific control principle is as follows: in
the figure, when the left solenoid valve feeds oil and the right solenoid valve returns
oil, the piston rod moves right; when the left solenoid valve returns oil and the right

sol

enoid valve feeds oil, the piston rod moves left; when two solenoid valves feed

oil, the piston rod moves to the middle position; when two solenoid valves return
oil, the piston rod stops moving. The hydraulic drive circuit is suitable for both gear
select control and shift control.

Fig. 6.27 Hydraulic drive
circuit of gear shifter shaft
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6.7 AMT Control Strategy

The main framework of the AMT control strategy is shown in Fig. 6.28.
I. Derived signal module

The derived signal module is to amplify the hard wire signal, the underlying software
processing signal, the CAN bus signal and the signal sent by the control strategy,
and return them to the control strategy for use. The derived signals to be calculated
include accelerator pedal change rate, input shaft speed change rate, output shaft
speed change rate, engine speed change rate, vehicle speed change rate, slip, output
shaft speed, clutch input torque, inertia moment, dynamic detection, Roll-down,
speed ratio, air density, vehicle load and estimated output shaft speed.

II. Shift law selection module

The shift law includes normal mode, winter mode, performance mode, cold mode,
economic mode, warm up mode, engine brake mode, catalyst heating request mode,
uphill mode, downhill mode, hot mode and plateau mode.

The shift law selection module finds the required mode and shift point from the
above shift law.

III. Gear selection module

The gear selection module determines the current gear status according to the position
of the gear shift lever, including manual, automatic, neutral and reverse. The target
gear is determined as follows:

(1) Manual mode: change the target gear by adding and subtracting manually. If
the target gear selected manually is not reasonable, the program will filter out
and correct the unreasonable gear.

!

- A | [ G ATt clutch ‘ ) )
Shift law selection moduje . . arage s cluts . Derived signal module
control module

i Starting clutch control | Engine torque
Gear selection module g g q

module management module

Normal shift clutch
control module

Synchronizer selection

Hot mode

module | ‘

Fig. 6.28 Main frame of AMT control strategy
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(2) Automatic mode: determine the target gear in the automatic shift mode
according to the shift point given by the shift law selection module. If the target
gear selected by the shift law selection module is not reasonable, the program
will filter out and correct the unreasonable gear.

(3) Neutral mode: enter this mode when the gear shift lever is in position N and
achieve this function through the clutch release at the high speed.

(4) Reverse mode: enter this mode when the gear shift lever is in position R. The
reverse gear will not engage immediately in the forward driving at high speed.

IV. Garage shift clutch control module

The garage shift clutch control module controls the clutch release before the vehicle
starting. After the clutch release, the transmission is engaged and then the clutch is
engaged in the release point for waiting. The module functions include the clutch
self-learning and control correction. The control principle of the garage shift clutch
is shown in Fig. 6.29.

V. Starting clutch control module

The starting clutch control module is mainly to make coordination control of the
clutch engagement speed and engine request torque and guarantee the smooth and
quick vehicle starting, timely engine response and low engine speed. The clutch
control in the starting process is shown in Fig. 6.30.

Exit garage shift

!

Quick release stage Quick engagement stage

! IR

Synchronizer engagement waiting
stage

!

Engagement preparation stage

!

Engagement stage before
— half-engagement point

Fig. 6.29 Control schematic diagram of garage shift clutch
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VI. Normal shift clutch control module

The normal shift clutch control module is used for the clutch control in the garage
shift, starting and normal shift. The normal shift clutch control principle is shown in
Fig. 6.31 and the normal shift clutch control is shown in Fig. 6.32.

VII. Synchronizer control module

The synchronizer control module controls the synchronizer engagement and release
according to the target gear generally after total release of the clutch, including self-
learning and fault recovery. The synchronizer control principle is shown in Fig. 6.33.

VIII. Engine torque management module

To prevent the engine flame-out and limit the engine speed in the starting and normal
shift, requests need to be made to the engine control system, including the required
torque of the transmission, target idle, and maximum engine speed, with the emphasis
on the engine torque reduction control in the process of clutch release and engagement
and the engine speed control in the process of total release. The evaluation criteria are
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Fig. 6.31 Normal shift clutch control principle

that the release process and engagement process are stable, fast and good in tracking,
and the engine speed cannot increase in the case of total release. The torque control
in the starting process is shown in Fig. 6.34 and in the normal shift process is shown
in Fig. 6.35.

XI. Hot mode

The hot mode is mainly to protect the powertrain from overheating by reducing the
excessive load and the shift times.

X. EMS and TCU coordination control technology

TCU can establish communication with the engine ECU through CAN bus for data
interaction. TCU can control the engine torque and speed through the CAN bus and
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Fig. 6.34 Starting process torque control

obtain the actual engine output torque, throttle percentage and engine speed signal
sent by EMS. Figure 6.36 shows the coordination control communication mode
among the engine, transmission and clutch. Figure 6.37 shows the AMT torque
control in the shift process.

6.8 AMT Performance Evaluation Indexes

1. Functional indexes

(1) Tipin
Tip in 45%: the function of downshift when the constant throttle percentage
(45%) is increased to 100% suddenly in gear 4.
Tip in 60%: the function of downshift when the constant throttle percentage
(60%) is increased to 100% suddenly in gear 5.
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(2) Tip out
Tip out 30%: in the driving process at 30 km/h in gear 2, the driver generally
releases the accelerator pedal quickly from the throttle percentage 30% to the
throttle percentage O to delay upshift.

Tip out 75%: in the driving process at 65 km/h in gear 3, the driver generally
releases the accelerator pedal quickly from the throttle percentage 60% to the
throttle percentage O to delay upshift.

(3) Brake control logic: in normal braking, gear 6, vehicle speed 100 km/h: in the
moderate braking, the vehicle speed is gradually decreased and the acceleration
changes smoothly; in the emergency braking, the vehicle speed is quickly
reduced to 0 and the gear quickly decreases to gear 1.

(4) Controllability: frequent shift is not allowed in the continuous steering and the
driving at 50 km/h.

(5) Starting on level road

1) Idle creeping start.
No load: starting time 6 s and maximum acceleration 0.49 m/s* at the
starting.
Full load: starting time 6.5 s and maximum acceleration 0.49 m/s? at the
starting.

2) Starting from small throttle percentage (25% ~40%) to gear 2.
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No load: starting time 2.69 s and maximum acceleration 2.49 m/s’ at the
starting.
Full load: starting time 2.71 s and maximum acceleration 2.53 m/s” at the
starting.

3) Starting from middle throttle percentage (50-65%) to gear 2.
No load: starting time 2.21 s and maximum acceleration 3.76 m/s? at the
starting.
Full load: starting time 2.50 s and maximum acceleration 3.0 m/s? at the
starting.

4) Starting from large throttle percentage (>65%) to gear 2.
No load: starting time 2.34 s and maximum acceleration 3.96 m/s? at the
starting.
Full load: starting time 2.74 s and maximum acceleration 3.48 m/s” at the
starting.

Acceleration performance (throttle percentage 100%): acceleration time 6.56 s
from O to 60 km/h; 14.86 s from O to 100 km/h; 38.66 s from 0 to maximum
speed; 8.29 s from 60 km/h to 100 km/h.

Uphill starting (gradient 10-15%): starting at 0% throttle percentage from gear
1 to gear 2, and the backward sliding distance within 100 mm; starting at 30%
throttle percentage from gear 1 to gear 2, and the backward sliding distance
within 50 mm.

Downbhill protection

Automatic mode: press the accelerator pedal down 0%, 0% or lightly touch
the brake pedal to maintain gear 1.

Manual mode: press the accelerator pedal down 0%, 0% or lightly touch the
brake pedal to achieve manual downshift.

Ramp correction function: including ramp identification function to achieve
uphill on different ramps.

Vehicle mode state: the gear shift lever signals include N, R, D, A-M, M+, M—
and transition signal NAA and the gear shift lever modes include:

1) Neutral mode: enter this mode when the gear shift lever is in position N.

2) Reverse mode: enter this mode when the gear shift lever is in position R.

3) Automatic mode: enter the automatic mode after the gear shift lever is
from N to D, or from R to D; enter the automatic mode after from D to
A-M if it is originally manual mode.

4) Manual mode: enter the manual mode after the gear shift lever is from N
to A-M, or from R to A-M;

Enter the manual mode after from D to A-M, or from D to M+and M— if it is
originally automatic mode.
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II. AMT shift quality indexes
1. Shift impact

The index impact j is used to evaluate the smoothness of the clutch engagement
process during shift and is the change rate of the vehicle longitudinal acceleration a,
ie.

da

=— (6.3)

J
The transmission output torque T is variable, so the shift impact is controlled
when the transmitted torque of the clutch is controlled during shift.

2. Clutch sliding friction work during shift

The index sliding friction work affects the clutch service life during the shift and is
the work of the sliding fiction between the drive and driven frictions in the clutch
engagement process, i.e.

W= / T, 0u(t) — w.(1)]dt (6.4)

where,

i—clutch torque (N m);

w.—angular velocity of drive member (rad/s);
w.—angular velocity of driven member (rad/s);
tp—start engagement;

t,—total engagement.

With respect to the clutch, the greater the sliding friction work, the higher the
temperature rise, the shorter the clutch life. Therefore, in order to extend the clutch
life, the sliding friction work should be minimized, which will inevitably increase
the shift impact. Reasonable clutch control can give consideration to both impact
and sliding friction work.

3. Shift time

In terms of the clutch, the shift time ¢ includes the clutch release time ¢, release
holding time #, and engagement time 3. The release holding time ¢, includes the
disengagement time, select time and engagement time. The shift time is

t=t+n (6.5)
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It can be seen from the evaluation indexes of the gear shift that there are contra-

dictions among impact, sliding friction work and shift time in shift quality, but they
affect each other. Therefore, to achieve satisfactory shift quality, the clutch and engine
must be comprehensively controlled.
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Chapter 7
Transmission for New Energy Vehicle oo

7.1 Overview

The hybrid electric vehicle is a hybrid vehicle powered by two or more energy
converters. Depending on the hybrid energy, the hybrid power can be divided into
engine (gasoline or diesel) + motor, engine (gasoline or diesel) + hydraulic system,
engine (gasoline or diesel) + mechanical system and so on. At present, the most
common hybrid electric vehicle is of the “gasoline engine + motor” form.

1. Classification by power and transmission structure

HEV has a variety of classification methods, among which, the common classification
method is by power and transmission structure and the HEV can be divided into
SHEV, PHEV and SPHEV.

The SHEV features a motor that drives the vehicle alone, with the engine only
acting as a power source for the generator to charge the battery. The engine works
in the most efficient area, with stable speed and torque and simple control. However,
since energy needs to be transformed in multiple steps, the overall efficiency of the
engine, generator, battery charge, battery discharge and motor in the whole process
is relatively low, so the improvement of fuel economy is limited. Meanwhile, since
the vehicle is driven by motor only, the power performance of the vehicle is not good.
Therefore, SHEV is rare in the current HEV mass production models.

The two power sources (engine and motor) of a PHEV can drive the vehicle jointly
or independently. Therefore, PHEV has a more flexible drive mode, and has been
greatly improved in terms of the power performance and fuel economy performance
compared with the SHEV.

The SPHEV combines the advantages of both SHEV and PHEV configurations,
making it the easiest to optimize for energy, but also the most complex.
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2. Classification by hybridization rate

The HEV can also be classified by hybridization rate. Hybridization rate refers to the
proportion of motor power in the total power. Depending on the hybridization rate,
the vehicle can be classified into mild HEV, medium HEV and full HEV.

For the mild HEYV, a belt driven motor (BSG motor) with the power generally 2—
3 kW is generally added, which is mainly used for quickly starting the engine. 5-7%
fuel can be saved by achieving the idle downtime function of the engine. LaCrosse
HEYV produced by SGM is a typical mild HEV.

The typical structure of medium HEV is to install an ISG motor with the power
generally about 10 kW at the power output end of the engine crankshaft to quickly
start the engine, provide assistance for the high power demand, recover the braking
energy at the deceleration and braking and generate power actively when necessary.
About 20% fuel can be saved through idle downtime, engine displacement reduction
(load rate increase), engine operating point optimization, braking energy recovery
and other basic functions. Honda Civic is a typical medium HEV.

The full HEV is typically characterized by electric drive with a motor power of
more than 20 kW. The EV driving at low speed (low power demand) can significantly
reduce the fuel consumption at low speed. With other fuel saving functions, the total
fuel saving rate can reach 40%. Toyota PRIUS and Lexus CT200h are typical full
HEVs.

3. Classification by external charge

Depending on the external charge, the HEV can be classified into non-off-vehicle-
chargeable hybrid electric vehicle and plug-in hybrid electric vehicle. The above
HEVs are non-off-vehicle-chargeable HEVs. The PHEV (Plug-in Hybrid Electric
Vehicle) is characterized by off-vehicle charge and long electric range. In case of
low battery, the fuel can be used to achieve long driving range. The PHEV can be
divided into three modes. Chevrolet VOLT and JAC RS PHEV are typical series
PHEYV, also called series extended range HEV; BYD F3DM and Volvo V60 are
parallel PHEV; the plug-in hybrid system of Toyota Prius is typical SPHEV.

4. Application of AMT, AT, CVT and DCT in hybrid electric vehicle

Among the NEW transmissions, the AMT, AT, CVT and DCT have been tried and
applied on the HEV and have different structural features, transmission principles
and control methods and have advantages and disadvantages on HEV.

The AMT, as an HEV transmission, is characterized by low cost, reliable trans-
mitted torque, high transmission efficiency and coordination with a variety of
dynamic coupling modes; the shift control strategy of the AMT can be incorpo-
rated into the vehicle control strategy to give the HEV better fuel economy, and
the motor compensates for the engine drive torque during the shift to improve the
vehicle power performance. The disadvantage is that the motor in this scheme cannot
be involved in speed change.

As an HEV transmission, AT is usually used to replace the hydraulic torque
converter with the motor. AT is used as the transmission in Honda Accord hybrid
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electric car and GM U-Model hybrid concept vehicle. Through the motor control,
the AT achieves the steady starting and smooth shift of the engine, completing the
drive and energy recovery and improving the vehicle fuel economy.

As an HEV transmission, the CVT can overcome the shortcomings of traditional
CVT vehicles and give full play to the advantages of HEV in energy saving and
emission reduction. Its integration with CVT technology will certainly give full play
to the HEV advantages of energy saving and environmental protection.

The DCT is used as an HEV transmission. In the Honda transmission scheme, the
motor is integrated in the odd input shaft and shall perform synchronous tracking
during shift to reduce the speed difference between input and output of synchronizer,
and the control strategy is complicated; in BYD model, the motor is integrated in
the output shaft and the motor output does not take part in the shift. Its biggest
disadvantage is that it does not have the function of parking charge.

7.2 Power and Economy Performance of HEV

Depending on the drive mode, the HEV can be classified into hybrid drive mode,
engine drive mode and electric drive mode. In the hybrid drive mode, the vehicle
is driven by the engine, motor and all other onboard powertrain according to the
management logic (vehicle control strategy); in the engine drive mode, the vehicle
is driven by the engine; in the electric drive mode, the vehicle is driven by the motor.

The HEV has two or more power sources, and Table 7.1 lists the characteristics of
HEV power sources. As for the engine and motor power source, the overall perfor-
mance is optimized by full use of the advantages of the engine drive and motor drive
through the transmission and corresponding control strategy.

Table 7.1 Characteristics of HEV power sources

Type of power source | Advantages Disadvantages Efficient operation
mode
Engine (1) Large output (1) Low efficiency at | (1) High load
torque low output torque | (2) Long distance
2) Compact structure | (2) Engine Working at operation
(3) High energy stop
density
Motor (1) Achieve starting at | (1) Low energy (1) Atstop
zero speed density (2) Starting
(2) Energy recovery (2) High high-voltage |(3) Low load
(3) High efficiency at safety (4) Deceleration and
low output torque requirements reverse
(4) Reverse rotation
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I. Power performance

Power performance is one of the main evaluation indexes of the HEV. The power
indexes of the hybrid drive mode include maximum speed, acceleration time from
0 to 100 km/h or from 0 to 50 km/h, 30 min maximum speed, climbing speed, hill
starting ability and maximum gradeability. The power indexes of the electric drive
mode include maximum speed, 30 min maximum speed, acceleration time from O to
50 km/h, climbing speed and hill starting ability.

1. Power index of hybrid drive mode

Maximum speed: average of the maximum speed reached to maintain the hybrid
driving for more than 1 km according to the procedures stipulated in GB/T19752—
2005 Hybrid Electric Vehicles—Power Performance—Test Method.

Acceleration performance from 0 to 100 km/h (0 to 50 km/h): minimum time
required to accelerate from 0 to 100 km/h in the hybrid driving according to the proce-
dures stipulated in GB/T19752—2005 Hybrid Electric Vehicles—Power Perfor-
mance—Test Method (test the acceleration performance from 0 to 50 km/h when
the maximum speed of the HEV is less than 110 km/h).

30 min maximum speed: average of the maximum speed reached to maintain the
hybrid driving for 30 min according to the procedures stipulated in GB/T19752—
2005 Hybrid Electric Vehicles—Power Performance—Test Method.

Climbing speed: maximum average speed reached to maintain hybrid driving for
more than 1 km on roads with gradients of 4 and 12% according to the procedures
stipulated in GB/T19752—2005 Hybrid Electric Vehicles—Power Performance—
Test Method.

Hill starting ability: maximum gradient in the starting and hybrid driving for
more than 10 m according to the procedures stipulated in GB/T19752—2005 Hybrid
Electric Vehicles—Power Performance—Test Method.

Maximum gradeability: maximum gradeability in the hybrid mode according to
the procedures stipulated in GB/T19752—2005 Hybrid Electric Vehicles—Power
Performance—Test Method.

2. Power indexes of electric drive mode

Maximum speed: average of the maximum speed at which an electric vehicle can
drive continuously for a distance of more than 1 km round trip.

30 min maximum speed: maximum average speed at which the electric vehicle
can drive continuously for more than 30 min.

Acceleration time from 0 to 50 km/h: minimum time required for the electric
vehicle to accelerate from 0 to 50 km/h.

Climbing speed: maximum average speed at which the electric vehicle can drive
continuously more than 1 km on a ramp with a given gradient.

Hill starting ability: maximum gradient at which the electric vehicle can start on
a ramp and drive upwards at least 10 m within 1 min.
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II. Economy

The ability to drive economically with as little energy consumption as possible on the
premise of ensuring power performance is called the energy economy, or economy
for short. The energy economy is usually measured by the energy consumption for
a certain distance driven by a vehicle under a certain operating condition or by the
mileage driven by a certain amount of energy.

In China and Europe, fuel consumption or power consumption of 100 km under
certain operating conditions is used to measure the vehicle energy economy, in units
of L/100 km and kW h/100 km, respectively. The higher the value, the worse the
economy. In the United States, the energy economy of a vehicle is measured by
the mileage driven by a certain amount of fuel or power under certain operating
conditions, in units of mile/USgal and mile/(kW h), respectively. The higher the
value, the better the economy.

HEV consumes both power and fuel, so fuel consumption and power consumption
need to be taken into account for the energy consumption evaluation. Ordinary HEVs
cannot be charged externally. The power consumption during operation accounts for
a small proportion. Moreover, the power consumed still comes from engine fuel
consumption, and the power battery SOC fluctuates within a small range. Under the
same test conditions, there is a certain linear relationship between energy consump-
tion and fuel consumption. It is easy to obtain accurate equivalent fuel consumption
evaluation results by using this linear relationship.

With respect to the PHEYV, the relationship between the power consumption and
fuel consumption is uncertain because the power battery SOC varies widely and
most of the power consumption comes from the external grid. In view of this situa-
tion, the United States Environmental Protection Agency (EPA), for direct compar-
ison between traditional vehicles and NEVs, adopts the equivalent fuel consumption
measurement method, that is, the electric energy of 33.7 kW h is equivalent to the
energy of 1 USgal (3.785 L) gasoline and the equivalent fuel economy is used for
evaluation.

The driving cycles used to evaluate the vehicle energy economy include: New
European Driving Cycle (NEDU) adopted in Europe and China, Urban Dynamometer
Driving Schedule (UDDS) and High Way Fuel Economy Driving Schedule (HWFET)
stipulated by EPA and JCO9 in Japan.

Under the drive cycle, the vehicle energy economy test is generally carried out on
the chassis dynamometer. The vehicle fuel consumption can be measured by carbon
balance method, while the power consumption can be calculated by measuring the
amount of electricity required to charge the battery to the specified SOC value.

With the aggravation of the energy crisis, the governments of various countries
have set more stringent energy economy targets for automobiles. The implementation
of the Notice of the State Council on Printing and Issuing the Planning for the Devel-
opment of the Energy-Saving and New Energy Automobile Industry (2012-2020) puts
forward requirements on the average fuel consumption of passenger vehicle enter-
prises, and defines the targets of reducing the average fuel consumption of passenger
vehicle products in China to 6.9 L/100 km and 5.0 L/100 km in 2015 (Phase III) and
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Table 7.2 Limits of fuel consumption for passenger vehicles in China (unit: L)

Kerb mass/kg | Phase III | Phase III | Phase IV | Kerb mass/kg | Phase III | Phase III | Phase IV
MT AT MT AT
(0, 750) 52 5.6 39 (1540, 1660) |8. 1 8.4 55
(750, 865) 55 5.9 4.1 (1660, 1770) | 8.5 8.8 5.7
(865, 980) 5.8 6.2 43 (1770, 1880) | 8.9 9.2 59
(980, 1090) | 6.1 6.5 4.5 (1880, 2000) | 9.3 9.6 6.2
(1090, 1205) |6.5 6.8 4.7 (2000, 2110) | 9.7 10.1 6.4
(1205, 1320) | 6.9 7.2 4.9 (2110, 2280) | 10.1 10.6 6.6
(1320, 1430) |7.3 7.6 5.1 (2280, 2510) | 10.8 11.2 7.0
(1430, 1540) | 7.7 8.0 53 Above 2510 | 11.5 11.9 7.3

2020 (Phase IV), respectively. In addition, China also restricts the fuel consumption
of passenger vehicles with different kerb mass, as shown in Table 7.2, and China
adopts the national standard of Fuel Consumption for Passenger Vehicles.

The calculation of the vehicle energy economy in the design stage needs to go
through the following stages:

ey

@

Discretization of driving conditions: for a determined driving cycle, the vehicle
driving process is discretized to calculate the total power demand in each period

2

CpAv dv v
P = i dm— 7.1
(mgfcosa+mgfs1na+ IRG + mdt>3600 (7.1)

where,

a—ramp angle in vehicle driving (°);
Cp—drag coefficient;
A—frontal area of vehicle (m?).

Determination of engine operating point and calculation of fuel consumption:
the operating points of all system parts, including the engine, motor, battery
and transmission, are determined according to the system structure and energy
control strategy. According to the vehicle speed, transmission gear information
and the engine power in this period, the engine speed can be obtained as

i vigi()

_ 72
e = 0377r (7.2)

If the engine stops, the fuel consumption per unit time is Q; = 0; if the engine
is idle, the fuel consumption per unit time is Q; = Qy; if the engine is working,
the specific fuel consumption b is determined from the universal characteristics
of the engine by means of the engine power P, and speed n, and the fuel
consumption per unit time is further determined as
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3

“

&)

Q= Leb (7.3)
"7 3,671 x 105pg :
where,
b—specific fuel consumption (G/kW h);
p—fuel density (kg/L).
In this period, the fuel consumption Q; is
0; = 0t (7.4)

Determination and efficiency of motor operating point: assuming that the total
motor power is P,, in this period, the motor speed and torque can be obtained
according to the vehicle speed and gear information. Then the motor effi-
ciency under this condition is determined according to the motor efficiency
characteristics.

Determination of battery operating point and calculation of power consumption:
according to the motor charge and discharge and the motor efficiency 7,,, the
battery input and output power is determined as

Py, .
— The motor is in drive state
P, = Nm (7.5)

P.n,  The motor is in charging state

Power consumption or storage E; (unitkW h, 4 for charge and — for discharge):

Pyt; e
3600 The motor is in drive state
E = o (7.6)
Pynpt; . )
——  The motor is in charging state
3600

The relationship among the charge and discharge current I, (+ for charge and
— for discharge), charge and discharge time t;, battery voltage U and charge and
discharge capacity E; is

L = C (7.7)
bt—U .

If the battery charge quantity is Cp, the new battery SOC state is

Ipt;
SOC; =S0C;_1 + — (7.8)
Cp

Calculation of energy consumption in the whole cycle: the fuel consumption
and power consumption during all periods are superimposed to obtain the fuel
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consumption Q ; and power consumption £ in the whole cycle. If the whole cycle
is S (km) and it is converted to a distance of 100 km, then the fuel consumption
and power consumption of 100 km can be obtained.

100" 0
Or= —SZ Q (7.9)
E;= —IOOSZEi (7.10)

7.3 AMT Hybrid Transmission

With the characteristics of simple structure, high transmission efficiency and good
manufacturability, the AMT has been applied in the orthodox cars and HEVs. Using
the AMT for the HEVs achieves all the advantages of the AMT while also compen-
sating for power outages during gear shifts. As a result, the HEV AMT will stand out
in future hybrid technology developments with lower fuel consumption and improved
comfort. Figure 7.1 shows several common HEV AMT arrangement forms, and their
advantages and disadvantages are shown in Table 7.3.

Figure 7.2 shows Hongqi AMT hybrid power system, which can realize different
drive modes such as idle downtime of engine, engine driving the vehicle alone, drive
motor driving the vehicle alone and engine and drive motor driving the vehicle in
combination. The motor A is used to drive the vehicle alone or in combination; the
motor B mainly starts the engine and charges the battery, or drives the vehicle with
the engine.

Figure 7.3 shows Tsingshan AMT hybrid power system, which adopts the hub
range shift for shifting, achieves the separate engine drive, separate motor drive and
combined drive and has the parking charge function. There are two gear ratios for
the separate motor drive. The biggest disadvantage of this system is that there is only
motor driven reverse rather than engine driven reverse.

Figure 7.4 shows the AMT hybrid power system of FEV. The AMT can be used
to achieve motor drive, engine drive, combined drive, braking capacity recovery,
separate engine or motor drive of air conditioning and other functions. The realization
of the gears is shown in Table 7.4. The air conditioning may be driven by the engine
or motor and is driven by the motor when the engine does not work.

Figure 7.5 shows a US patented AMT hybrid power system, of which, the engine
drive may realize 6 forward gears and the motor drive may realize 3 forward gears.
The sliding friction of the clutch is used to assist the drive torque and reduce the shift
impact during the shift.

The most typical application of the AMT hybrid power system is Magneti Marelli
AMT hybrid transmission, as shown in Fig. 7.6, which has hybrid drive, low speed
electric drive, shift torque compensation, energy recovery and other functions.
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Fig. 7.1 Common HEV AMT arrangement forms

Figure 7.7 shows Magneti Marelli AMT hybrid power control scheme. In addition
to identifying the driver intention, the vehicle control unit also makes integrated
control of the engine ECU, transmission TCU, motor controller INV and battery
capacity to achieve global optimization of the control system. In case of small torque
required by the driver, the motor provides the full required torque within the torque
range that can be provided by the motor; in case of large torque required by the
driver, the engine is started and the motor drive is changed to the engine drive; in
case of engine drive and sudden increase in the torque required by the driver, the
motor provides the power to avoid downshift; in case of low battery and low engine
load, the engine charges the battery in addition to driving the vehicle.

Figure 7.8 shows the torque compensation in the AMT hybrid power shift. During
the shift, the clutch interrupts the engine power. At this time, the motor output torque
is increased and the torque of the output shaft changes little or remains unchanged
to improve the shift comfort.
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Table 7.3 Advantages and disadvantages of the HEV AMT arrangement forms

Detail drawing | (a) (b) (©) (d)
number in
Fig. 7.1
Arrangement | The motor is The motor is The motor and the | The motor uses
form directly connected | connected to the | engine use their some gears of the
to the engine transmission respective AMTs, | AMT
output and the power
converges at the
output
Advantages The motor uses The motor The motor uses The motor uses
the AMT to generates the AMT to part of the AMT
change the gear uninterrupted change the gear to change the
ratio and operates | power during shift | ratio and gear ratio,
in a high and achieves high | generates generates
efficiency area at | comfort uninterrupted uninterrupted
the same speed as power during shift | power during
the engine and achieves high | shift and has the
comfort same structure as
the traditional
AMT
Disadvantages | Power failure The motor cannot | Complex Complex control

during shift change the gear structure, high system
ratio and has low | cost and large
efficiency at high | mass
speed
— —

-AMT

Motor controller B

| Motor A |

| Motor controller A |

Fig. 7.2 Hongqi AMT hybrid power system

| Power battery
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Fig. 7.3 Tsingshan AMT hybrid power system

7.4 AT Hybrid Transmission

There are two typical ways to form hybrid transmission on the basis of AT. One is to
add a small motor between the engine and the hydraulic torque converter, the small
motor drives the vehicle through the transmission together with the engine and the
vehicle is a medium HEV; the other is to replace the hydraulic torque converter in
AT with a large motor, torque damper and engine disengaging clutch. The vehicle
is driven electrically at low speed. The engine disengaging clutch is engaged and
the motor drives the transmission together with the engine at the medium and high
speed. At this time, the motor can also act as a brake and recover the energy in the
braking to charge the battery. Figure 7.9 shows the AT-based hybrid drive scheme of
ZF.

The hybrid drive is primarily designed to maximize the compatibility of the core
elements of the basic transmission and avoid additional parts and secondly to mini-
mize the installation space. AT mild hybrid system, AT medium hybrid system, AT
full hybrid system and AT plug-in full hybrid system are obtained by adding different
parts.

AT mild hybrid system achieves the start-stop function by adding a hydraulic
impulse storage (HIS) shown in Fig. 7.10 on the basis of traditional AT and can save
additional 5% fuel in NEDC. The energy stored in the HIS is used after the stopping
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Fig. 7.4 AMT hybrid power system of FEV

phase. The auxiliary hydraulic pump accelerates the oil to fill the shift clutch (the
generation of system pressure), reducing the response time from the release of the
brake to the operation of the power system. The HIS is operated as follows: when
a vehicle is driving on the road, the plunger chamber is filled with a certain amount
of transmission oil. Once the filling process is complete, the piston is held at the
position shown in Fig. 7.10b through the electromechanical locking device; in the
stopping phase, the driver releases the brake pedal and releases HIS piston while
starting the engine, which injects the system with the transmission oil stored in HIS
to generate the system pressure normally generated by the transmission hydraulic
pump. With this amount of additional oil, the time it takes the oil to fill the clutch is
significantly reduced, while the driver is allowed to continue driving undetected.

The AT medium hybrid system achieves energy recovery, parking charge, engine
start, motor power and other functions by integrating an ISG motor at the output end
of the engine on the basis of the traditional AT.

Figure 7.11 shows AT full hybrid transmission, which achieves the separate motor
drive, separate engine drive, hybrid drive, energy recovery, parking charge, engine
start, motor power and other functions by integrating the clutch and drive motor at
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Table 7.4 Gear realization of AMT hybrid power system of FEV

245

Engine drive

Gear A B C D Cl

1 Left shift Middle Left shift Left shift Engaged
1L Right shift Middle Right shift Left shift Engaged
2 Middle Left shift Middle Middle Engaged
3 Left shift Middle Right shift Middle Engaged
4 Left shift Middle Left shift Middle Engaged
5 Middle Right shift Middle Middle Engaged
6 Right shift Middle Right shift Middle Engaged
7 Right shift Middle Left shift Middle Engaged
R Right shift Middle Right shift Right shift Engaged
RL Left shift Middle Left shift Right shift Engaged
1 Middle Middle Middle Left shift Released
2 Left shift Left shift Middle Middle Released
3 Right shift Left shift Middle Middle Released
4 Middle Middle Left shift Middle Released
5 Left shift Right shift Middle Middle Released
6 Middle Middle Right shift Middle Released
7 Right shift Right shift Middle Middle Released
R Middle Middle Middle Right shift Released

Fig. 7.5 US patented AMT

hybrid power system AMT

Engine

the output end of the engine and adding an electronic hydraulic pump on the basis of
the traditional AT. The AT plug-in full hybrid transmission is structurally the same
as the full hybrid transmission, except that it has a larger power battery capacity than
the traditional full hybrid system and is equipped with a charging motor to charge
the power battery from an external power source during parking.
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Fig. 7.11 AT full hybrid
transmission

7.5 CVT Hybrid Transmission

I. Configuration scheme

There are three common configuration schemes of CVT based hybrid power system.
The first is the four-wheel drive scheme, with the engine driving the front axle (or
rear axle) and the motor driving the other axle. The advantage of this scheme is that
the mechanical part of CVT is changed less and the change is mainly made to the
CVT speed ratio control clutch control, brake control and other electronic control
technology. The scheme is simple and practicable. Its disadvantage is that the motor
torque is not through the transmission and the motor working range is large, not
conducive to the full play of the motor performance. The second is the longitudinal
rear drive scheme, with the engine placed longitudinally and connecting ISG motor
coaxially in parallel and driving the rear axle through CVT. The advantage of this
scheme is that mechanical part of CVT is changed less (the changes are mainly made
to the front part of CVT, the mechanical connection between the front case and the ISG
motor shell, and the mechanical connection between the hydraulic torque converter
and the ISG motor stator) and the change is mainly made to the electronic control
technology. The scheme is relatively simple. The idle downtime, engine displacement
reduction, braking energy recovery and other functions can be achieved. The third
is the horizontal front drive scheme, which is the powertrain layout of most cars.
Due to the limitation of installation space, CVT needs to cancel the hydraulic torque
converter. The original hydraulic torque converter space is used to install the drive
motor.

The advantage of the CVT hybrid transmission is that the fuel economy of the
vehicle is greatly improved by controlling the engine to work in the economic area
and the motor to work in the non-economic area. The fuel economy of the HEV can
be further improved if the engine can be controlled to work on the “optimal curve”
using the CVT speed ratio continuous regulation characteristics within the engine
operating range. The HEV motor drive mode and regenerative braking mode can
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also make use of the speed ratio regulation function of CVT to make the motor work
on the “optimal curve”, ensuring that less power is consumed in the motor drive and
more energy is recovered in the regenerative braking, further reducing the energy
consumption of the vehicle. On the other hand, the use of the electric hydraulic pump
instead of the ordinary hydraulic pump and the integration of the energy conservation
and emission reduction advantages of the HEV with CVT technology will certainly
give full play to the HEV advantages of energy saving and environmental protection.

II. Main forms of CVT based HEV
1. Hybrid transmission consisting of engine and ISG motor/generator

Figure 7.12 shows a hybrid transmission consisting of engine and ISG
motor/generator. The ISG motor/generator acts as the starter of the engine at the
engine start to start the engine; is driven by the engine in the normal working of
the engine and charges the power battery as a generator; provides auxiliary power
for the vehicle in the acceleration and climbing; recovers the braking energy as the
generator in the vehicle braking.

2. HONDA CIVIC HEYV transmission

Figure 7.13 shows HONDA CIVIC HEV transmission, which combines the ISG
motor and engine as auxiliary power to the same shaft. The torque of the moor
and engine drives the vehicle in parallel. The powertrain of this model adopts the
horizontal front drive scheme and the hydraulic torque converter is canceled from
the CVT, saving a certain space. It mainly has the following working conditions:

(1) Hybrid drive: a large power, if required for the vehicle driving, is jointly driven
by the engine and motor.

(2) Separate engine drive: when the vehicle requires appropriate power and the
engine works in the high efficiency interval, the engine drives the vehicle sepa-
rately. The engine provides additional generating power for the motor to charge
the battery while providing the driving power of the vehicle: (1) to maintain the
relative balance of the battery capacity in case of low battery; (2) to improve
the efficiency of the vehicle powertrain in case of low power required by the
vehicle and the engine working in the area with low fuel efficiency.

Fig. 7.12 Hybrid
transmission consisting of |:
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Fig. 7.13 HONDA CIVIC

hybrid transmission
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(3) Checking braking: the vehicle braking system brakes the vehicle and the motor
does not generate power in case of high battery capacity; if the battery SOC
does not exceed the upper limit, the motor will run as a generator and recovers
partial kinetic energy of the vehicle to charge the power battery in the checking
braking process. At this time, the insufficient braking strength is compensated
by the traditional braking system.

3. Hybrid transmission consisting of generator and two motors

Figure 7.14 shows a hybrid transmission consisting of generator and two motors.
The motor A may drive the vehicle alone through CVT or with the engine when the
clutch is engaged. It acts as the generator in braking to charge the power battery; the
motor B charges the power battery in parking and acts as the starter in the engine

start.

Fig. 7.14 Hybrid
transmission consisting of
generator and two motors
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This scheme is adopted for the Tino powertrain of Nissan. The engine is connected
to a 13 kW starter/generator via a drive belt and can be used as a starter when the
engine needs to be started, and can be used as a generator to charge the battery pack
at ordinary times. The engine is connected by an electromagnetic clutch to a 17 kW
drive motor, whose rotor is connected to the CVT. The vehicle operating mode is
switched through the electromagnetic clutch. When the clutch is released, the vehicle
can achieve electric and regenerative braking mode; when the clutch is engaged, the
vehicle can achieve the engine drive, motor power and driving power generation
mode.

Due to the removal of the hydraulic torque converter and reversing gear, Tino
achieves more smooth speed change process and lower fuel consumption by use of
the speed ratio regulation of the CVT. The fuel consumption of 100 km reaches 4.3
L/100 km. Compared with cars of the same class, its fuel consumption under urban
conditions is reduced by 50% and CO, emission is reduced by 50%. However, due
to control technology and production costs, only 100 units of this model have been
produced before production stop.

4. Four-wheel drive hybrid transmission

Figure 7.15 shows a four-wheel drive hybrid transmission, which realizes the
coupling between the engine and motor A by means of the planetary gear train
and clutch, drives the front wheel through CVT and realizes the conditions such as
motor A starting the engine, motor A charging the power battery in the engine stop,
engine and motor A driving the front wheel through different combinations of the
planetary gear train and clutch; the motor B is used to drive the rear wheel or recover
the braking energy in the braking. Under the coordination of the control system, the
engine, motor A and motor B can achieve electric two-wheel drive, electric four-
wheel drive, separate engine drive, front wheel hybrid drive, four-wheel hybrid drive
and braking energy recovery.

| Engine | | Motor controller A |
: |—
g
Planetary gear train E
&l
5
T I Motor controller B | 2

20

| I I I | | |

Fig. 7.15 Four-wheel drive hybrid transmission
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Estima and Alphard of Toyota, as early representative products of THS-C (Toyota
Hybrid System-CVT), can achieve four-wheel drive. The front wheels are driven by
a 96 kW engine and 13 kW permanent magnet synchronous motor. Their power is
coupled by the planetary gear train, and metal belt CVT is used to realize the infinitely
variable speed; the rear wheels are driven by an 18 kW AC synchronous motor, which
is integrated with the main reducer and differential mechanism. When the ground
adhesion of the front wheel is insufficient and “slip” is about to occur, the engine
divides the power into two parts: one part drives the front wheels through CVT; the
other party drags the front motor to generate power through the planetary gear train
and supplies the electricity generated by the front motor to the rear motor to drive
the rear wheels, realizing the composition of the engine power and effectively using
the ground adhesion of four wheels. In case of insufficient vehicle driving force or
regenerative braking, the rear motor can also be involved. The CVT hydraulic pump
of the THS-C is driven by motor and the hydraulic torque converter is canceled.

5. Hybrid transmission based on CVT

The hybrid transmission based on CVT is shown in Fig. 7.16. The motor is responsible
for driving and generating electricity, and the clutch CL1 connects or disconnects
the engine and motor, using a multi-disk clutch dry clutch; the clutch CL2 connects
or disconnects the CVT and the motor, using a multi-disk wet clutch. Through the
control of clutch CL1 and clutch CL2, various modes as shown in Figs. 7.17, 7.18,
7.19,7.20, 7.21 and 7.22 are realized.

The powertrain torque demand (PTD) is used in the HEV to achieve integrated
control of the engine, motor and CVT, as shown in Fig. 7.23. The target driving force
is first set and then the corresponding torque and gear ratio of the target driving force
are established. The energy management module needs to consider charging state
and other factors, and output the optimal action point instructions for engine, motor
torque control and CVT variable speed control, and each unit executes the action
according to the instructions. In addition, the adaptive control system can modify the
above control output according to the driver’s intention.

Fig. 7.16 Hybrid
transmission based on CVT
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Fig. 7.17 Motor drive for
starting at the engine stop

Fig. 7.18 Hybrid drive of
engine and motor for starting

Fig. 7.19 Engine drive
while charging

Fig. 7.20 Hybrid drive of
engine and motor
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7.6 DCT Hybrid Transmission

A typical application abroad of the DCT based hybrid transmission system is Honda
Fit dry 7DCT hybrid power system, as shown in Fig. 7.24. It has the electric drive
mode (EV), hybrid drive mode, engine drive mode and energy recovery mode.

In the electric drive mode (EV) shown in Fig. 7.25, the motor drives the vehicle
alone; in the 7DCT hybrid drive mode shown in Fig. 7.26, the engine and motor



7.6 DCT Hybrid Transmission 255

Fig. 7.24 Honda Fit dry Dual clutch actuator

7DCT hybrid power system Select-shift actuator

Dry dual clutch DMF

Fig. 7.25 7DCT electric T
drive mode (EV)

Blue: odd gear

Red: even gear == TLI[' 1‘].,'

drive the vehicle; in the 7DCT engine drive mode shown in Fig. 7.27, the engine
drives the vehicle alone; in the 7DCT energy recovery mode shown in Fig. 7.28,
the vehicle power is used to drive the motor and the motor, in the power generating
mode, charges the battery.

A typical application at home of the DCT based hybrid transmission system is
DCT hybrid transmission system of BYD Qin, as shown in Fig. 7.29. It has the electric
drive mode (EV), hybrid drive mode, engine drive mode and energy recovery mode.
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Fig. 7.26 7DCT hybrid
drive mode

Blue: odd gear
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Fig. 7.27 7DCT engine
drive mode
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In case of high battery SOC and low vehicle speed, the motor is used to drive the
vehicle, i.e. electric drive mode, as shown in Fig. 7.30; in case of high vehicle power
demand, the motor and engine drive the vehicle, i.e. hybrid drive mode, as shown in
Fig. 7.31; in case of low vehicle power demand, the engine drives the vehicle alone
and the motor can charge the battery, i.e. engine drive mode, as shown in Fig. 7.32.
The power transmission route in the braking energy recovery mode is the same as
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in Fig. 7.32, but the engine does not output power at this time. The disadvantages
of the DCT hybrid power system are that it cannot implement the power generation
at shutdown, the motor cannot be involved in the speed change and cannot always
ensure the optimization of energy.

7.7 Planetary Gear Hybrid Transmission

The PSHEV is a special hybrid power system and PRIUS hybrid power system is a
typical example of PSHEV, with the structure as shown in Fig. 7.33. The PSHEV is
mainly composed of motor 1, motor 2, engine and planetary gear train, among which
motor 1 is connected to the center gear, motor 2 is connected to the annular gear,
and the engine is connected to the planetary carrier. Its biggest feature is the use of a
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planetary gear set to couple two motors and the engine together. The planetary gear
set can realize the function of infinitely variable speed, making the whole system
more efficient. Its biggest disadvantage is that it can only carry out constant torque
distribution, and the system efficiency is low when cruising at high speed.

In the planetary gear train, the center gear speed, annular gear speed, planetary
carrier speed and the number of gear teeth have the following relationship

ng +an, = (1 +a)n, (7.11)
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where,

ng—center gear speed (r/min);
n,—annular gear speed (1r/min);
n.—planetary carrier speed (r/min);
a—characteristic coefficient, a = %, Z, is the number of the center gear teeth

and Z, is the number of annular geaf teeth.

In the planetary gear train, the center gear torque, annular gear torque, planetary
carrier torque and characteristic coefficient a have the following relationship

T. =aT, (7.12)
where,
T,—center gear torque (N m);
T,—annular gear torque (N m).
I.=T +T (713)
FUH T,—planetary carrier torque.
T,
T, = 7.14
l+a ( )
T,
7, =2 (7.15)
1+a

As for the hybrid power system in Fig. 7.21, when the planetary gear train is
balanced, the engine torque is equal to the planetary carrier torque, the torque of
motor 1 is equal to the center gear torque, and the torque of motor 2 is not equal to
the annular gear torque. The planetary gear train may be used to achieve switching
of the following modes:

(1) In case of vehicle starting and small load without large power output to drive
the vehicle, the power provided by the motor 2 can meet the vehicle driving
requirements when the power battery permits. At this time, the engine does not
rotate, the motor 1 reverses and is in the electric drive condition.

(2) Inthe acceleration or climbing, the vehicle requires a large power and the torque
output by the engine is assigned to the annular gear according to the calculation
results of formula (7.15) to drive the vehicle; the torque output by the engine is
assigned to the center gear according to the calculation results of formula (7.14)
to generate electricity for motor 1; the motor 2 provides power torque for the
annular gear using the electricity provided by motor 1, and the torque assigned
by the engine to the annular gear and the torque provided by motor 2 drive the



7.7

3

“

&)

(6)

Planetary Gear Hybrid Transmission 261

vehicle. The deeper the accelerator pedal goes, the more drive torque provided
for the vehicle.

When the vehicle is in the cruising condition, the engine only needs to provide
power to overcome the air drag and rolling resistance rather than excessive power
output. At this time, the engine operates under economic conditions, with motor
1 switching from power generation to drive state, and motor 2 switching from
drive state to power generation, entering the peculiar mode of the PRIUS hybrid
power system.

When the accelerator pedal is released, the vehicle enters the sliding mode, the
engine is in the down state and the motor 2 is in the power generation state to
charge the power battery. According to different control strategies, the inertia of
the vehicle may be fully used instead of power generation in these conditions,
thereby further improving the energy economy of the system.

When the vehicle is braking, motor 2 increases the generated power and gener-
ates greater resistance to reduce the speed. The insufficient demand for braking is
partly compensated by the traditional braking system, and the energy recovered
from braking is stored in the power battery.

When the battery is low, the system will control motor 1 or motor 2 to generate
electricity in real time according to the running state of the power system and
charge the power battery.

7.8 Electric Vehicle Transmission

Since the electric vehicle has a variety of powertrain architectures, the connections
between the motor and the transmission or other drive mechanisms are diverse. The
common electric vehicle structure is shown in Figs. 7.34, 7.35,7.36,7.37,7.38, 7.39,
7.40 and 7.41, in which C is the clutch, D is the differential mechanism, FG is the
reducer with fixed speed ratio, GB is the transmission, M is the motor, and VCU is
the vehicle control unit.

Fig. 7.34 Clutchless
single-gear drive electric
vehicle

Front wheel Rear wheel
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Fig. 7.35 Multi-speed
electric vehicle

Fig. 7.36 Drive system
integrated electric vehicle

Fig. 7.37 Two-wheel motor
drive system with fixed gear
ratio
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Fig. 7.38 Dual-motor and Front wheel Rear wheel
fixed-gear direct drive
system FG

Lt

[M]

[M]
FG | |

Flg 7.39 Dual-hub motor Front wheel Rear wheel
drive system

M
M
Fig. 7.40 Dual-motor Front wheel Rear wheel
four-wheel drive system
D D
FG FG
M | ]VC U [ Y




264 7 Transmission for New Energy Vehicle

Flg 7.41 Four-hub motor Front wheel Rear wheel
drive system

M M

M M

In the clutchless single-gear drive electric vehicle shown in Fig. 7.34, the motor,
the transmission with a fixed speed ratio and the differential mechanism constitute
the power system of the electric vehicle. The structure of the power system takes
advantage of the constant torque at the low motor speed and the constant power
characteristics in the large range of speed change. The reducer with fixed speed ratio
is used to replace the reducer with multiple speed ratios. Based on this replacement,
the requirement for the clutch is reduced and thus the clutch can be canceled, so as to
reduce the volume and mass of the mechanical drive and simplify the drive system;
the disadvantage of this system is that it is unable to optimize the operating point
efficiency of the motor under variable working conditions. At the same time, in order
to meet the requirements of vehicle acceleration/climbing and high-speed working
conditions, it is usually necessary to choose the motor with larger power.

In the multi-speed electric vehicle shown in Fig. 7.35, the electric motor replaces
the internal combustion engine in the traditional ICE vehicle and, together with the
clutch, transmission and differential mechanism, constitutes the power drive system
similar to the traditional vehicle. The motor outputs the driving force instead of the
internal combustion machine and the clutch can realize the motor driving force and
driving wheel connection or disconnection. The transmission provides different gear
ratios and matches the load demand by changing the speed - power (torque) curve.
The differential mechanism is used to realize that the wheels on both sides of the
vehicle are driven at different speeds when turning.

Figure 7.36 shows a drive system integrated electric vehicle, in which, the motor,
the reducer with fixed speed ratio and the differential mechanism are further inte-
grated and even combined into individual components. The axle shaft connected
with the wheel is directly connected with the composite unit, and the drive system
is further simplified and miniaturized. It is the most common drive form of battery
electric vehicles currently.

Figure 7.37 shows two-wheel motor drive system with fixed gear ratio. The
mechanical differential mechanism is canceled and two motors drive the wheels
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on the respective sides through the reducer with fixed speed ratio. In the vehicle
turning, the electronic differential mechanism controls the motor to run at different
speeds, so as to achieve normal turning of the vehicle.

Figure 7.38 shows a dual-motor and fixed-gear direct drive system. The drive
motor and the planetary gear reducer with fixed speed ratio are installed in the wheel,
so this drive system is also called in-wheel driven system, thus further simplifying
the drive system. In the drive system, the planetary gear reducer is mainly to reduce
the motor speed and increase the motor torque.

Figure 7.39 shows a dual-hub motor drive system, which completely abandons
the mechanical connection device between the motor and the driving wheel. The
motor drives the wheels directly, and the motor speed control is equivalent to the
wheel speed control, i.e. vehicle speed control. Such a drive system structure puts
forward special requirements for the motor, such as high torque characteristics in
the vehicle acceleration or deceleration. The external rotator motor at low speed is
generally used.

Figure 7.40 shows a dual-motor four-wheel drive system. The front and rear wheels
are driven by the motor through differential mechanism. Different motors can be used
to drive the vehicle under different working conditions, or two motors can be used
to drive the vehicle according to a certain proportion of torque distribution, so as to
maximize the drive system efficiency.

Figure 7.41 shows a four-hub motor drive system, which completely abandons the
mechanical connection device between the motor and the driving wheel and directly
drives four wheels using four motors.

The motor drive systems mentioned above are all single reduction systems, so
it is difficult for the motor to work in the high efficiency area all the time, and the
NVH performance of the motor becomes poor at high speed. For this reason, 2-
or 3-speed motor transmission is developed. Compared to the single-speed motor
transmission, the two-speed motor transmission has the following advantages: the
high speed ratio of single speed can achieve better acceleration performance and
gradeability; the low speed ratio of two-speed can improve the maximum speed
and widen the speed range; the lower motor running speed and better NVH can be
obtained; the motor can be miniaturized; a wider range of high efficiency area and
higher overall operating efficiency can be achieved, with smaller battery capacity or
improved electric endurance mileage.

Figure 7.42 shows a 2-speed motor transmission, which consists of the double-
row planetary gear train, rear axle differential mechanism, motor, shift actuator and
power device, so that the motor can transmit the power according to two different
gear ratios, as shown in Fig. 7.43. Figure 7.44 shows the comparison of efficiency
of two motor transmissions. As can be seen from the figure, the high efficiency area
range of the 2-speed motor transmission is obviously larger than that of the single-
speed motor transmission, thus improving the motor efficiency and increasing the
driving range.
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7.9 Other Hybrid Power Plants

The previous sections focused on transmissions for motor and engine-powered HEVs.
It is important to note that non-electric HEVs may be more economical than electric
HEVs. Mechanical HEVs and hydraulic HEVs are described here.

I. Mechanical HEV

On the basis of powertrain, the mechanical HEV integrates the mechanical hybrid
power plant as shown in Fig. 7.45, which is mainly composed of flywheel assembly,
coupling device, clutch, transmission and control clutch. The flywheel assembly is
used for energy storage and operates in a vacuum container. The transmission is used
to change the gear ratio between powertrain and flywheel assembly. The clutch is
used to control the process of engagement, release and sliding friction of mechanical
hybrid power plant and automobile powertrain. When braking, the clutch is engaged
gradually and the flywheel is accelerated. When the flywheel accelerates to a certain
degree, the clutch is disconnected and the flywheel rotates at high speed in the
vacuum chamber. The flywheel is used to store the kinetic energy of the vehicle and
the clutch is gradually engaged when starting or accelerating. The flywheel kinetic
energy accelerates the vehicle and provides power together with the engine. The
system is characterized by high energy density, compact structure, low mass, low cost
and low maintenance cost compared with the electric HEV. The mechanical hybrid
power plant has been successfully applied in racing cars, and has broad application
prospects in buses, trucks and engineering vehicles. It is still in the trial sub stage in
the passenger vehicles.

The biggest problem with the mechanical hybrid power plant is that the flywheel
assembly rotates at speeds up to tens of thousands of revolutions per min, close to

Flywheel assembly

Coupling device

Control clutch

To powertrain

Clutch Transmission

Fig. 7.45 Mechanical hybrid power plant
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the sound velocity externally. In order to reduce the loss of air drag, the flywheel
assembly needs to work in a vacuum tight container. Structurally, the shaft of the
flywheel transmitting power must pass through the vacuum tight container. After
long-term use, air will inevitably enter the container and the solution is to vacuumize
with a vacuum pump.

In order to facilitate the sealing of the coupling device in the mechanical hybrid
power plant, a magnetic coupling is also adopted, as shown in Fig. 7.46. In addition to
transmitting power through magnetic force, the magnetic coupling can also obtain the
speed change function through different number of pole pairs of internal and external
rotors. The magnetic coupling can be used to separate the power transmission shaft
from the vacuum seal without the need for vacuum pumping.

II. Hydraulic HEV

In addition to using the internal combustion engine to generate the driving force,
the hydraulic system can also provide the power to drive. In the hydraulic system,
energy is stored in the accumulator in the form of compressed liquid or similar. To
supercharge the liquid, the internal combustion engine is needed to generate power
and energy to drive a hydraulic pump, and a hydraulic motor is required to extract
the energy. In other words, a hydraulic pump is like a generator, a hydraulic motor
is like a motor, and the pressurized liquid in an accumulator is like a battery. It can
be seen that there is a one-to-one equivalent relationship between hydraulic system
and electrical system.

In the HEV (Hydraulic Hybrid Vehicle) system architecture shown in Fig. 7.47,
the hydraulic pump is used instead of the AC motor, the hydraulic motor instead
of motor, HIS instead of battery, HHV controller instead of HEV controller and
hydraulic valve system instead of the power electronic system.

Figure 7.48 shows the physical architecture of a complete HHV truck, in which,
HIS includes a high pressure accumulator filled with a safe gas such as nitrogen.
The pressure inside the cylinder can be as high as 21-35 MPa (3000-5000 psi),
while the pressure inside the low pressure cylinder can be as low as a few hundred
pa. The internal combustion engine drives the hydraulic pump, which pulls liquid
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out of the low pressure cylinder and pumps it to a very high pressure into the high
pressure cylinder, where the mechanical energy is eventually stored as high pressure
gas. When driving the wheel, the high pressure fluid from the high pressure cylinder
flows through the hydraulic motor to drive the powertrain. The hydraulic motor sucks
in the high pressure liquid and converts its stored energy into mechanical energy at
the wheel. As the liquid flows through the hydraulic motor, the pressure plummets
and the liquid is sent to the low pressure cylinder. At this point, a hydraulic cycle is
complete.

It should be noted that the energy storage in the hydraulic energy storage system
is very low in terms of energy stored per kilogram of mass. For example, the energy
storage density of the HIS is about 1.9 W h/kg, while the energy density of the battery
can reach 30-120 W h/kg. However, the power density of the hydraulic system can
reach 2500 W/kg, while the power density of the electric system is only 650 W/kg.
Therefore, it is obvious that the hydraulic hybrid power system is very suitable for
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systems with large power demand and relatively low energy demand, especially for
the conditions of rapid acceleration and deceleration at high power.

One of the biggest benefits of using the hydraulic system for driving is that it
can avoid the demand for heavy conventional powertrain. Meanwhile, the liquid can
be moved from one point to another more easily, without the need for sophisticated
transmissions or mechanical connection device. However, in order for the internal
combustion engine to operate at the optimal operating point, some form of energy
storage system is required, which can be achieved in the hydraulic hybrid power
system by means of a gas-filled accumulator.

As can be seen from Fig. 7.49, for regenerative braking of hydraulic HEV, the
efficiency of the hydraulic pump and hydraulic motor is slightly over 90%, and the
efficiency of the accumulator (including high pressure and low pressure cylinders) is
about 98%. The efficiency of the whole regenerative braking process is about 82%.

Figure 7.50 shows bladder type hydropneumatic accumulator and diaphragm
accumulator. Figure 7.50a shows a bladder type hydropneumatic accumulator, in
which, the bladder B is filled with compressible gas (volume V). When the liquid
flows into the cylinder from the bottom, it can expand or contract so that energy can
be stored in the gas during compression and released from the gas during expan-
sion. Therefore, energy is transferred by the liquid. Figure 7.50b shows a diaphragm
accumulator. The liquid flowing from the bottom drives the diaphragm D and the
deformation of the diaphragm D changes the volume V of the gas above it, which is
filled between the cylinder and the diaphragm.
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Fig. 7.49 Distribution of regenerative braking efficiency in HHV
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Chapter 8 ®)
Transmission Design e

Transmission is an important part of powertrain. In the transmission design, in addi-
tion to the transmission type, basic performance characteristics and purpose, this
chapter mainly introduces the gear design, bearing selection and design, case design,
parking mechanism design, synchronizer design, seal selection and transmission
ventilation design and transmission test. The design of hydraulic torque converter
and planetary gear train will be introduced in corresponding sections.

8.1 Gear Design

With the increasing requirements for energy saving and environmental protection,
the automobile engine technology has made great progress, its powertrain has also
made great progress in small lightweight, high performance and high output power,
thus greatly increasing the high strength requirements for the gears in the automobile
powertrain system and their materials. At present, how to further improve the fatigue
strength of automobile gears has become an important technical research topic for
automobile companies and alloy steel material companies.

The gear strength mainly refers to the gear bending fatigue resistance strength and
tooth surface contact fatigue strength. The high strength gear technology includes
gear design, processing, material selection, heat treatment and surface hardening
treatment, gear lubrication, friction and wear, etc. In this section, combined with years
of research and practice, the author summarily expounds the achievements and appli-
cation status of researches on high strength automobile gear materials and material
surface hardening in recent years in terms of the gear material technology, discusses
the development trend of high strength gear material technology and analyzes the
service life of gear.
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L. Gear strength calculation

With respect to the automobile transmission gear, the common damage forms are
bending fatigue failure and tooth surface fatigue failure, in which the bending fatigue
failure is judged by the tooth root bending stress. The tooth root bending stress is
determined by the following parameters

F,
Uwzb_fYFaYSaYSYﬂKAKVKF,BKFa (8.1
my

where, o,—tooth root bending stress (N);

Fi—nominal circumferential force on the reference circle (N);

b—tooth width (mm);

my—standard modulus (mm);

Yr,—shape factor;

Ys,—mnotch stress concentration factor;

Y.—contact ratio;

Yg—helical overlap coefficient;

Ka—application factor;

Ky—dynamic factor;

Kpg—cumulative frequency distribution coefficient of longitudinal load;

Kg,—lateral coefficient.

The permissible tooth root bending stress is [o,,] and the safety factor is Sy,.
The tooth root bending stress must meet the following formula to meet the design
requirements

ow < [(;—w] (8.2)

- w
The tooth surface fatigue failure is judged according to the tooth surface contact
stress, which is determined by the following parameters

[Fi(u+1)
o; = ZB/DZHZEZEZﬂ W\/KAKvKHﬂKHQ (83)

where, oj—tooth surface contact stress (N);
Zpp—gear contact coefficient;
Zy—rpartition coefficient;
Zr—elastic coefficient;
Z.—contact ratio;
Zg—helical overlap coefficient;
d;—pinion base diameter;
u—agear ratio;
Kpg—cumulative frequency distribution coefficient of longitudinal load,;
Ku,—lateral coefficient.
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The permissible tooth surface contact stress is [oj] and the safety factor is S;.
The tooth surface contact stress must meet the following formula to meet the design
requirements

[o;]
o; < — 8.4

=7y (8.4)

Gear design is carried out based on the tooth root bending stress and tooth surface

contact stress. In order to realize the lightweight and high strength of gear, it is neces-

sary to explore the countermeasures of high-strength gear material and its processing
technology from the research of gear materials.

I1. Gear material technology with high bending fatigue strength

1. Analysis of the causes for gear bending fatigue failure and material
countermeasures

The main direction of gear strength research is to solve the problem of gear tooth
fracture, namely, insufficient gear bending fatigue strength. The requirement for
automobile gear materials is good machinability and heat treatment carburizing and
quenching performance. Generally, the carbon with the mass fraction of 0.2% is
selected and added carburizing alloy steels with Ni, Cr, Mn, Mo and other alloying
elements individually or in combination. In Japan, SCr420H or SCM420H carbur-
izing alloy steel is generally used and there are strict requirements on the stability of
quenching distance on the top of the steel. Table 8.1 shows the composition of above
materials.

The gear tooth fracture and breakage is mainly caused by the gradual expansion
of the cracks caused by the repeated action of the overload concentrated stress on
the gear root. Figure 8.1 shows an example of gear failure caused by insufficient
gear bending fatigue strength in a car transmission endurance test. The electron
microscopy observation photos shown in Fig. 8.2 are a metallographic analysis of
the fracture section of a broken gear tooth. It can be seen from the metallographic
analysis that the bending fatigue failure crack of the gear is generated from the
electron microscopy observation layer of the grain boundary oxygen failure on the
surface part of the gear, and spreads along the austenitic grain boundary below the
surface layer to the deep area of the hardened case, thus causing the grain boundary
failure. As shown in Fig. 8.2c, the results of metallographic observation and analysis
of the impact failure easily caused by the bevel gears on automobiles are similar.

Table 8.1 Composition of common carburizing alloy steel gear materials in Japan (mass fraction,
%)

Material trademark | C Si Mn P, S Cr MO
SCr420H 0.18-0.23 | 0.15-0.35 |0.60-0.85 | Below 0.03 |0.9-0.12 |-
SCM420H Ditto Ditto Ditto Ditto Ditto 0.15-0.30
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(a) Drive gear break (b) Input shaft gear break

Fig. 8.1 Example of automobile gear bending fatigue failure

@ (b)

Fig. 8.2 Gear bending fatigue failure and impact

Because the gear bending fatigue failure is caused by the grain boundary oxide layer
on the gear surface, reducing the thickness of the grain boundary oxide layer and the
abnormal carburizing layer, improving the crystal boundary and strengthening and
refining the grains are important measures to improve the bending fatigue strength
of the gear material.

The grain boundary oxide layer on the material surface is mainly generated by
Si, Mn, Cr and other alloying elements. Meanwhile, Si, Mn and Cr are the alloying
elements that improve the quenching performance and are prone to produce incom-
plete quenching near the grain boundary, and the abnormal layer of incomplete
carburizing is composed of troostite and bainite. The electron microscopy observa-
tion photos shown in Fig. 8.3 are the grain boundary oxidation structure of SCr420H.
The black part in Fig. 8.3b is the oxide of Si, Mn and Cr. The countermeasures to
reduce the thickness of the abnormal carburizing layer are to increase the quenching
speed or increase the content of alloying elements beneficial to improve the quenching
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e R

(a) Cross-section diagram (b) Oblique section

Fig. 8.3 Grain boundary oxidation structure on gear surface

performance. The former method is easy to produce large tooth surface deformation;
the latter method, while reducing the contents of Si, Mn and Cr, is to ensure the
quenching performance, inhibit the generation of the abnormal layer of incomplete
carburizing, improve crystal boundary, strengthen and refine grains, increase the
contents of Ni, Mo and other alloying elements, and adjust and appropriately increase
the content of retained austenite. Another method is to use nitrocarburizing heat treat-
ment method to reduce the degree of internal oxidation of alloying elements. This
method is helpful to adjust the content of retained austenite and restrain the develop-
ment of initial fatigue cracks to depth. The effect of reducing the content of Si, Mn
and Cr or of nitrocarburizing on reducing the thickness of the abnormal carburizing
layer is shown in Fig. 8.4. The abnormal carburizing layer thickness of the common
carburized and quenched steel (SCr420H) is about 20 pwm and of the newly devel-
oped carburized and quenched steel or the carburized and quenched steel subject to
nitrocarburizing is only about 10 pm.

(a) Common carburizing alloy steel

Fig. 8.4 Electron microscopy observation photos of abnormal carburizing layer of gear
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2. Influence of effective case depth on bending fatigue strength

The effective case depth generally refers to the thickness of the hardened case from
the hardened surface of the gear to the hardness of 550 HV. As shown in Fig. 8.5,
under the bending fatigue load of high-order rotating cyclic stress, the fatigue life of
the specimen gear with a hardened case thickness of 0.2-0.25 mm is better than that
of the specimen gear with a hardened case thickness of 0.4—0.5 mm. The optimum
effective case depth of the gear shall be determined according to the gear modulus,
stress state and purpose. As shown in Fig. 8.6, the shallow hardened case should
be adopted at the tooth root and the deep hardened case should be adopted on the

Fig. 8.5 Relationship 0 SCr420H(0.4)
between hardened case ® SCrd420H(0.2)
thi.cknesis and gear bending O Development steel
fatigue life 2500 (vacuum, 0.5)
2000 ® Development steel
T ~ (vacuum, 0.25)
Z 1500 oo
S K@;"m_-._——-——.)—-—
=
§ 1000
_‘3 ~——0—~
2
500
104 10° 10° 107

Cycle number

Fig. 8.6 Ideal hardened case
thickness and carbon mass
fraction

w.0.8%~0.9%

Shallow
w:0.4%~0.5%
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involute meshing tooth surface to adapt to high bending and high surface pressure
bending fatigue load.

3. Shot peening strengthening and residual compressive stress on tooth surface

The gear bending fatigue strength mainly depends on such factors as the tooth surface
hardness, residual compressive stress near the surface layer, the relaxation of stress
concentration, the tooth surface roughness and the thickness of the abnormal layer
of incomplete carburizing, with the following relationship

583
ow =396 + (

max

+ D,~n> — 0.%40,,, (8.5)

where, o, —rotary bending fatigue strength (MPa);

Ray,x—minimum surface roughness value (mm);

Dj,—thickness of abnormal layer of incomplete carburizing (mm);

om—maximum residual compressive stress near surface layer (MPa).

In order to improve the gear bending fatigue strength, the research focus of
Japanese automobile company is to develop and popularize various forms of tooth
surface shot peening strengthening and related material technology. The parts surface
shot peening strengthening was mainly used for cleaning and deburring before.
Mazda first developed the technology of surface shot peening strengthening for
high-pressure nozzle-type gear teeth in 1987. That is, a nozzle-type peening machine
with excellent controllability was used to collide with the gear tooth surface of the
high-speed cast steel shots ($0.4-0.6 mm) of fatigue strength subject to the gear
surface shot peening strengthening in Fig. 8.7 at high pressure (3.5-4.5 kg/cm?),
high speed and room temperature, so that the tooth surface was strengthened at the
moment of repeated heating and quenching and the residual compressive stress near

Fig. 8.7 Fatigue strength of
gear surface after shot 600 —a&—  TSCM620

peening strengthening o SC420

—0—  SC42
- \ SC420

400

Load torque (N.m)

104 10° 108 107 108
Cycle number
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Table 8.2 Processing conditions affecting the effect of shot peening strengthening

Projection conditions Projection velocity, projection time, projection density, projection
quantity, projection angle, projection mode, stress state and
temperature

Projection shot peening Material, density, hardness, particle size and particle size distribution

Projection object Material heat treatment structure, material mechanical properties,
gear modulus and processing state before heat treatment

the surface layer of gear teeth was significantly increased, so as to inhibit the spread
of the fatigue cracks. The effect is shown in Fig. 8.7. After the surface shot peening
strengthening, the gear bending fatigue strength could be increased by more than 1.5
times. In view of the modulus size and the use of the gear, two researches on the shot
peening strengthening and small diameter shot peening strengthening technology
recently have also achieved good results. The optimal effect of the shot peening
strengthening is mainly affected by the following processing conditions, as shown
in Table 8.2.

II1. Material technology to improve the tooth surface fatigue strength

1. Research background of material technology with high tooth surface fatigue
strength

The continuous improvement of fuel consumption standards for passenger vehicles
has promoted the development of the combined automatic control technology of
engine and transmission, as well as the small lightweight and high output power
technology of CVT and MT. In particular, a new change has taken place in the
structure composition of lubricating oil used for AT and CVT, that is, from the main
lubrication performance to improvement of the control performance, resulting in
increase in the friction factor between metals and deterioration of lubricated friction
conditions. Therefore, it is very important to improve the durable fatigue strength of
the gear with high surface pressure.

Figure 8.8 shows the gear load and failure model. It can be seen from the figure
that in the past, the bending failure strength of gear teeth was lower than the pitting
strength of the tooth surface, but in recent years, through the research and develop-
ment of gear materials and surface peening treatment technology, the bending fatigue
strength of the gear has been greatly improved and exceeded the pitting strength of
the tooth surface. At present, how to further improve the fatigue strength life of the
tooth surface and reduce the tooth surface abrasion has become an important and
urgent technical research topic for major automobile companies and steel materials
companies.

2. Analysis of the causes for tooth surface fatigue failure and material

countermeasures

The tooth surface fatigue failure is caused by the repeated action of tensile stress
caused by different tooth surface contact stress and relative sliding speed of tooth
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Tooth surface damage
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Fig. 8.8 Gear load and failure model

surface meshing in the gear pair. The failure forms are shown in Fig. 8.9, mainly
including spalling and destructive pitting corrosion (pitting). Due to different stress
states, the failure forms are different from the tooth root bending fatigue failure
forms. As shown in Fig. 8.9a, firstly, a crack (grain boundary failure) at a certain
acute angle appears in the normal direction of the tooth surface near the meshing
part of the gear, which gradually extends to the bottom of the tooth root and makes
the surface layer peel off.

In order to prevent the failure of tooth spalling, the following measures are
generally taken:

(1) Increase the thickness of the hardened case.

(2) Increase the hardness of the hardened core.

(3) Appropriately increase the hardness at tens of microns away from the surface
layer according to formula (8.6)

Hardened case

Core

(a) Spalling (b) Destructive pitting corrosion

Fig. 8.9 Main failure form of gear fatigue failure
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where, t45—shear stress (MPa);

ty—shear yield stress (MPa);

HV—Vickers hardness.

The failure form of destructive pitting corrosion is shown in Fig. 8.9b. The crack
is at a small angle (25°-30°) from the shallow surface of the hardened case and
gradually extends to the surface of the gear in a diamond shape. In addition, pitting
is directly related to the surface temperature of gear meshing. Figure 8.10 shows the
surface temperature distribution of cylindrical rollers during pitting fatigue test using
finite element analysis. As can be seen from the figure, when the relative sliding speed
difference between rollers is 40% and the contact stress is about 200 kg/mmz, the
instantaneous rising temperature of the surface of the material is 250-300 °C, which
is equivalent to the carburizing tempering temperature of the gear. In general, the
relative sliding speed difference of automobile gear pair is about 20%, and when the
tooth surface contact stress is about 160 kg/mm?, the instantaneous rising temperature
of material surface is about 160 °C. As shown in Fig. 8.11, the fatigue life of the
tooth surface can be effectively improved by improving the tempering hardness and
tempering resistance of the material. In the figure, steel A is commonly used chrome-
molybdenum alloy steel (1.0 Cr—0.4 Mo), while steel B is chrome-molybdenum alloy
steel with increased Cr and Si alloy content. It can be seen that increasing the content
of Si, Cr and other alloying elements or adopting high concentration carburizing
method can generate hard carbides on the material surface in order to inhibit the
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high-temperature softening of the material surface. Recently, the application and
development of the carbo nitriding heat treatment method has also achieved a very
good effect in improving the gear tooth surface fatigue life. Its main function is
to reduce the solid solution chromium generated by internal acidification on the
material surface, so as to minimize the production of chromium nitride, promote
the refinement of carbides, and thus improve the surface hardness and tempering
resistance.

3. Research and development of material surface strengthening technology

According to the research and practice of Japanese automobile company, it is not
enough to greatly improve the tooth surface fatigue strength only by improving
the alloy composition of the material and adopting the heat treatment method. The
research and development of the material surface strengthening technology must also
be combined. Inrecent years, Nissan and Mazda have developed and applied chemical
treatment methods for tooth surface coating of molybdenum disulfide (MoS,) and
phosphoric acid coating, which have achieved good results and increased the pitting
fatigue strength of tooth surface by more than 2 times, as shown in Fig. 8.12. The
main principle is that after coating, a soft layer of 2-3 m thick is generated on the
tooth surface, which flattens out most of the concave and convex cutting ripples
on the tooth surface, reduces the local maximum meshing contact stress and metal
surface friction factor, and improves the oil film thickness and lubrication condition
in gear engagement.

Figure 8.13a, b show the electron microscopy observation photos of the tooth
surfaces of the gears with and without molybdenum disulfide (MoS,) coating after
the initial gear engagement and operation. It is shown that the smoothness of the
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Fig. 8.13 Tooth surface condition after initial gear engagement and operation

coated contact surface is obviously improved during initial operation. However, the
cost of these two chemical treatment methods is high.

In recent years, the Barreling method, which was jointly studied by Mr. Hoyashita
of Saga University and Sumitomo Heavy Industries, has achieved very good experi-
mental results and attracted the attention of experts in the United States and Japan. The
most important characteristic of the Barreling method is that it greatly improves the
tooth surface fatigue strength with low cost and has extensive application prospect.
The sketch of the Barreling method is shown in Fig. 8.14. The mixture of grinding
stones and grinding powder with a diameter of several millimeters rotates (100 r/min)
in the same direction as the Barreling tank, while the gear shaft rotates in the opposite
direction, with a treatment time of 15-30 min. The effect of the Barreling method
on improving the tooth surface fatigue strength is shown in Fig. 8.15. The main
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Fig. 8.15 Effect of Barreling on improving the tooth surface fatigue strength
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Fig. 8.16 Formation of oil film between gear pairs after 107 load rotations

principle is that the Barreling makes the concave and convex cutting ripples on the
tooth surface gentle and uniform, thus reducing the surface roughness value of the
tooth surface and the meshing friction factor of the tooth surface, and improving the
grain boundary lubrication condition in gear engagement. As shown in Fig. 8.16,
compared with the gear pair without Barreling, the formation of oil film of the gear
pair treated by Barreling is greatly improved.

(1) Application practice of gear manganese phosphate conversion coating: in the
research of gear antifriction coating, the friction factor can be effectively reduced
by preparing the functional antifriction and antiwear coating on the tooth surface.
The manganese phosphate conversion coating on the alloy steel gear surface
after phosphating can effectively reduce the friction factor of the friction pair
surface and, with good corrosion resistance, can prevent occlusion or scratches.
After the preparation of the manganese phosphate conversion coating, a soft
layer of several microns thick is formed on the gear surface, which flattens out
most of the concave and convex cutting ripples on the gear surface, reduces the
local maximum meshing contact stress and metal surface friction factor, and
improves the oil film and lubrication condition in gear engagement. A superfine
manganese phosphate conversion coating can be obtained by controlling the
process parameters of the manganese phosphate conversion coating to affect the
coating density and grain size. After treatment, a soft layer of 3—-5 pm thick is
formed on the tooth surface and the density of the formed coating surface is about
2.2 g/m?. The ordinary manganese phosphate conversion coating treatment and
superfine manganese phosphate conversion coating treatment shall be selected
combined with the gear processing technology and actual working conditions.
The comparison of the surface topography after treatment by both methods is
shown in Fig. 8.17.

The manufacturing processes of the manganese phosphate conversion coating
mainly include pretreatment of the gear surface with degreasing agent in a 70—
95 °C degreasing bath, washing with water and then surface conditioning at the



8.1 Gear Design 287

Fig. 8.17 Surface topography after ordinary manganese phosphate conversion coating treatment
and superfine manganese phosphate conversion coating treatment

treatment temperature 40-80 °C, with the phosphating temperature range of 80—
100 °C, acid ratio of 5.6-6.2 and treatment time of 10-15 min. The manganese
phosphate conversion coating is formed by the following chemical reaction:

Mn(H,PO,4), 2 MnHPO, + H3PO4

Fe(H,PO4), = FeHPO4 + H3PO4

3(Mn, Fe) (HoPO4), = (Mn, Fe)3(PO4), + 4 H3PO4

Figure 8.18 shows the formation of oil film by cylindrical roller. The formation
of the oil film by cylindrical roller is observed and tested with the separation voltage
resistance measurement method, with complete contact at 0 V and complete sepa-
ration at 0.1 V. The separation voltage of the cylindrical roller after the manganese
phosphate conversion coating treatment begins to rise after 30 min, and its oil film
formation ability is significantly better than that of the untreated cylindrical roller
pair.

The antifriction and antiwear characteristics of manganese phosphate conversion
coating under certain working conditions are evaluated by friction and wear test. As
shown in Fig. 8.19, the friction and wear test of the manganese phosphate conversion
coating specimen is conducted according to the gear working load and lubrication
conditions. It can be seen that the superfine manganese phosphate conversion coating
has good continuous antifriction and antiwear characteristics under low and high
loads.

Figure 8.20 shows the fatigue pitting of two groups of AT gear pairs of the
automatic transmission provided to Volkswagen by JATCO automatic transmission
company in accordance with the requirements of endurance test after the test under
the same test conditions. The two gear pairs have undergone the same processing
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Fig. 8.19 Change curve of friction factor with load before and after treatment

technology. The difference is that the gear pair in group B is treated with manganese
phosphate conversion coating, while the gear pair in group A is not.

As shown in Fig. 8.21, the test is conducted under the maximum pressure at the
tooth surface contact point of 2000 MPa and the maximum sliding speed at the tooth
root of 7.8 m/s. The abscissa axis represents the number of meshing cycles, and the
ordinate axis represents the pitting area rate. The pitting failure occurs in the gear
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Fig. 8.20 Gear fatigue pitting before and after treatment
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pair of group A at 3 x 10° cycles, while the pitting failure does not occur in the gear
pair of group B at 1.1 x 107 cycles. The test shows that the manganese phosphate

conversion coating increases the pitting fatigue strength of the transmission gear by
3—4 times.

(2) Superfine composite material metal spraying: in recent years, some scholars
have studied and applied the spraying technology using manganese sulfide
(MoS,) and superfine composite material, as a new engineering method in the
field of pressure spraying, which has achieved a good practical effect in the field

of high strength gear surface strengthening. Its technological process is shown
in Fig. 8.22.

Under high temperature and high pressure, the composite material impinges and
penetrates into the base material at a depth of 1-20 wm, which changes the phase
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Fig. 8.22 Process flow chart of gear composite spraying

structure at a depth of 20 um below the metal surface. Solid lubricant is added in the
processing process, and after the solid lubricant penetrates into the metal surface,
the surface becomes self-lubricating. In this technology, the high-pressure inert gas
drives the grinding ball and solid lubricant and strikes the workpiece to be machined
with the mixture injection. Due to the impact of spherical particles on the surface
of the workpiece, a number of tiny holes are formed, so that the surface structure
is compressed and refined, resulting in the reduction of external stress. Moreover,
the solid lubricant is attached to the surface of the workpiece to improve the self-
lubrication of the workpiece. Figure 8.23 shows that the inner edge of the needle
bearing of a transmission gear has been sprayed with composite material to improve
the smoothness of the surface indentation, and numerous fine pits have been formed
on the surface, which is conducive to the formation of the oil film, thus improving
the oil film adhesion on the friction surface and improving the fatigue strength.

IV. Gear design based on service life

In the past, the calculation of gear life in transmission design is based on the traditional
allowable stress method. That is, according to a certain calculation formula, the
working stress of gear fatigue bending and fatigue contact is calculated, and then
compared with the corresponding allowable stress to predict whether the designed
gear life is enough. The main problem with this method is that the calculated load
cannot reflect the actual cyclic load on the gear under the operating conditions.
Thus, the resulting calculation of gear life is only rough and conditional. With the

(a) Before treatment (b) After treatment

Fig. 8.23 Surface morphology before and after spray treatment with superfine composite material
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development of the research on the load spectrum of automobile transmission, it is
possible to predict the gear service life accurately.

The load spectrum is used to describe the load-time history signal. For example,
Fig. 8.24 shows the typical load spectrum of a certain period of time and describes the
engine torque, engine speed and gear. In order to shorten the development time and
reduce the test cost, the rain flow extrapolation method and time domain extrapolation
method of the load spectrum are usually used to obtain the data of the load spectrum
during the whole service life. The data can also be collected by real vehicle or bench
test. For a part of the transmission, such as a gear, the drive torque and speed in the
whole service life of the gear are divided into several sections according to the gear
ratio, forming a load spectrum time distribution table of a gear as listed in Table 8.3.

The allowable stress of the gear is related to the bending strength and surface
bearing capacity of the gear. The fatigue strength of gears of different materials and
shapes can be obtained by testing. After fitting, the number of gear revolutions (life)
N and input torque (stress) T have the following relation within the limited life span

TN =C (8.7

where, K and C—test fitting results, both are constants, related to the stress properties
and materials.

In Table 8.3, the gear speed is divided into 7 data segments, and the torque is
divided into 10 data segments. A total of 70 cumulative running times are calculated.
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Fig. 8.24 Typical load spectrum
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Table 8.3 Load spectrum time distribution table of a gear

Torque T (Nm) Gear speed n/(r/min)
800 1200 1600 2000 2400 2800 3200

15 11317 54971 192 164 28 13 0
30 6519 112 147 66 13 8 0
45 80 401 1014 35 47 34 0
60 723 1489 2669 104 42 21 0
75 1637 4614 3816 2145 22 17 0
90 3139 2330 1157 678 27 14 0
105 1595 1910 2645 1360 31 12 0
120 2059 4277 3613 2085 1126 13 0
135 1030 3400 3222 2085 1144 22 0
150 104 876 212 1889 3432 213 0

Using these data, the cumulative damage C' of the bending fatigue strength and
surface bearing capacity of the gear can be calculated respectively, and the calculation
formula is

70
1 [ 0t
c'=>"1 <@)_ (8.8)
j=1 J

With respect to a specific gear, the allowable torque under the allowable stress op
is Tp and the allowable number of cycles is Np. Then the gear life Ny, is

Ty 320 (5),

il % Np (8.9)

Ny =

8.2 Shaft Design

I. Design criteria

The design requirements for the transmission shaft are to avoid notches, reduce
bending moment and increase the critical speed. To meet these requirements, the
following design criteria shall be followed:

(1) Reduce the distance between bearings by compact design.

(2) Arrange the gear bearing a large force near the bearing to reduce the deflec-
tion and bending moment of the shaft and improve the critical speed. The
deformation of the transmission shaft will lead to the gear tipping and uneven
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Table 8.4 Reference values of allowable deflection and allowable bending angle of transmission
shaft
Shaft Deflection Bending angle

General rules for gear | <0.0lm,, (m, is standard modulus) | < 1261—4% (dy is pitch diameter and b

is tooth width)
Reference value 0.02-0.06 mm <0.005 (cylinder); <0.001 (cone)

bearing stress. Table 8.4 lists the reference values of allowable deflection and
allowable bending angle of the transmission shaft.

(3) There should be a transition between the stepped shafts, and it is better to use
tapered design or a large radius of curvature for the transition rather than the
shaft shoulder.

(4) The shaft and gear are connected by splines or interference fit rather than flat
keys.

(5) The snap ring is used only at the shaft end and the spacer ring is used in the
middle of the shaft for axial constraint.

(6) Make the stress near the giant ring groove smooth by using a unload groove
or correcting the inner edge of the ring groove.

(7) The method to reduce the notch effect at the shaft shoulder is to set up an unload
groove in the transition section of the shaft shoulder, adopt a large knuckle,
adopt a radial stress unload groove, and add an additional unload groove in the
transition area.

(8) For the journal that fits with the hub, the diameter of the shaft fitting with
the gear shall be increased and the hub thickness decreases gradually in the
direction from large to small shaft diameter.

(9) Unload the cross dill in the shaft with radial hole by increasing the hole diameter
or using the transition radius.

(10) Reduce the rotational inertia of the parts on the shaft to reduce the deflection
of the shaft and increase the critical speed.
(11) The stress trough is used to realize the gradual transition of stress.

I1. Shaft design method

The design calculation of shaft mainly includes strength calculation, stiffness calcu-
lation and structural analysis of shaft. In the design, the axial dimension of the trans-
mission should be tried to be as small as possible, which involves the calculation of
the journal size, shaft strength, shaft stiffness and spline on the shaft.

1. Shaft strength calculation

Simplify the shaft stress, analyze the stress conditions of the shaft in all gears under
the maximum engine input torque and calculate the radial force, axial force and
tangential force on the shaft gear and bearing in the corresponding gear; plot the
shear force, bending moment and torque of the shaft in all gears; find the dangerous
section and calculate the reference torque at the dangerous section, depending on
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the bending moment, torque and load correction factor; preliminarily determine the
minimum diameter of the shaft based on the reference torque; finally calculate the
dangerous section strength of the shaft. First calculate the bending stress and torsion
stress on the dangerous section, then calculate the resultant stress and judge whether
the shaft strength meets the requirements under a certain safety factor. For the specific
steps and methods, refer to relevant technical data.

2. Shaft stiffness calculation

Insufficient shaft stiffness will cause a large deflection and bending angle of the shaft,
resulting in the failure of the gear to engage properly and causing vibration and noise,
thus reducing the service life of the gear. In the shaft stiffness calculation, the shaft
deflection and bending angle are mainly calculated and shall meet the shaft design
criteria and relevant technical requirements.

3. Shaft structural analysis

After completion of the shaft strength and stiffness calculation, the specific structural
analysis of the shaft has been completed basically. Finally, the shaft structure shall
be analyzed, and the shaft life, stiffness and fatigue process can be analyzed using
FEM software.

Firstly, establish a finite element mesh model as shown in Fig. 8.25 for the shaft
and the elements in the shaft; then set the accurate material information of each
component on the shaft, including modulus of elasticity, Poisson’s ratio, density,
yield strength and tensile strength, as well as the radial stiffness and tilt stiffness of
the bearing shown in Fig. 8.26; then set the boundary conditions and define the axial,
radial clearance and sliding friction factor of the bearing and synchronizer. Generally,
the axial clearance is 0.1 mm, the radial clearance is 30 wm and the sliding friction
factor is 0.1. Then set the load conditions, load the shaft load on the spline and the
corresponding gear of the analysis gear conditions, input the torque in the spline
and input the engagement pressure on the gear tooth surface. The load position is as
follows: connect the node in the bearing area of the tooth surface bearing the load by

Gear Gear

Parking ratchet Synchronizer

Bearing Synchronizer

Fig. 8.25 Finite element mesh model of shaft
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Fig. 8.26 Radial stiffness and tilt stiffness of bearing

means of distributed coupling, and input the gear engagement pressure at this node.
The tooth surface bearing position is about 70% in the direction of tooth height and
80% in the direction of tooth width; create a rigid connection to the nodes of the
spline tooth surface on the bearing side by means of distributed coupling and input
the torque in the center node. Finally make the static strength analysis and stiffness
analysis. Figure 8.27 shows the static strength analysis results of the shaft, with
the maximum mean stress of 527 MPa; Fig. 8.28 shows the static stiffness analysis
results of the shaft, with the maximum deflection of 130 pm.

For the shaft fatigue process analysis, it is necessary to input the tensile strength,
yield strength, S—N curve and linear static parameters of the material; set the surface
roughness, technical size, dispersion and temperature; set the influence factors; set
the analysis type and survival rate; check o, = CONST or R = CONST (o, =
CONST and R = CONST are two different calculation methods). The evaluation
criterion is that the minimum fatigue safety factor of the shaft non-contact area is
greater than the design requirement and the design index is usually as follows: when
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Fig. 8.27 Static strength analysis results of shaft
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Fig. 8.28 Static stiffness analysis results of shaft

om = CONST, the fatigue safety factor is greater than 1.5; when R = CONST, the
fatigue safety factor is greater than 1.25. Figure 8.29 shows the distribution cloud
diagram of the safety factor (SFy;,) of the shaft under the maximum working load.
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Fig. 8.29 Distribution cloud diagram of the safety factor of the shaft under the maximum working
load
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8.3 Bearing Selection and Design

The function of the transmission bearings is to support and guide the relative moving
parts, absorb the acting force and pass the force to the case. According to the type
of relative motion, the bearings may be classified into sliding bearing and rolling
bearing. The rolling bearing is mostly used in the automobile transmission. Typical
requirements for the rolling bearing for transmission are:

(1) Even if the transmission shaft is inclined due to force, the bearing capacity shall
also be guaranteed.

(2) The bearing is able to withstand high operating temperature and low lubricant
viscosity.

(3) High radial stiffness and axial stiffness.

(4) Strong anti-pollution capacity.

L. Transmission bearing type

The automobile transmission bearings mainly include support bearings, thrust bear-
ings, needle bearings, linear bearings and release bearings, in which, the support
bearings include deep groove ball bearing, cylindrical roller bearing, tapered roller
bearing and angular contact ball bearing. Table 8.5 lists the types and properties of
various transmission bearings.

Table 8.5 Types and properties of various transmission bearings

Angular Tapered
Deep groove Cylindrical Needle Thrust ball
Characteristics . contact ball i roller . .
ball bearing . roller bearing . bearing bearing
bearing bearing
Radial carrying Satisfactory Satisfactory Satisfactory Satisfactory Satisfactory Unsatisfactory
capacity
Axial carrying Bidirectional Unidirectional Unsatisfactory Unidirectional | Unsatisfactory Unidirectional
capacity
High-speed rotation
performance 4% 4 * 4 * Ik 3 * ! *
High-speed rotation
acouracy 3% 3 % 3%k 3% 1k
Good NVH
performance 4% 3% 15k ! * 1%
Low friction moment 4 5% 3 9% g
Good stiffness 2 Y% 2 Y% 2y
Vibration impact
resistance 2% 2% 2%
Ultimate inclination of
inner and outer rings Lk 1k Lk
. o Bidirectional Unidirectional Unidirectional | Unidirectional

Axial positioning
Axial movement On mating On raceway On raceway On mating

surface surface
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Support bearing: the transmission support bearings are usually installed on
both ends of the shaft to jointly bear the axial and radial forces of the shaft
assembly. The front and rear bearings of different specifications and types may
form different composite structures, generally including the combination of
deep groove ball bearing and cylindrical roller bearing, combination of tapered
roller bearing and tapered roller bearing and combination of angular contact ball
bearing and angular contact ball bearing. In the case of identical or equivalent
mounting installations (inner and outer diameters and width of different bear-
ings), the combination of the tapered roller bearing and tapered roller bearing
has the highest capacity to withstand the load and longest life and the ball
bearing can withstand higher limit speed than other bearings; in terms of the
transmission efficiency of the whole transmission, the combination of the deep
groove ball bearing and cylindrical roller bearing has the highest efficiency,
while the combination of the tapered roller bearing and tapered roller bearing
has the lowest efficiency; in terms of the assembly, the pre-tightening is required
for the use of the tapered roller bearing and angular contact ball bearing in
pairs to adjust the internal play, so the adjustable pads shall be added generally
during assembly, thus increasing the assembly difficulty; in terms of stiffness,
the combinations other than the combination of the deep groove ball bearing
and cylindrical roller bearing have forward and reverse installation methods,
which require different support stiffness of the supported shaft. In the forward
installation, the span between the front and rear supporting points is smaller
and the bearings are more rigid, so the bearings are generally subject to forward
installation if used in pairs in the transmission. In addition, the accuracy class 6
is enough for the support bearing of the light-load car transmission. If the accu-
racy class is too high, the bearing price will increase and the cost will increase.
If the accuracy class is too low, the bearing performance will decrease, resulting
in the decrease in the overall performance of the transmission.

Thrust bearing: the thrust bearings are generally installed at both ends of the
part that only bears axial force and rotates relative to its connected part, and
are widely used in planetary gear train of the AT. The thrust bearing structure
may be selected according to GB/T273.2-2006 Rolling Bearings—Thrust Bear-
ings—Boundary Dimensions, General Plan. Generally, the load borne by the
transmission thrust bearing is a dynamic load and the bearing life may be calcu-
lated according to GB/T6391-2010 Rolling Bearings—Dynamic Load Ratings
and Rating Life.

Needle bearing: the needle bearing used to connect the transmission gear to the
shaft generally bears the static load only. In special cases, it is possible to bear
the dual load with different dynamic and static loads (not simultaneously, but
under different working conditions). For example, that is the case with the needle
bearing of the gear 1 driven and reverse drive dual gear in a 6MT transmission.
The needle bearing is under static load in the gear 1 of the transmission and
is under dynamic load in the reverse gear of the transmission. Therefore, in
the calculation of the bearing life, whether the equivalent static and dynamic
loads meet the working condition requirements shall be calculated. The needle
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Fig. 8.30 Clutch release
bearing. 1—Clamp spring,
2—spring retainer, 3—seal
ring, 4—retainer, 5S—outer
cover, 6—Steel ball,
7—outer ring, 8—spring
washer, 9—inner ring

“
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bearing life may be calculated according to GB/T6391-2010 Rolling Bearings—
Dynamic Load Ratings and Rating Life and GB/T4662-2012 Rolling Bearings—
Static Load Ratings.

Linear bearing: the linear bearing is generally used in the shift fork of the
transmission shift actuator, its boundary dimensions and tolerances may be
designed according to GB/T16940-2012 Rolling Bearings—Sleeve Type Linear
Ball Bearings—Boundary Dimensions and Tolerances and its technical condi-
tions can be referred to JB/T5388.2010 Rolling Bearings—Sleeve Type Linear
Ball Bearings—Specifications.

Release bearing: the clutch release bearing, with the general structure shown
in Fig. 8.30, consists of the ball bearing, bearing block and connectors. The
clutch release bearing selected shall meet the overall layout size requirements
and dynamic load stress requirements. According to the specific needs of the
vehicle type, the bearing connecting parts (mainly the size of the outer ring 7
in Fig. 8.30) matching with the clutch release fork are designed and the overall
structure of the release bearing is determined.

I1. Transmission bearing selection

ey

@)

Confirm the application conditions and environmental conditions, including the
transmission functions and structure, bearing application site, bearing load size
and direction, speed, vibration and shock, bearing temperature (environment
temperature and temperature rise) and ambient environment (corrosiveness,
cleanliness and lubricity).

Select and determine the bearing type and structure, related to the allowable
space of bearing, bearing load (size, direction, vibration and shock), speed,
rotation accuracy, stiffness, inclination of inner and outer rings, friction moment,
bearing arrangement (free end and fixed end), installation and disassembly,
economy and marketability.
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(3) Select and determine the bearing dimension, related to the design life, equivalent
static load and equivalent dynamic load, safety factor, limit speed, maximum
axial load and allowable space of the transmission.

(4) Select the bearing accuracy, related to the changes in the run-out accuracy, speed
and friction moment of the driver shaft.

(5) Select and determine the bearing fit tolerance and internal play, related to the
material, shape and fit of the shaft and bearing, temperature difference of inner
and outer rings, inclination of inner and outer rings, load (size and nature),
pretension and speed.

(6) Select the type and material of the retainer, related to the speed, noise, vibration
and shock, torque load and lubrication method.

(7) Select the lubrication method and sealing method, related to the applica-
tion temperature, speed, lubrication method, sealing method, maintenance and
inspection.

(8) Determine the special requirements for the bearings, including the application
environment (high temperature, low temperature, vacuum and drugs) and high
reliability.

(9) Determine the bearing assembly and disassembly methods, including mounting
dimensions, installation and disassembly sequence.

III. Transmission bearing design

The design flow of the transmission bearing is shown in Fig. 8.31.

8.4 Case Design

As the basic part of the transmission, the case assembles gears, shafts, bearings, forks
and other parts of the transmission into an integral whole and must ensure accu-
rate relative position of the parts and absorb the applied force and applied moment
during working; with good heat transfer performance, stiffness and strength and light
weight, it can isolate and attenuate the transmission noise and is easy to assemble
and disassemble.

In terms of the case machining accuracy, the size, geometry, mutual position and
surface roughness of the key positions must be strictly required in the case design, so
as to guarantee the normal transmission operation and meet the overall transmission
design requirements. The tolerance and surface roughness of the key positions of the
case are generally selected according to Tables 8.6 and 8.7.

In terms of the case strength and stiffness, the case is under complex load during
the transmission working, so different positions will bear the bending and distortion.
To ensure the gear engagement accuracy, the case must have enough stiffness to
avoid excessive deformation; to ensure reliable bearing working, the bearing block
must have enough stiffness; to ensure reliable transmission seal, the sealing plane
must have enough stiffness, otherwise in the bolt pre-tightening, the plane seal will



8.4 Case Design 301

Spatial arrangement of bearing, lubrication conditions, input load,
speed, time and gear parameters

Select and determine the bearing type and structure

hether to meet the load,
fatigue life and speed
requirements

YES
Select and determine the bearing
dimension

Determine the rotary run-out accuracy requirements and torque
change (load spectrum)

Select the bearing accuracy

Rotation conditions, temperature conditions, material, size and
accuracy of shaft and shell

Select and determine the bearing fit tolerance and
internal play

Bearing service conditions, medium requirements, lubrication mode,
rotation speed, sealing method, maintenance, assembly and disassembly

Select the type and material of the retainer, lubrication
method and sealing method, assembly and disassembly
methods

NO

Strength life checking calculation

|

Determine bearing specifications and technical
requirements END

Fig. 8.31 Design flow of transmission bearing
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Table 8.6 Dimensional tolerance and geometric tolerance requirements of key hole diameters and
mounting surfaces

Item Dimensional tolerance | Form tolerance | Position tolerance
Pin hole IT6-ITS IT6-IT7 IT6-IT7

Bearing hole IT6-ITS IT6-1T7 IT6-IT7

Shift fork shaft mounting hole | IT7-IT8 IT7-IT8 IT6-IT8

Parking brake device mounting | IT8-IT10 IT8-IT10 IT8-IT10

hole

General hole IT10-IT12 IT10-IT12 IT10-IT12

Table 8.7 Machined surface roughness requirements for some positions of case (unit: jLm)

Item Key hole diameter | Tapping hole and via | Large assembly | Other
hole plane

Surface roughness | Ral.6 Ra6.3 Ral.6 Ral2.5

requirement

be deformed and leaky, thus affecting the normal operation of the transmission. The
case structure can generally meet the strength requirements, but if the structure is not
designed reasonably, it cannot meet the stiffness requirements. The stiffness of case
is far more important than the strength. Therefore, it is the first guiding principle
of the case design to increase the stiffness of case as much as possible under the
condition that the weight is as light as possible.

In terms of the case material selection and lightweight, the case has a complex
structure and a large size, and its weight is roughly 30% of that of the transmission
assembly. Therefore, the case lightweight is the key to the transmission assembly
lightweight. The transmission cases of the cars subject to batch production are made
of die casting aluminum alloy or magnesium alloy. The reduction of the case weight
is limited by the material strength and the minimum wall thickness allowed by the
casting process.

Case is one of the parts with the highest requirements in the transmission design.
The following is an analysis of transmission case structure design, case wall thickness
design, case stiffener arrangement, case lightweight design and other aspects.

L Structural design of transmission case

The transmission case has integral and split structures. The integral case is char-
acterized by easily guaranteed coaxiality of the front and rear bearing holes of the
transmission and convenient assembly and inspection. It is generally a casting part
with low productivity. The integral structure is mostly used for heavy goods vehicles.
The split case (Fig. 8.32) is further divided into front-rear split and left-right split,
which are characterized by the difficulty in ensuring the coaxiality of the front and
rear bearing holes, high requirements for machining accuracy. It is mostly aluminum
alloy die casting with high productivity and mostly used for cars and light vehicles.
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Fig. 8.32 Split case

The basic dimensions of the transmission case depend on the need for the gear
rotation motion and shift track, and shall enable the gears to move freely within the
case without interference. The layout needs of the valve body, hydraulic pump and
hydraulic torque converter shall also be considered for the transmission case with
a hydraulic system. Moreover, the case shall be as small and light as possible and
have enough stiffness to ensure the gear engagement accuracy and service life. The
inherent frequency shall be within the range of 500-1000 Hz. Adequate clearance
shall be left for the transmission case at the beginning of design according to the
previous design experience, the analysis of competitive products as well as the influ-
ence factors such as the manufacturing tolerance, deformation and wear of all parts
to prevent interference of the moving parts in the case with the case in any case. The
basic dimensions of the case shall be determined according to the above factors.

Most of the car transmission cases are of split structure. Generally speaking, the
front and rear cases are bolted together. The layout of bolt holes shall be determined
according to the size of the outer contour of the case, with relatively uniform spacing
of 50-80 mm. The bolt holes are better arranged symmetrically on the case wall, so
that the joint surfaces can be evenly stressed to avoid deflection or stress concentration
in some parts. In case of failure to arrange symmetrically, the offset distance shall
be as small as possible, and the stiffeners shall be used to prevent bolt deflection
and case deformation under pretightening force. To prevent the lubricating oil from
leaking from the front and rear case joint surfaces, the joint surfaces shall be provided
with a rubber tank. Generally, the inner edge of the case is rounded R1-R2 mm fillets
to ensure that the effective width of the sealant at the joint surface is 2-3 mm.
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The transmission case NVH design is an effective way to reduce the transmission
noise. In the case design stage, a computer is used for analysis, and during the
sample trial production, instruments are used to measure and analyze the vibration
and inherent frequency of the trial-produced case, so as to find out the weak links
and optimize the structure.

The case shape shall meet the stiffness requirements and the vibroacoustic radi-
ation area should be small to avoid large plane transition. The surfaces shall be
designed to be connected by facets in different normal directions to reduce the case
wall vibration and radiation energy. Most transmission cases at home and abroad
adopt a stepped design scheme, as shown in Fig. 8.33.

I1. Case wall thickness design

The transmission case is of complex space structure, like a thick wall box structure
by shape and also like a spatial plate-beam composite structure by the stress state.
The case strength and stiffness mainly depend on the distribution of metal materials.

Stepped structure conducive

to noise reduction Normal different

sweep surface

Stepped structure conducive to
noise reduction

Fig. 8.33 Stepped structural case
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Therefore, in the case design, a variety of stiffeners are usually arranged on the basis
of the box case structure according to its stress condition and the requirements of
stiffness and strength, and the wall thickness of local areas is increased as required,
so that the case can meet the design requirements of the same strength under the
condition of the lightest weight.

The case wall thickness is closely related to casting process, case stiffness and
strength and increases with the increase of the casting size. However, the case wall
thickness shall not be designed too large. If it exceeds the critical wall thickness, the
grains in the central part will be coarse, and defects such as shrinkage and porosity
will often occur, which will lead to the reduction of mechanical properties.

The appropriate wall thickness of the transmission case (which is convenient
for die-casting and can give full play to the mechanical properties of materials)
is generally 3.5-5.0 mm; for a medium-torque transmission (drive torque of 200—
350 N m), the appropriate wall thickness should be 4.0 mm. To ensure the uniformity
of the case wall thickness and prevent the local wall thickness from being too large
or too small, Materialise Magics 9.0 software is commonly used to detect the case
wall thickness, as shown in Fig. 8.34.

In order to strengthen the local stiffness of the case and prevent excessive defor-
mation in the local area, it is necessary to increase the wall thickness in the local

CE Rl

Fig. 8.34 Detection of common case wall thickness range
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stress concentration area while adopting a thinner wall thickness on the basic wall.
Due to the concentrated force and torque on the bearing block, the wall thickness of
this part needs to be increased locally generally to 5.5-7.5 mm to prevent excessive
local deformation. However, it should be noted that the actual wall thickness shall not
exceed the critical wall thickness (generally 3 times of the minimum wall thickness),
as shown in Table 8.8.

The front and rear case joint surfaces are subject to a large shear force. In order
to prevent the case from oil leakage due to deformation caused by excessive stress,
the thickness of the joint surfaces should be increased to strengthen the strength and
stiffness of the case. According to previous design experience, the wall thickness at
the joint surface should be 10-12 mm.

II1. Case stiffener arrangement

The stiffness and strength of the case mainly depend on the number, height and
distribution of stiffeners, while the case wall thickness has relatively little influence
on the overall stiffness. As for the transmission, the main stress areas are input,
output and reverse bearing block. Figure 8.35 shows the distribution diagram of

Table 8.8 Minimum allowable wall thickness for sand mold casting (unit: mm)

Alloy type Casting profile size
<50 50-100 100-200 200-400 400-600 600-800
Aluminum alloy 3 3 4-5 5-6 6-8 8-10
Magnesium alloy 4 4 5 6 8 10
Zinc alloy 5 4 - - - -
AN
101MPa 2 3¢ 20se

6.66 88.889
' 77?.778 ' 100

22222 44.444 6
333 55.556

Fig. 8.35 Distribution diagram of stress concentration sites of case
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stress concentration sites in the case. In order to strengthen the local stiffness of the
case and prevent excessive deformation in the local area, the stiffeners shall be set
in these areas to meet the stiffness and strength requirements of the case. Generally
speaking, the width of the stiffener is roughly equal to the wall thickness, and its
height shall not be less than the wall thickness, otherwise the increase of the bearing
section will not be enough to offset the uneven stress distribution caused by the
stiffener, and the expected effect will not be achieved; if the stiffener is too high, it
will lead to local stress increase and casting difficulties, and the height is generally
not more than the bolt boss diameter or the main bearing width.

The stress on the bearing block in the transmission case is most concentrated, so
the stiffeners shall be set here to increase the case stiffness and strength. The stiffeners
in the bearing block are generally arranged in a radial shape uniformly, so as to meet
the requirements of increasing the strength and stiffness in the bearing block with as
few stiffeners as possible, so as to meet the design requirements of lightweight. The
number and width of stiffeners are related to the stress on the bearing block and the
stress on the reverse shaft is more concentrated, so the width and number of stiffeners
are greater than that in other parts. Figure 8.36 shows the distribution of transmission
case stiffeners. The transmission case is transitioned with a large surface inside and
outside. In order to increase its strength and stiffness, large stiffeners are arranged.
Figure 8.37 shows the distribution of the outer wall stiffeners of transmission case.

IV. Case lightweight design

The case weight accounts for 30% of the overall transmission weight. Therefore, the
case lightweight design plays a decisive role in the whole transmission lightweight.
The case lightweight may be achieved in terms of material, wall thickness and
structure.

The case material shall have sufficient strength and good casting properties, and
shall meet the lightweight requirements. The aluminum alloy is commonly used for

-Stiffener thickness 5~ 6 at output shaft 1
Stiffener thickness 4.0

=
) i
Sweep surface stiffener thickifess 7, Stiffener thickness 5.0 at input shaft

-
-

Stiffener thickness 5~ 6 at differential mechal

Radial stiffener

-~
Stiffener thickness 5~ 6 at reverse ge:

Fig. 8.36 Distribution of transmission case stiffeners
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Fig. 8.37 Distribution of the
outer wall stiffeners of
transmission case

the transmission case of the passenger vehicles. To meet the design requirements
of case lightweight, the overall wall thickness should be as small as possible under
the condition of meeting the requirements of strength and casting process design. In
addition, it is also a common method to set a pocket locally in the case. Figure 8.38
shows a transmission case pocket.

V. Case design flow

The reducer case design is a series of processes and the overall design flow is shown
in Fig. 8.39.

8.5 Parking Mechanism Design

Parking mechanism is a kind of safety device in AT to prevent the vehicle from
sliding in parking state, which is used to make the vehicle stop in a certain position
or even on the slope reliably without time limit. The parking mechanism generally
uses a reliable mechanical driving mechanism rather than hydraulic or pneumatic to
avoid faults.

The AT parking mechanism can be classified into manual, electro-hydraulic and
electronic parking mechanisms. The early AT and CVT adopted the manual parking
mechanism, and the driver manipulated the shift knob to drive the control cam,
parking pawl and parking ratchet through the cable to realize the transmission parking
function, as shown in Fig. 8.40. With respect to the electro-hydraulic parking mecha-
nism, there is no mechanical connection between the parking pawl of the transmission
and the shift-by-wire shift knob. The engagement or disengagement of the parking
pawl is fully determined by the electro-hydraulic device, that is, by the position of the
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Pocket beneficial to
realize lightweight ——

: Pocket beneficial to realize lightweight

Fig. 8.38 Transmission case pocket

shift knob or other safety factors, such as opening the driver’s side door, powertrain
working, or pulling out the ignition key. Figure 8.41 shows the hydraulic control unit
of Benz 9G-TRONIC AT parking mechanism. The electronic parking mechanism
is shown in Fig. 8.42. The gear selection, shift and parking are implemented by the
select-shift motor. In the above three drive modes, only the actuators acting on the
control push rod are different, and the position relations of the control push rod,
parking pawl and parking ratchet are the same.

I. Basic design principles of parking mechanism

(I) Basic input

ey
(@)
3

“
(&)
(6)

Curb weight and tire radius.

Maximum parking slope (30%).

Number of gears (depending on the gear switch requirements and layout
position).

Angle between gears (depending on the matching shifter).

Cable stroke (depending on the execution mode).

General layout space and layout position (position of the output shaft or
differential mechanism).
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Fig. 8.39 Case design flow

Pushrod assembly
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Rapid prototyping of Structure checking NVH test to determine
plastic material — and evaluation the vibration
characteristics of the
- transmission

Die sinking

Transmission
optimization design
and data archiving

Positioning track plate

Fig. 8.40 AT parking mechanism
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Fig. 8.41 Hydraulic control unit of Benz 9G-TRONIC AT parking mechanism. 1—Fully integrated
transmission control unit, 2—parking pawl position sensor, 3—permanent magnet

Parking ratchet Parking pawl

Transmission output shaft

Shift fork

Guide bearing

Differential
mechanism gear

Control push rod Spring

Fig. 8.42 Electronic parking mechanism

(II) Basic functional requirements

(1) When the vehicle is driving at a speed not higher than 5 km/h, the parking
mechanism can realize safe parking.

(2) When the vehicle is in the non-parking condition, the parking mechanism cannot
automatically park the vehicle regardless of any abnormality.

(3) When the vehicle is parking, the parking mechanism cannot be automatically
out of gear.
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Downbhill

Fig. 8.43 Load of vehicle on the ramp

(4) When the vehicle needs driving, the parking mechanism can make the vehicle
smoothly out of parking gear.

(ITD) Basic design calculation

Figure 8.43 shows the load of the vehicle on the ramp. The maximum slope of the
vehicle parking on the ramp is affected by the vehicle structure parameters and load
distribution. When the maximum parking slope is determined, the ground braking
force provided by the parking mechanism is

F, = mgsin« (8.10)

where, F,—ground braking force;

m—vehicle mass.

Figure 8.44 shows the stress of the parking mechanism (Fig. 8.40) when the
vehicle is on the ramp, and the main release torque M; is

M, = Fa 8.11)

where, F—normal force of ratchet (N);
a—distance from pawl spindle to the line of action of normal force of ratchet (m).
Friction torque M, when parking mechanism is released

M, = Fpuc (8.12)

where, W—friction factor between pawl and ratchet;
c—distance from pawl spindle to the line of action of ratchet friction (m).
Radial force F; acting on the control lever

M -M

F; 5

(8.13)

where, b—distance from pawl spindle to the point of action of control lever (m).
Axial holding force Fyoq acting on the control lever
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Fy

Fig. 8.44 Stress of the parking mechanism when the vehicle is on the ramp

Fiola = 2F,tana — 2F, (8.14)

where, a—cone angle of control lever.

Figure 8.45 shows the dynamic stress analysis of pawl and Fig. 8.46 shows the
axial force estimation of the control lever. Parameters involved in the figure: p is
cone angle; b is the distance from pawl spindle to the point of action of control lever;
M, is the torque on the pawl due to the action of the actuator; I is rotational inertia;
a is the angle of pawl; t is engagement time; w, is the angular velocity of ratchet;
A is the notch angle when the pawl is engaged with ratchet; v is vehicle speed; r is
wheel radius; i is main gear ratio; Mr is the torque of pawl release spring.

For the pawl, the following is true

M, + M, =1a (8.15)
l"t2 (8.16)
o= - .
2

For the ratchet, the following is true

=2¢ (8.17)
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The angular velocity of ratchet, the angular velocity of wheel and the vehicle
speed have the following relationship

W = Wy X ig (8.18)
\%
Wy = — (8.19)
r
F.
0= i (8.20)
tanf
_ Mtanp
F== (8.21)

where, ip—gear ratio.
Substitute Egs. (8.15) and (8.16) into Eq. (8.21) to obtain

M I

F,= 5 tanf (8.22)

Substitute Egs. (8.17)—(8.19) into Eq. (8.22) to obtain:

21 ( Vig \? M,
F,=—(—) tang - =Lt 8.23
! (m) anp— 2 p (8.23)

Vo r.Ago | Fybetanf + M, (8.24)
1o 2a1

(IV) Simulation analysis check

1. Multi-body dynamic model building

The three-dimensional modeling software Proe/Creo, CATIA and SolidWorks are
used to build the 3D entity model of the vehicle parking mechanism, which is
imported into the many-body dynamics software Adams. In the environment of
Adams View, model material or density parameters are given, connection relationship
between the parts is added, and contact conditions between the parts are determined
to drive the moving parts. The multi-body dynamic model is shown in Fig. 8.47.

(1) Static strength simulation of parking mechanism: set the analysis conditions:
in the gear P, gradually increase the output shaft torque until system failure to
obtain the maximum torque that the parking mechanism can bear and determine
the safety reserve factor. The simulation results are shown in Fig. 8.48. Taking
downhill as an example, at 0.85 s, the system fails and the maximum bearing
torque of the mechanism is 6.0 x 10® N mm.
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Fig. 8.47 Multi-body dynamic model
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Fig. 8.48 Static strength simulation torque
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(2) Simulation of system pull out force: set the analysis conditions: in the full load
condition of the vehicle, simulate the gear P out situation in the parking on 30%
ramp. The simulation results are shown in Fig. 8.49, and the change process of
the pull out force will be different for different structures.

(3) Critical parking speed simulation: set the analysis conditions: the vehicle starts
sliding at 10 km/h and puts in gear P. The critical speed at the parking in gear
P is simulated. The simulation results are shown in Fig. 8.50 and the vehicle
completes parking in gear P at 0.48 s.

Executive force when pull-out

100.0 |
— Uphill
—Downbhill
50.0 i
s
2
<L
2 00 ¥
n? Start execution B ’,..J
-50.0 \
~100.0
0.0 0.1 0.2 0.3 0.4 0.5
Time/s
Fig. 8.49 Pull out force simulation
500.0
o 0.0
B
5 -5000 \
= \
o
> \ y
-
- ]
% 1000.0 B
on
Z
—1500.0
0.0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1.0
Time/s

Fig. 8.50 Ceritical parking speed simulation
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2. Finite element analysis (FEA)

The completed 3D model is imported to the finite element software Hypermesh and
meshed. After pretreatment, it is imported to LS_DYNA to complete the strength
analysis. The analysis results are shown in Figs. 8.51, 8.52, and 8.53.

Analysis of the static strength of the tapered pressure head using the CAE software
can clearly and intuitively reflect that the stress state at each site of the parts meets

Tmax— 1296 MPa(at tooth root)

Fig. 8.52 Pawl strength analysis
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Contour Plot
S —Stress components |P(Mises)
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Fig. 8.53 Tapered pressure head strength analysis

the design requirements, and the criterion is that the maximum stress analyzed by
CAE is less than the yield strength of the material.

I1. Partial design calculation processes of another parking mechanism

AsshowninFig. 8.54, the parking mechanism consists of the ratchet (Fig. 8.55), pawl,
torsion spring, pawl rotating shaft, actuator motor, motor fork, concave block, push
rod, compression spring washer, compression spring, guide column and trapezoidal
head.

(I) Design of parking mechanism actuator level spring

1. Ramp parking speed calculation (Fig. 8.56)

Uy = v 2e1S, (8.25)

where, vy—heel speed (maximum speed that can be achieved in parking on a ramp
with a gradient of 30%) (m/s);
e;—wheel acceleration (m/s?), e; = gsinq;
g—acceleration of gravity;
a—slope (°);
Si—wheel rolling distance, S, =
r—wheel radius (m);
n—number of ratchet teeth;
ig—final ratio.

nia
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Fig. 8.54 Electric parking mechanism. 1—Ratchet, 2—pawl, 3—torsion spring, 4—paw] rotating
shaft, 5—actuator motor, 6—motor fork, 7—Concave block, 8—push rod, 9—compression spring
washer, 10—compression spring, 11—guide column, 12—trapezoidal

Fig. 8.55 Ratchet rotation angle
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Uphill Downhill

Fig. 8.56 Ramp packing

2. Calculation of actuator level spring force

(1) Calculation of ratchet rotation time in parking

= % (8.26)
We

where, t;—ratchet rotation time (s);
Fnax = 2Fg.qr—Tatchet rotation angle (rad);
wg—rotational angular velocity of ratchet (rad/s), omega, = 27n,
n,—ratchet speed in parking (r/min), n, = n, = nyisiiq
n,—output shaft speed (r/min);

i,;—gear ratio from the output shaft to the countershaft;

n,—wheel speed, n,, = 5—"5=.

vy, —critical parking speed (m/s), as shown in Fig. 8.57;
r—wheel radius (m);

iy—final ratio.

Counterclockwis

Fig. 8.57 Parking critical state
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Fig. 8.58 Stress analysis of pawl in parking position

(2) Calculation of required rotation torque of pawl in parking at critical speed

2yJ

T (8.27)

Hh =

where t,—pawl rotation time (m);
J—rotational inertia of pawl (kg m?);
y——pawl deflection angle (rad);
T1—pawl rotation torque (N m).
The pawl rotation torque T can be calculated from t; = t;.

(3) Calculation of actuator level spring force: with the pawl as the research object,
as shown in Fig. 8.58, according to the stress balance analysis of the pawl, the
torque provided by the actuator level spring shall overcome the pawl rotation
torque, return torsion spring torque and friction torque, then

FyRy — FprRy, — M, =T, (8.28)

where, Fy—positive pressure of the trapezoidal head on pawl (N);

R;—arm of force of Fy (m);

Fr—friction of trapezoidal head against pawl (N), Fg = pFy, in which, p; is
sliding friction factor;

R,—arm of force of Fg (m);

M,—return torsion spring torque (N m);

T|—pawl rotation torque.

As shown in Fig. 8.59, the stress balance equation is listed with the trapezoidal
head as the research object

Fa=F]\”Sinﬂ-FF]:]COS,B-|—FF2-|-FZ (829)
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Fig. 8.59 Stress analysis of \
trapezoidal head \ —:

where, F,—actuator level spring force (N);

Fni—positive pressure of pawl on the trapezoidal head (N);

pB—included angle between the contact surface and the horizontal plane of the
trapezoidal head and pawl (°);

Frj—friction of pawl against trapezoidal head (N), Fg; = wFxy, i is sliding
friction factor;

Fp,—friction of guide column against trapezoidal head (N), Fr, = w1Fno;

where, Fyy—positive pressure of the guide column on trapezoidal head (N), with
the formula of

Fyy = Fyjcos 8 — Fpysin B;

Fz—force generated by the trapezoidal head acceleration (N), F, = m_e,
myz—mass of trapezoidal head (kg);

S| —trapezoidal head stroke (m).

ez—trapezoidal head acceleration (m/s?), e, = 2?—25‘

The calculation process of ratchet negative rotation is the same as above.
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(II) Design calculation of parking mechanism ratchet

1. Maximum load calculation of parking ratchet

P _ M, mgsinar
&£, igr
g dl'g

(8.30)

where, m—yvehicle full mass (m);
g—acceleration of gravity;
a—included angle between the ramp and the horizontal plane (°);
r—wheel radius (m);
ig—gear ratio of the differential mechanism to the output shaft of the ratchet;
ro—contact radius of parking ratchet (m).

2. Calculation of ratchet load in overused parking condition

Fpax = 2F, (8.31)

3. Calculation of contact stress on ratchet tooth surface (Fig. 8.60)

Pawl

Ratchet

Fig. 8.60 Force of pawl on ratchet
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| Fa
oy = 189.8 % (8.32)

where, og—contact stress on ratchet tooth surface;

F,—positive pressure of pawl on ratchet (N), F,, = Fycosp;

b—Ilength of contact line between ratchet and pawl (m);

p—contact radius of curvature (m).

The contact stress on the tooth surface of the parking mechanism is usually not
more than 6000 MPa under the overuse condition, and not more than 4000 MPa
under the normal parking condition.

4. Ramp rollback calculation

2r
S, =

I’l,Xid

The ramp rollback S, is the same with the wheel (maximum ramp parking) rolling
distance in the “Design of parking mechanism actuator level spring” and shall be
less than the stipulated ramp rollback.

5. Internal spline strength calculation

The spline strength check is mainly to check the bending strength and contact
strength.

(1) Bending strength

Tmax

O = ————
Dyelz.s

(8.33)

where, Trax—maximum torque borne by the spline (N m), Tyax = s117T, 171 is safety
factor, with the recommended value of 2, T is the torque actually borne by the spline
(Nm), T = M,;

D,—reference diameter (m);

e—reference circle tooth thickness (m);

L—contact length (m);

ze—actual number of active teeth;

S;—meshing load factor, gene—rally 0.25.

(2) Contact strength

oH (8.34)

SS1S2
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where, F;—pressure on each spline (N), F; = Dz,_Tz?
S—contact area (m?), equal to the product of the contact length L and the contact

height;
S,—area load factor, indicating the actual contact area, recommended 1.
The calculation process of ratchet negative rotation is the same as above.
(IIT) Design of parking mechanism pawl

1. Calculation of pawl load in maximum ramp parking

F,  =F, (8.35)

where, F,;—positive pressure of ratchet on pawl (N);
Fn,—positive pressure of pawl on ratchet (N), F,, = F, cos ., as shown in formula
(8.32).

2. Calculation of pawl load in overused parking condition

Fmax = 2'Fnl (836)

3. Calculation of contact stress on pawl tooth surface

IF
oy = 189.8 b—"pl (8.37)

where, F,j—positive pressure of ratchet on pawl (N);

b—Ilength of contact line between ratchet and pawl (m);

p—radius of curvature of contact arc (m).

The contact stress on the tooth surface of the parking mechanism is usually not
more than 6000 MPa under the overuse condition, and not more than 4000 MPa
under the normal parking condition.

The calculation process of ratchet negative rotation is the same as above.

(IV) Calculation of self-locking of parking mechanism tapered pressure head
1. With the pawl as the research object

As shown in Fig. 8.61, according to the stress balance of the pawl, the torque provided
by the actuator level assembly is equal to the sum of the return torsion spring torque,

torque of ratchet on pawl and torque of trapezoidal head on pawl, i.e.

Fn3R3 + Fy3RFy = Fy Ry — FriRy + M, (8.38)
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Fig. 8.61 Stress analysis of paw

where, Fy3—positive pressure of the trapezoidal head on pawl (N);

R3—arm of force of Fy3 (m);

Fr3—friction of trapezoidal head against pawl (N), Fg3 = wyFns, o is static
friction factor;

R4—arm of force of Fgsz (m);

Fxi—positive pressure of ratchet on pawl (N);

R;—arm of force of Fy; (m);

Fgr—friction of ratchet against pawl (N), Fp; = poFni, 1 is static friction factor;

R,—arm of force of Fg; (m);

M,—return torsion spring torque (N m).

2. With the trapezoidal head as the research object (Fig. 8.62)

Fj, = Frycos B — Fyysin B + Fs + Fry (8.39)

where: Fy,—pull out force of trapezoidal head (N);

F, m—posmve pressure of pawl on the trapezoidal head (N), F, 3 = Fr3;

F F3—frlct10n of pawl against trapezoidal head (N), F, w3 = M2 FF3;

p—included angle between the contact surface and the horizontal plane of the
trapezoidal head and pawl (°);

Fs—pretightening force of actuator level spring (N);

Fry—friction of guide column against trapezoidal head (N), Fps = poFng.

Fng—positive pressure of guide column on trapezoidal head (N), Fy4 =
paFyssin B+ Fyycos B.

When F,, > 0, the tapered pressure head may be kept self-locking.

The calculation process of ratchet negative rotation is the same as above.

(V) Design of parking mechanism pawl return torsion spring
When the gear P is not engaged, the pawl shall not park in the ratchet and shall meet

the following equation

Mpabk — M, <0 (8.40)
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Fig. 8.62 Stress analysis of \
trapezoidal head L

where, Mp—pawl mass (kg);

a—pawl vibration acceleration (m/s?);

B—distance between the center of gravity of the pawl and the center of the pawl
rotating shaft (m);

k—safety factor;

M,—torque of the pawl return torsion spring (N m).

8.6 Synchronizer Design

L. Classification and construction of synchronizers

The synchronizer is classified into constant pressure, inertial, inertial boost and elastic
meshing types, in which, the constant pressure synchronizer does not work reliably
and has been eliminated basically. The inertial synchronizer is widely used in automo-
biles, which can be divided into two types: lock ring type and lock pin type. The lock
ring type inertial synchronizer is mostly used in the car transmission and generally
includes cone type, lever and boost types. The lock pin type inertial synchronizer is
mostly used in the large vehicle transmissions. With different structures, they consist



8.6 Synchronizer Design 329

of the friction elements, locking elements and elastic elements. The structure of the
lock ring type inertial synchronizer is mainly introduced below.

As shown in Fig. 8.63, the lock ring type inertial synchronizer mainly consists of
the synchronizer hub, gear sleeve, slider and synchronous ring and can be classified
into single-cone, double-cone and multi-cone types depending on the quantity of the
cones of friction. Its structure is characterized by the friction moment generated by
the interaction between the cone of friction on the synchronous ring and the cone
of friction on the soldered tooth, thus achieving the effect of synchronization. The
specific functions of each component of the lock ring type inertial synchronizer are
as follows.

(1) Synchronizer hub: used for axial fixation and with the same spline tooth as the
soldered tooth ring and synchronous ring.

(2) Gear sleeve: used to connect the synchronizer hub, synchronous ring and
soldered tooth ring and with the same spline tooth as the soldered tooth ring and
synchronous ring.

(3) Slider: the slider is mounted in the axial groove of the synchronizer hub with a
locating pin (steel ball) for positioning in neutral, and the two ends extend into
the notch of the synchronous ring.

4

: 1 { N\ 1 5777
N8/ SN\ ~
T[T T 1 f;}\ N

14

Fig. 8.63 Double-cone lock ring type inertial synchronizer. 1—Synchronizer hub, 2—slider, 3—
gear sleeve, 4—inner ring of synchronous ring, 5—middle ring of synchronous ring, 6—outer ring
of synchronous ring, 7—soldered tooth ring, 8—gear
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(4) Synchronous ring: the chamfer (lock angle) of the synchronous ring is the same
as that of the gear sleeve. The single-cone synchronous ring has an inner cone
with a coating on it. Generally, the multi-cone synchronous ring has a coating
on the inner cone of the outer ring, a coating on the inner core of the middle
ring or a coating on the outer cone of the inner ring; some synchronous rings
have spiral grooves on the inner core, so as to destroy the oil film after the two
cones contact, and increase the friction between the cones.

(5) Soldered tooth: the soldered tooth fits the gear sleeve spline to transmit the
motion and torque.

I1. Functions of synchronizer

During transmission shift, the main functions of the synchronizer are as follows

(1) Ensure that the gear engagement is not impacted during gear shift to extend gear
life.

(2) Reduce the powertrain noise when shifting gears.

(3) Make shift fast, smooth and light.

(4) Improve the power performance, economy and comfort of the vehicle.

II1. Shift process and principle of synchronizer

The shift force applied by the driver causes the gear sleeve to move axially through
the shift actuator and is applied on the synchronous ring through the slider until
the synchronous ring cone is in contact with the cone on the soldered tooth ring.
The angular velocity difference between two cones generates a friction moment that
causes the synchronous ring to rotate by an angle relative to the gear sleeve and the
slider, and to be positioned by the slider. Then, the gear end of the gear sleeve is in
contact with the locking surface of the gear end of the synchronous ring, so that the
movement of the gear sleeve is blocked and the synchronizer is locked, as shown in
Fig. 8.64.

If the driver continues to apply the shift force, the shift force will continue to
press the synchronous ring against the cone and increase the friction moment. At the
same time, the ring toggle moment in the opposite direction to the friction moment
acts on the locking surface. The angular velocities of the soldered tooth ring and the
synchronous ring gradually approach, and at the instant the angular velocities are
equal, the synchronization process ends, as shown in Fig. 8.65.

After realization of synchronization, the friction moment disappears and the ring
toggle moment is greater than the friction moment. When the synchronous ring is
pushed side, two locking surfaces are separated, the synchronizer is unlocked and
the gear sleeve is engaged with the soldered tooth ring through the synchronous
ring under the action of the shift force to complete synchronized shift, as shown in
Fig. 8.66.

IV. Design flow of synchronizer

The main input parameters of the synchronizer are designed as general layout of
synchronizer, center distance between the shaft, speed at maximum engine power,
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Fig. 8.64 Locking state -
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maximum engine torque, resistance moment of clutch driven plate at maximum
power/speed, tire rolling radius, gear ratio, rotational inertia of clutch driven plate,
rotational inertia at input end, rotational inertia on output shaft, allowable synchro-
nization time, shift strategy and shift points, dynamic friction factor of the cone of
friction of synchronizer, static friction factor of the cone of friction of synchronizer
and wear characteristics of friction materials.

The general flow to determine the synchronizer design scheme is shown in
Fig. 8.67.
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Fig. 8.66 Completion of R
shift

/

[P

The synchronous ring spline has the same principal parameters as the synchronizer
hub spline and the spline slot width may be slightly greater than the synchronizer
hub width; the synchronous ring spline modulus is the same with the soldered tooth
modulus. The small modulus design can improve the matching width of soldered
tooth.

1. Synchronous ring spline design

2. Synchronous ring taper hole diameter design

The large end diameter of the synchronous ring taper hole shall be determined
according to the reference diameter of the spline tooth. For a car transmission, the
difference between the two is generally 12—15 mm, and for a multi-cone synchro-
nizer, the middle ring can be chosen to limit the diameter of each cone of friction
inside and outside the synchronous ring.

3. Synchronous ring cone angle design

It can be known from the friction moment formula T = F % Sﬁfa that, the smaller the
cone angle a, the greater the friction moment. When a is too small, the synchronous
ring is easy to lock. At this time,N sina > pucN cosw, so tana > ¢ shall be
satisfied. As shown in Fig. 8.68, the synchronous ring cone angle is recommended
to be 6.5°-7° for single-cone and 7°-12° for multi-cone. As for the fit between the
multi-cone synchronous rings, the tolerance design of the inner and outer rings needs
to ensure the contact of the large ends. Usually the negative tolerance is used for the

outer cone and the positive tolerance for the inner cone.
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Fig. 8.67 Determine flow of synchronizer design scheme

4. Design of synchronous ring lock angle and soldered tooth reverse cone angle

In theory, the lock angle of the gear sleeve should be the same as that of the
synchronous ring, but for processing reasons, the two angles are exactly the same and
difficult to control, so the two angles are machined differently, as shown in Fig. 8.69.
Since the gear sleeve material is usually harder than the synchronous ring material,
the lock angle of the synchronous ring should be 3°-5° less than that of the gear
sleeve used with it. The reverse cone angle is to lock the gear and prevent it from
slipping out of gear.
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5. Synchronous ring face width design

The synchronous ring face width is limited by the axial space size of the structure.
Within the allowable range, the larger the face width, the larger the strength and
stiffness of the synchronous ring, the better the heat dissipation and wear resistance.
The synchronous ring face width is generally 6—14 mm.

6. Synchronous ring thread and drain design

For a multi-cone synchronous ring, the synchronous ring cone will bond the friction
material or be sprayed with molybdenum, so there is no need to design the thread
and drain. For a single-cone synchronous ring, it is necessary to design the thread
and drain. Generally, the lead angle is 40° or 60°, the crest width 0.12-0.2, the thread
pitch 0.6 mm, the threaded hole depth 0.25-0.5 mm; the drain width 3—4 mm, the
depth greater than the threaded hole depth with the minimum of 0.8 mm and the
quantity 6 or 9.
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Fig. 8.70 Locking surface [

Synchronous ring spline Gear sleeve spline
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7. Gear sleeve fork groove design

There is a circle of fork groove on the gear sleeve, which is designed symmetrically
as far as possible. It is matched with the clearance of shift fork, and the clearance on
both sides is generally 0.3—0.5 mm. The surface roughness of the fork groove wall
is guaranteed to reduce wear. The depth of the fork groove shall not be less than
0.4 mm, and the thinnest part shall not be less than 2 mm with the large diameter of
the spline to ensure that it is not easy to be hardened.

8. Gear sleeve width design

The gear sleeve must be more than twice as wide as the shift stroke to prevent the
slider from coming off. The width of the gear sleeve shall be slightly larger than the
length of the spline, and the length of the gear sleeve spline shall ensure the effective
engagement length of about 2 mm after each gear is engaged.

9. Gear end ridge angle design

The ridge angle &g at the gear end of the gear sleeve spline is smaller than the ridge
angle @ of the synchronous ring, as shown in Fig. 8.70; otherwise, it is easy to make
local contact on the top of the locking surface of the synchronous ring and increase
wear. Recommended value: ® = 8°, &g = 6° £ 1.5°.

10. Synchronizer hub spline design

The synchronizer hub spline works with the gear sleeve spline, with the same prin-
cipal parameters as the synchronous ring and soldered tooth splines. The spline tooth
thickness shall be controlled reasonably. Excessive thickness will cause the gear
sleeve to slide unsmoothly. Too small thickness can cause the gear sleeve to swing
too much. The design of a small modulus can improve the length of fit between
the soldered tooth and gear sleeve. However, if the modulus is too small, it will be
easily quenched during heat treatment, so the tooth thickness is generally greater
than 2 mm. The runout of the mating part between the gear sleeve and synchronizer
hub is usually used to control the spline parameter and is generally not greater than
I mm/® 100 mm.
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11. Synchronizer hub width design

The synchronous ring positioning, axial layout space, web width, slider length, clear-
ance and other factors shall be comprehensively considered for the synchronizer hub
width design and the idle stroke of the synchronous ring shall be generally 0.3—1 mm.

12. Slider chute width design

The peripheral movement on each side of the synchronous ring soldered tooth is
mmt/4, which is realized by the peripheral clearance of the synchronous ring bump
in the hub slider chute. The exradius ry of the bump is less than the reference radius
r of the spine soldered tooth. In order to ensure the clearance C = -2 “}* of each side
of the bump in the chute, the slider chute width in the synchronizer hubis H="h +
2C.

V. Synchronizer performance calculation
1. Calculation of positioning force in neutral position
3 x Fgr(u + tanf)

Fposilioning force = 1 11 tan 0 (842)

where, Fr—slider spring force (N);
p—friction factor between steel ball and gear sleeve V-groove contact surface;
6—supplementary angle of chamfer at the bottom of gear sleeve V-groove (°).

2. Shift force calculation

J-Aw

g

sin o
Fhitt force = ( + Tv) X (8.42)

mcRj

where, Fgpit force—shift force;

J—synchronous inertia (kg m?);

Ty—trailing moment (—Ty in upshift and 4+Ty in downshift) (N m);

Aw—relative speed difference (angular velocity) (rad/s);

j—number of friction surfaces (1 for single-cone, 2 for double-cone and 3 for
three-cone);

pc—friction factor of synchronous ring friction material;

a—cone angle of synchronous ring cone (°);

R—mean friction radius of synchronous ring (m);

tr—synchronization time (s).
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3. Calculation of trailing moment

Ty = Tiyi (8.43)

where, Tj;—trailing moment at input shaft end (N m);
i—gear ratio.

4. Calculation of mean friction diameter of synchronous ring

g=2dizd (8.44)
= - X B
37 d2—d2

where, dj—small end diameter of synchronous ring (m);
d,—]large end diameter of synchronous ring (m).

5. Synchronous inertia calculation

A transmission usually has 1-2 output shaft. When calculating the synchronous
inertia, it is required to convert the inertia of all relevant parts to the same input shaft,
which requires the equivalent conversion of inertia.

For example, the inertia J2 of the rotating member with radius R, on shaft 2 is
converted to the rotating member with radius R; on shaft 1, and is combined with
the inertia J1 of the rotating member on shaft 1 to obtain the total equivalent inertia
Jeq On shaft 1.

The inertia of J, converted to shaft 1 is

RA\2
o1 = <—1) J (8.45)

Therefore, the total equivalent inertia on shaft 1 is

2
R

Jeq =Ji+ <—) J (8.46)
R,

Figure 8.71 is the layout of a 5-speed MT. Assuming engagement from gear 2 to
gear 1, the formula of the synchronous inertia is

o
Ji=Ji+) S (8.47)
k=1 k

where, J;—rotational inertia of the gear in the current gear (kg m?);
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Fig. 8.71 Layout of a 5-speed MT

Jy—rotational inertia of the gear in the target gear (kg m?);
ixk—speed ratio in each gear.
According to the above formula, the following results can be obtained

21\ (22 : 77\?
J,77J7+(Jc+J,S+J]) Zs 7] +(Jcs+12+J4+J@+J3+J]()+J]4) Z—S

(G G () G o m(Z) B waw

The above formula is the exact algorithm for calculating the inertia. However, in
the actual calculation, the following simplified calculation method is often used

Jy = Jisi} (8.49)
where, Ji;—sum of the inertia of all relevant parts converted to the input part of the

shaft of the synchronizer (kg m?);
ik—speed ratio in each gear.

6. Shift impulse calculation

I = Ftg (8.50)

where, F—shift force acting on the gear sleeve (N);
tr—upshift synchronization time (s).
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7. Friction moment calculation
d Hc 1

Te= jFitc
R=J55 sina 1000

(8.51)

where, j—number of friction surfaces;
F—shift force acting on the gear sleeve (N);
uc—friction factor of synchronous ring friction material;
a—cone angle of synchronous ring cone (°);
d—mean friction diameter of synchronous ring (m).

8. Synchronous ring pressure calculation

2P = 2 (8.52)
2R = D Asg sin 2a '

where, Pr—synchronous ring pressure (Pa);
Ar—total friction area of synchronous ring (m?).

9. Calculation of total friction area of synchronous ring

_ mDBb

R = (8.53)
p

where, D—cone working diameter (m);
B—synchronous ring cone width (m);
b—thread crest width of synchronous ring cone (m);
p—synchronous ring cone thread pitch (m).

10. Calculation of relative linear velocity in synchronization of synchronous
ring

Awmr R
vV =
30

(8.54)

where, v—relative linear velocity in synchronization;
Aw—relative speed difference (angular velocity) (rad/s);
R—mean friction radius of synchronous ring (m).
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11. Calculation of friction work carried by synchronous ring

. J,Aa)2 + Ty Awtg
B 2

w

(—, nupshift and + in downshift) (8.55)

Where, W—friction work of synchronous ring (J).

12. Calculation of friction work per unit area of synchronous ring

The above formula calculates the total work done by synchronous ring at one time.
The heat will inevitably be produced in the work. To evaluate whether the work per
unit area of the synchronous ring exceeds the standard, it is also necessary to divide
the total work by the total working area of the synchronous ring to get the work per
unit area of the synchronous ring.

Wy = — (8.56)

where, W—friction work per unit area of synchronous ring (J).

13. Calculation of friction power per unit area of synchronous ring

LA

P
A fx

(8.57)

where, Po—fTriction power per unit area of synchronous ring (W).

14. Calculation of ring toggle moment

Tz=FRM (8.58)
sin B + ppcos B

where, Tz—ring toggle moment (N m);

F—shift force acting on the gear sleeve (N);

R—ypitch radius of synchronous ring (m);

p—gear sleeve lock angle (half-angle) (°);

pp—friction factor between the gear sleeve locking surface and synchronous ring
locking surface.
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15. Calculation of locking safety factor of synchronous ring

After calculation of the above performance indexes, the locking safety of the
synchronous ring shall also be confirmed. As for the locking safety, it is required to
ensure that the gear sleeve will not slide to the soldered tooth through the synchronous
ring before synchronization of the synchronous ring. To ensure this requirement, it
is required to ensure that the ring toggle moment Tz applied on the gear sleeve is
less than the friction moment T of the synchronous ring, namely T, < Tg

_TR

K =
17

(8.59)

where, K—locking safety factor of synchronous ring.

VI. Synchronizer performance evaluation indexes

1. Maximum allowable shift force (Table 8.9)

2. Allowable synchronization time (Table 8.10)

3. Reference trailing moment

The trailing moment is usually caused by the friction of the bearing and the friction
between the clutch driven plate and the transmission fluid. In the actual test, the

trailing moment at the input shaft end is different at different speed and oil temper-
ature. However, in theoretical calculation, to avoid too complicated calculation, the

Table 8.9 Maximum allowable shift force
Item Gear Passenger vehicle | Commercial vehicle
Basic Front-mounted Rear-mounted
transmission | auxiliary auxiliary
transmission transmission
Shift Gear MT <120 <250 Pneumatic Pneumatic
force/N I-top | AMT <1400
gear DCT (gear
sleeve)

Table 8.10 Allowable synchronization time

Item Gear Passenger | Commercial vehicle
vehicle Basic Front-mounted | Rear-mounted
transmission | auxiliary auxiliary
transmission transmission
Synchronization | Gear 0.15-0.25 |<0.14 0.15 0.2
time/s 1-top
gear
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Table 8.11 Reference trailing moment

Item Passenger vehicle | Commercial vehicle | Commercial vehicle with
range gear
Trailing moment/Nm | 2-5.5 4-8 10-14

Table 8.12 Locking safety

. Item Single-cone | Double-cone | Three-cone
factor of synchronous ring

Locking safety factor | 1.2 1.3-1.5 >1.8

Table 8.13 Design reference values of different friction materials

Material of | Friction Maximum line | Friction work | Friction power | Compressive
synchronous | factor velocity/(m/s) | per unit per unit stress per unit
ring area/(J/mm?) | area/(W/mm?2) | area/(N/mm?)
Special brass | 0.08-0.12 | 5 0.09 0.45 3
Mo-sprayed |0.08-0.12 | 7 0.53 0.83 6

Sintered 0.08-0.12 | 9 1.00 1.50 7

material

Carbon 0.10-0.13 |16 1.50 10 12

material

trailing moment can usually be selected as the fixed value generally based on the
experience of engineers at the initial stage of design, as shown in Table 8.11.

4. Allowable locking safety factor (Table 8.12)

5. Design reference values of different friction materials (Table 8.13)

The parameters of carbon materials vary greatly. For example, due to the addition
of various microelements, the friction factor of carbon particle friction materials can
range from 0.08 to 0.2 and even higher, while the friction factor of woven fiber carbon
friction materials is usually 0.08 to 0.14. Therefore, regarding the design reference
values of carbon materials, the supplier shall be consulted to confirm the performance
limit value of materials to ensure the accuracy of theoretical calculation.

VII. Specification for strength and fatigue analysis of synchronizer
1. Software requirements

The pre-processing modules of HYPERWORKS, ANSYS, ANSA and other soft-
ware are generally used as the pre-processing software; generally, the ABAQUS and
ANSYS are used to solve the strength, the FEM-FAT, Fe-safe and NCODE are used
to solve the fatigue and the HYPERWORKS, ANSYS and ABAQUS are used to
view the analysis results.
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2. Input conditions

The input conditions for the strength CAE analysis of the synchronizer system mainly
include:

(1) Digital models of synchronizer gear sleeve, synchronizer hub, soldered tooth and
transmission shaft, assembled according to the drawing requirements without
penetration in the models; the finite element mesh quality meets the solver
requirements (minimum angle greater than 20° and minimum mesh greater
than 0.1 mm).

(2) Material information of each component of synchronizer, including modulus of
elasticity, Poisson’s ratio and density.

(3) Friction factor between components of the synchronizer system.

(4) Torque borne by the transmission shaft and soldered tooth.

The input conditions for the fatigue CAE analysis of the synchronizer system are
mainly the results of strength calculation, ODB file and material S—N curve.

3. Boundary conditions

According to the operating conditions of the synchronizer system, the boundary
conditions are set as follows:

(1) The distributed coupling (rbe3) element is used to rigidly connect the two
constrained surface nodes with the shaft center nodes.

(2) The two shaft center nodes are constrained to constrain the degrees of freedom
of the transmission shaft rotating in 5 directions except x axis, and the degrees
of freedom of the soldered tooth rotating in 5 directions except x axis.

(3) The shaftis in full contact with the synchronizer hub, the synchronizer hub is in
full contact with the gear sleeve, and the gear sleeve is in 50% contact with the
soldered tooth (as practical). The synchronizer coupling element and contact
form are shown in Fig. 8.72.

4. Loading conditions

The loads of the synchronizer system is applied at the transmission shaft and
soldered tooth, which are equal in size and opposite in direction, at the two shaft
center nodes that have been created.

5. Strength output

The analysis name, parameters, types and output results are defined. The synchronizer
hub stress and displacement cloud diagram under maximum working load is shown
in Fig. 8.73. The stress of the synchronizer hub shall be less than the yield strength
of the synchronizer hub material.
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Fig. 8.73 Stress and displacement cloud diagram of synchronizer hub

6. Fatigue analysis

Import the strength analysis results. ODB file into the FEMFAT software and analyze
the setting conditions:

(1) Input the tensile strength, yield strength, S—N curve and linear static parameters
of the material.

(2) Set the surface roughness, technical size, dispersion and temperature.

(3) Set the influence factors, analysis type and survival rate.
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Fig. 8.74 Cloud diagram of contour plot
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7. Fatigue output

Taking synchronizer hub as an example, the cloud diagram of its safety factor
distribution under the maximum working load is shown in Fig. 8.74. The minimum
fatigue safety factor in the contact area of the synchronizer parts shall be greater than
the design requirements.

8.7 Selection of Seals

Requirements for transmission service life and environmental considerations have
made reliable, durable transmission seals an important issue. If the seal fails, repairs
can cost many times as much. On the automobile transmission, there are many places
need to seal, such as the input and output ends of the shaft, the connection of the
case, the output end of the reverse shaft and the drive end of the speedometer. There
are three main types of seals on the transmission: seals for static parts (such as flat
gaskets), seals for rotating parts (such as rotary shaft seals) and seals for reciprocating
parts (such as grooved seals).

L. Seals for static parts

A seal for static parts (static seal) is a seal applied between the surfaces without
clearance fit. Extremely small movements due to pressure and temperature changes,
expansion and contraction, normal wear, and shock and vibration may not be consid-
ered for such seal. Figure 8.75 shows examples of seals for different purposes,
including flange seal, plug seal and pipe seal. Figure 8.76 shows typical static seal
forms, including O ring, cutting ring, four-blade ring and metal ring.
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(a) Female seal cover (c) Flange seal face seal

(b) Male seal cover (d) Pipe flange

Fig. 8.75 Seals for different purposes

2 4%

(a) Four-blade ring (b) Rectangular  (c) Square cutting ring
cutting ring

e« —=>

(d) O ring (e) Metal ring

Fig. 8.76 Typical static seal forms

O rings are preferred when temperature, pressure, liquid and geometry conditions
permit. The circular cross section of the O ring is easy to adapt to the geometry of
hydraulic applications. In general, 15-70 1b (1 Ib = 0.4536 kg) of load per inch (1 in
= 0.0254 m) of linear length can quickly form a seal line or belt, effectively sealing
1500 Ib/in? pressure without the use of a support ring. With the proper seal cartridge
design and the use of a support ring, the pressure range can be extended beyond
3000 1b/in.

An O ring of a given inner diameter may have several different cross sectional
sizes. In most static seal applications, any cross section suitable for assembly posi-
tion can seal. In general: ® The maximum available cross section suitable for the
installation site shall be selected; @ Installation damage, abrasion and rolling or
twisting are rare in large cross sections; @ Large cross sections are more tolerant to
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intermittent high temperatures; @ Large cross sections are more tolerant to stretching
and compressing. However, when the stretch rate exceeds 5%, leakage may occur.
Material deterioration can occur if it is subject to high temperature or used in barely
suitable liquids in addition to a high stretch rate. Excessive stretch rate will reduce
the area of the cross section and lead to the ellipse of the cross section.

The surface oil seal is used to seal the parting face of the transmission case and
cover. It can be a preformed seal (flat gasket, metal flanged gasket) or an unformed
seal (sealant). After sizing on the sealing surface, the sealant can take on the desired
shape; after being fitted to the sealing surface, the flat gasket will inevitably change
shape, which ensures that the sealing surface matches the microstructure of the sealed
part surface and closes the pores in the sealing material.

The flat gasket (soft gasket) usually adopts fabric oil seal (e.g. paper oil seal,
sealing board) and fiber-reinforced oil seal (e.g. aramid fiber). The sealants (liquid
oil seals) include chemically curing sealants (e.g. anaerobic sealant, silicone) and
non-curing sealants (ethylene glycol sealant).

II. Seals for rotating parts

In the transmission, as long as there is no pressure oil in the through hole of the spindle,
the synthetic rubber rotary shaft seal shall be adopted; otherwise, the through hole
must be sealed to prevent to prevent splashing oil from escaping.

The clutch is in the state of rotation, the hydraulic oil needs to enter the clutch
hydraulic cylinder through the relative rotation face, and the seal of the relative
rotation face needs to use rotary seal. The sealing ring is generally used for the rotary
seal and made of alloy cast iron and PTFE. Figure 8.77 shows an alloy cast iron
rotary seal ring and Fig. 8.78 shows a PTFE rotary seal piston ring.

Teflon seal ring is made of PTFE and widely used in modern automotive auto-
matic transmission. It is characterized by soft material, high abrasive resistance, heat
resistance and friction performance and low cost. Because of soft material and easy
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Fig. 8.77 Alloy cast iron rotary seal ring
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Fig. 8.78 PTFE rotary seal piston ring

deformation, it can still be well sealed in the groove of a circular shaft or hole even
if the size of the shaft or hole is somewhat out of round. However, this material is
prone to being scratched or punctured by metallics. The friction resistance of the
PTFE piston ring is lower than that of the alloy cast iron piston ring. Figure 8.79
shows the comparison of the friction factors of these two piston rings with the change
curve of relative angular velocity.

II1. Seals for reciprocating parts

The seal for reciprocating parts mainly refer to the seal between the hydraulic
cylinder and piston in the shift clutch and brake, with good sealing and small moving
resistance. Such seal has three forms:

(1) Alloy cast iron piston ring, with small moving resistance and poor sealing.

(2) Rubber O ring, with good sealing, large moving resistance and difficult manu-
facturing control. If the compression amount is too small, the O ring is poor in
sealing; if the compression amount is too large, the moving resistance is large.

0.08
| Alloy cast iron
0.06]
g
3
o
g 0.04} i //
2 -. ] PTFE
o I
0.02| ZA
1 L 33 ________....--"/
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Relative angular velocity w/(rad/s) ——p»

Fig. 8.79 Change curve of piston ring friction factor with relative angular velocity
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(3) Lip seal, with small moving resistance, good sealing and troublesome manu-
facturing.

The lip seal is shown in Fig. 8.80. Figure 8.80a shows the sectional form of
the lip seal; Fig. 8.80b shows the clearance between the piston and the hydraulic
cylinder, the minimum clearance a,;, shall ensure small moving resistance and the
maximum clearance an,x shall ensure small leakage; Fig. 8.80c shows the outward
lip seal mounted on the piston; Fig. 8.80d shows the inward lip seal mounted on the
hydraulic cylinder.

IV. Transmission sealing detection

The actual transmission sealing detection methods are as follows:

(a)

b -
]
=

(b)
(c)

a

Fig. 8.80 Lip seal
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(1) Differential pressure measurement. With the medium of air, the test is to test
the pressure loss in the case.

(2) Water bath test. The immersion test is conducted with slight overpressure in the
case.

(3) Helium leak test. The inspiration test is conducted using a leak detector with
the medium of helium.

(4) Mass flow rate measurement to determine the leakage rate.

Common causes for leakage are as follows:

(1) Damage of sealing elements during assembly, such as distortion, shearing, etc.

(2) The sealing surface is damaged or does not meet the technical requirements.

(3) Mixed loading or installation error.

(4) Turnover of the seal lip of the rotary shaft seal during assembly, especially in
the case of double oil seals.

(5) Misplacement or deflection of the rotary shaft seal during assembly.

8.8 Transmission Ventilation Design

With the increase of the engine speed, the internal oil temperature of the transmission
will also increase, which will cause the expansion of the inner cavity gas and oil
atomization, so that the pressure in the limited space of the inner cavity significantly
increases. In this case, it is extremely important to use a reasonable breather to keep
the transmission in normal working conditions, especially to ensure the sealing and
lubricity at the rubber oil seal of the input and output shafts. The breather is to ensure
the internal and external pressure balance of the transmission. A breather valve is
installed on the transmission case. Considering the transmission working reliability
and environmental pollution avoidance, it is not allowed to discharge the lubricating
oil, oil vapor and oil mist from the breather valve, and the water, dirt and dust are
not allowed to enter the transmission from the breather valve.

The breather valve assembly shall be preferred at the highest position of the box
members. When this condition cannot be met due to structural constraints, the require-
ments may not be implemented, and the splashing lubricant shall be avoided. If not,
baffles shall be added to block. The breather valve is usually classified into normally
closed and normally open types. Figure 8.81 shows a normally closed breather valve
assembly and its cover plate can be open under the pressure of 5-10 kPa. Figure 8.82
shows normally open breather valve assemblies. After the breather valve cover and
metal breather pipe in type A normally open breather valve assembly are assem-
bled, the breather valve cover shall be able to easily rotate and move axially around
the shaft; under the action of 50 N pressure, the impacted plugs and valve bodies
evenly spaced along the circumference in the type B normally open breather valve
assembly and normally closed breather valve assembly shall not fall off and the plugs
shall easily rotate and move axially. The opening pressure of type A normally open
breather valve assembly is (4 &= 0.05) kPa.
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Fig. 8.82 Normally open breather valve assembly

8.9 Transmission Tests

1. Purpose and type of transmission tests

The transmission is a key device of power system and its performance directly affects
the vehicle power performance, economy, reliability and other performance. The
transmission test is mainly to determine its performance and technical parameter and
correctly reflect the performance of the transmission, such as power performance,
efficiency, reliability and so on. The design performance, reliability and technological
feasibility of the transmission are mainly verified in the new transmission design and
development process; the quality stability and product consistency of the transmis-
sion are mainly verified in the transmission quality control process; the effectiveness
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of technological improvement of the transmission is mainly verified in the transmis-
sion quality improvement process; in addition, the material base database shall be
established to provide the basic data for the forward design.

Depending on the test object, the transmission tests can be classified into gear
test, powertrain test and related parts test. The gear tests mainly include bending
fatigue strength test, contact fatigue strength test, gluing resistance test, lubrication
test, efficiency test, transmission error test and vibration noise test; the powertrain
tests mainly include the shift performance test, fatigue life test, contact spot test,
case deformation test and transmission vibration noise test; related parts tests mainly
include the related tests of the bearing, synchronizer and clutch. The typical tests are
described below.

II. Typical transmission tests

1. Gear bending fatigue strength test

The main form of gear fatigue failure is bending fatigue fracture of gear teeth. There-
fore, its bending fatigue characteristic is the key basic data to realize the anti-fatigue
design and reliability design of the powertrain. At present, there is a lack of data on
gear fatigue characteristics in China, and there are some differences between foreign
gear materials and Chinese gear materials in smelting, machining, heat treatment
and other aspects. The gear bending fatigue strength test is conducted on an elec-
tromagnetic resonance fatigue machine shown in Fig. 8.83, which is characterized
by high loading frequency, high efficiency, accurate test load, accurate load point,
evenly distributed load along the tooth width, simple and convenient clamping.

The gear bending fatigue curve can be divided into the inclined section of gear
bending fatigue curve and the horizontal section of gear bending fatigue curve (gear
bending endurance fatigue strength). Figure 8.84 shows the bending fatigue curve of
a gear, which is the basis for checking the bending fatigue strength of the gear.

2. Gear contact fatigue strength test

The gear contact fatigue strength test is usually carried out on the back-to-back
gear fatigue machine shown in Fig. 8.85. The torque loading mode is divided into
hydraulic loading and torque lever loading. With the characteristics of high support
stiffness, accurate loading, easy installation and energy-saving drive, the machine
can verify the effect of gear design, gear material, processing technology and heat
treatment parameter improvement on gear life; test the gear contact fatigue strength
and verify the gear quality; test S—N curve of gear material to provide basic data for
forward design.

A high-speed heavy-duty gear is generally required to have high strength and
long life and designed according to the contact fatigue strength and bending strength.
However, with the improvement and development of the gear material performance,
heat treatment process level, processing method and surface treatment technology,
the gear contact fatigue strength and bending strength have been able to meet the
application requirements, while the gluing failure often occurs suddenly under the
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Fig. 8.83 Electromagnetic resonance fatigue machine and fixture
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Fig. 8.84 Bending fatigue curve of a gear
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Fig. 8.85 Back-to-back gear fatigue machine

high-speed heavy-duty condition, thus limiting the bearing capacity and service life
of the gear. The machine can also be used for @ gluing test to determine the gluing
failure mechanism of various materials and lubricant combinations; @ selection of
preventive measures against gluing failure to help designers select appropriate lubri-
cants and additives and optimize the part geometry; @ quantitative calculation crite-
rion to develop and calculate the parts gluing failure criterion from the perspective
of actual application.

3. Transmission lubrication test

Transform the transmission and set an inspection window shown in Fig. 8.86 in the
bearings and key positions. Simulate the simulation of each gear of the transmission in
the driving at horizontal condition, 15° uphill, 30° uphill, 15° downhill, 30° downhill,
15° left turn and 15° right turn and at the speed of 800 r/min, 1000 r/min, 1500 r/min,
2000 r/min, 3000 r/min, 4000 r/min, respectively.

4. Transmission efficiency test

The transmission efficiency test is mainly to test the transmission efficiency under
different temperature, speed and torque. The test equipment shall include: @ a motor
stand having a drive and a power absorption device; @ a drive and loading device, with
the torque control accuracy of 1%, measurement accuracy of +0.5%, speed control
accuracy of +5 r/min and measurement accuracy of =1 r/min; @ a transmission fluid
temperature control device, with the fluid temperature control accuracy of £5 °C and
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Fig. 8.86 Transmission set with an inspection window

measurement accuracy of +1 °C; @ a data recording device to record the stand and
oil temperature control system and transmission signals.

The efficiency test requirements are as follows: @ Install the transmission installed
at the same angle as the vehicle; @ Control the oil temperature within a predetermined
range; @ Run in according to the regulations; @ Change the test speed, input torque
and test oil temperature in a certain way; ® Record the transmission efficiency of
each gear under different test oil temperature, test speed and input torque.
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Chapter 9 ®)
Transmission Fluid Check for

With the development of automobile transmission technology, higher performance
requirements have been put forward for the transmission fluid. In particular, with the
continuous improvement of fuel economy, the transmission fluid tends to develop
towards low viscosity. More and more OEMs require transmission fluid to meet
lifetime requirements. At present, the automobile transmissions mainly include MT,
AT, CVT, DCT and AMT. Due to different structure and working principles, the
transmissions have different requirements for the transmission fluid. The MT and
AMT use the same transmission fluid, so the transmission fluid mainly includes
manual transmission fluid (MTF), automatic transmission fluid (ATF), continuously
variable transmission fluid (CVTF) and dual clutch transmission fluid (DCTF), with
the performance requirements shown in Table 9.1.

9.1 MTF

MT is the earliest, the most reliable and the most efficient transmission. With the
increased requirement for vehicle lightweight and fuel economy, the transmission
volume is decreased and the transmission fluid capacity is reduced, resulting in the
increase of gear temperature, thus putting forward higher requirements for transmis-
sion fluid temperature. In addition, due to the extensive use of efficient synchronizers,
synchronizer life, pitting resistance, abrasion resistance and other indexes also put
forward higher requirements for the transmission fluid.

MTF falls into two broad categories: by SAE viscosity and by API performance. In
addition, SAE and ASTM introduced MT-1 and PG-2 specifications, in which, MT-1
is a mechanical transmission fluid specification, higher than APIGL-4 vehicle gear
oil in quality and improving the thermal stability, oxidation resistance, cleanliness,
wear resistance, sealing material adaptability, and bronze fitting. The PG-2, higher
than APIGL-5 vehicle gear oil in quality, can be used for the drive axle lubrication.
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Table 9.1 Performance requirements for various transmission fluids

Performance requirements MTF |ATF |CVTF |DCTF

Synchronizer performance (0] (0]

Jitter resistance o o

Friction factor between metals O

Basic performance Low-temperature fluidity (0] O O (0]
Shear stability (0] (0] (0] o
Thermo oxidative stability O O o
Clutch friction/stability (6] (6] (6]
Wear protection (0] (0] (0] (0]
Foam resistance 0} O O o
Material compatibility (6] (6] (6] (6]

Note O means that the item is required

9.2 ATF

ATF is the lubricating oil for AT, which plays a role in lubrication, cooling, sealing
and vibration reduction. It is also a hydraulic fluid mainly to transfer the power. It is
required to have high fluidity and fast response to the oil pressure control. In order
to make ATF applicable to AT, the characteristics listed in Table 9.2 are proposed for
ATF. Figure 9.1 shows the friction endurance requirements of the wet clutch.

9.3 CVTF

Since the CVT cone disk pressurization, transmission and speed regulation are imple-
mented by high pressure oil and the CVTF plays the role of lubrication, power trans-
mission and speed regulation simultaneously, the CVTF, in addition to high lubri-
cation performance, must have the proper viscosity, viscosity index, shear stability,
friction factor, traction coefficient, low temperature fluidity and viscosity tempera-
ture and pressure characteristics to meet the metal belt drive requirements and ensure
proper slip rate. Foreign auto manufacturers and CVT manufacturers have developed
the corresponding CVTF, using the form of OEM production or self-production. For
example, Nissan and Honda commissioned SHELL and Rishi respectively to produce
CVTEF, while Toyota developed and produced CVTF by itself. CVT manufacturers
own the intellectual property of CVTF.

The CVTF is used for the cone disk pressurization, transmission and speed regu-
lation system. Through the action of hydraulic cylinder and piston on two pairs of
drive and driven cone disks, the metal belt is clamped and friction is generated to
transfer motion and torque. Therefore, the CVTF shall not only have good lubrica-
tion performance to reduce friction and wear, but also have appropriate adhesion and
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Table 9.2 ATF characteristic requirements
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Performance index

Practical application requirements

Additives used

Proper viscosity, high
viscosity-temperature
characteristic, shear stability
and low temperature fluidity

Low temperature fluidity when
used as a hydraulic fluid, and high
viscosity-temperature
characteristic with proper
viscosity for the lubrication of the
gear, shift and clutch

Viscosity-temperature
characteristic improver,
fluidity improver and
purification dispersant

Oxidation stability

Inhibit the oxygenolysis of oil
and prevent the formation of
precipitation

Antioxidant

Wear resistance

Inhibit the wear of gear, shaft,
hydraulic pump, etc.

Anti-wear agent

Foam resistance

Prevent forms from forming in
the lubrication system

Antifoaming agent

Proper friction characteristics

Reduce shift impact and
excessive sliding friction in the
clutch engagement

Friction blender

Material compatibility

Prevent rubber seals from
significant expansion, contraction
and hardening

Sealant

Rust resistance

Prevent rust of iron parts

Antirust agent

Corrosion resistance

Make the metal surface inert to
prevent corrosion

Metal inert agent and
anticorrosive

Synchronizer performance

—&— ATF
—— MTF

Wear protection

Fig. 9.1 Friction endurance requirements of wet clutch

Oxidation stability

Scratch protection

Pitting protection
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Table 9.3 Requirements of different types of CVT for CVTF

9 Transmission Fluid

CVT type Metal belt CVT Chain CVT Ring-disk roller CVT
Powertrain Friction drive, medium Friction drive, medium | Traction drive, high
surface pressure and high surface surface pressure
pressure
Lubrication Boundary Boundary EHL

state

lubrication—mixture
lubrication

lubrication—mixture
lubrication

(elasto-hydrodynamic
lubrication)

Lubricating oil
used

CVTF: base oil: mineral
oil and synthetic oil

CVTF: base oil:
mineral oil

Special traction oil
Base oil: special
synthetic oil

Performance
requirements

Prevent wear and tear
between metal belt and
cone disk; high friction
factor between metal belt

High friction factor
between metal belt and
cone disk; good
sintering resistance;

Prevent the high
pressure surface from
falling off; high traction
coefficient

and cone disk noise suppression

internal friction to achieve accurate and variable power transmission. The traditional
ATF cannot be used as CVTFE. CVTF must be a combination of the base oil with
excellent performance and additives, so as to achieve the optimal balance of friction
factor and traction coefficient and maximize the working characteristics of CVT. The
CVTF shall be used at a certain temperature and high temperature and its service
life is usually required to be more than 100,000 km. It has high requirements for
antioxidation stability, shear resistance, viscosity temperature and pressure charac-
teristics, and lubrication and anti-wear performance, and strict requirements for low
temperature performance and viscosity index. The lack of proper CVTF will result in
deviation of the slip rate of the metal belt drive, failure of accurate transmission and
speed regulation and failure to the CVT to present the best operating characteristics;
meanwhile, poor lubrication will occur, resulting in abnormal wear of the metal belt,
cone disk and other related parts, shortening the service life of CVT. In addition,
different types of CVT have different requirements for CVTF, as shown in Table 9.3.

94 DCTF

DCT s divided into DDCT and WDCT with different requirements for the lubricating
oil performance. The DDCT is mostly used in the low torque drive. At this time, DCT
is similar to a conventional MT. MTF can meet the basic lubrication requirements only
with focus on the gear and bearing lubrication instead of the lubrication of the clutch
friction material. By contrast, the oil for the WDCT shall protect the gears and ensure
normal working of the dual clutch. Therefore, the special lubricating oil formulation
is required to combine the performance characteristics of MTF and ATF, highlight
the friction characteristics and the protection of gear, bearing and synchronizer and
other performance requirements and must meet the basic requirements of lubricating
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oil, such as heat stability, oxidation stability and rust protection. In addition, the oil
change period required by different OEMs is also different, and the short oil change
period is about 45000 km for the WDCT produced currently and the long period is
lifetime.

It is a complex process for the lubricating oil manufacturers to complete the
DCTF design. With the friction and wear balancing performance and strong bearing
capacity, the lubricating oil can be able to control the corrosion, oxidation and sludge
formation. It is also very important to choose the base oil (e.g. mineral oil) and
synthetic oil and viscosity improver. Meanwhile, the dispersant, detergent, antiox-
idant and other components shall be added to reduce the formation of sediments.
The content of additives may be adjusted according to different parts, friction mate-
rial, viscosity and other requirements or the specific requirements of OEM. The
DCTF is superior to the current transmission fluids in terms of friction characteris-
tics, durability, environmental protection performance, wear resistance and bearing
wear protection. The synthetic base oil is used completely or partially for the DCTF
currently, but it is the future development trend to use class III base oil. With the
extension of the oil change period, improving durability will be the main objective of
designing the DCTF. The lubricating oil and additives suppliers must work closely
with the OEMs to develop the next generation DCT oil specifications. Compared with
ATF, DTF has more balanced performance. Figure 9.2 shows the friction endurance
requirements of DCTF wet clutch.

Low temperature perf
; Oxidation stability

Synchronizer performa Scratch protection

A ATF
& MTF

— DCTF Wear protection Pitting protection

Fig. 9.2 Friction endurance requirements of DCTF wet clutch
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9.5 Performance Requirements and Tests for Transmission

Fluid

I. Performance requirements for transmission fluid

Different transmissions have different requirements for transmission fluid. Table 9.4
lists the performance parameters and evaluation indexes of a DCTFE.

II. Tests for transmission fluid

Table 9.4 Performance parameters and evaluation indexes of a DCTF

No | Performance parameter Evaluation index
1 Viscosity Kinematic viscosity @100 | 6.1-6.5
°C/(mm?/s)
Kinematic viscosity 29 ( max)
@40°C/(mm?/s)
Dynamic viscosity/(mPa-s) | 5000 ( max)
Viscosity index 175 ( min)

2 Pour point/°C —54 ( max)

Component content Calcium content ppm 100-150
Phosphorus content ppm 210-300
Sulfur content ppm 1200 ( max)
Moisture content ppm 500 ( max)

4 Flash point (COC)/°C 190 ( min)

5 Foaming performance (foam |24 °C <10/0
tendency/foam 93.5°C <50/0
stability)/(mL/mL) =

24 °C after cooling <10/0

6 Cleanliness —/16/13 ( max)

7 Evaporation loss (mass fraction, %) <6

8 TAN/(mgKOH/g) <1.7

9 Oxidizability DKA (mass fraction, %) (170 °C, 192H) Viscosity change (40 °C and

100 °C) < 10%
TAN change 1.2 mgKOH/g
(max)

10 | Shear stability (20 h)/(mm?2/s) >5.8

11 | Copper corrosion (130 °C, 3 h) 2A (min)

12 | Rust protection No rust

13 | Density/(kg/m®) 820-840

Note 1 ppm = 1 mg/kg
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1. Friction characteristic test

The friction characteristic is the comprehensive balance performance of AT and DCT
shift sensation, dynamic torque load and friction endurance. The ATF and DCTF with
good performance are required to keep the friction characteristic unchanged within
the whole operating temperature range. Figure 9.3 shows the friction endurance
test. The dynamic friction torque, static friction torque, maximum friction torque
and engagement time are measured through the meshing test of the actual friction
plate, friction disk and hub, so as to evaluate the friction characteristics of ATF or
DCTF. The friction characteristic of DCTF is generally evaluated according to the
static friction factor and dynamic friction factor. The DCTF shall have the static
friction factor and the dynamic friction factor matching the friction material. Too
small dynamic friction factor will lead to the sliding increase in clutch engagement
and large starting torque loss. In order to reduce the loss in torque transmission, the
dynamic friction factor between the clutch plates shall be increased during the clutch
engagement, but cannot be too large, so as not to increase the friction and wear
between the clutches. Moreover, the static friction factor should not be too large;
otherwise it will cause a fierce increase in torque and make the shift feel not smooth
enough in the low speed phase of the clutch. Therefore, when adding friction modifier

Fig. 9.3 Friction endurance test
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in DCTEF, it is necessary to consider not only the smooth engagement of clutch and
the reduction of torsional vibration, but also the torque loss during engagement, so
as to balance the two.

2. Wear Resistance Test

Wear resistance is the basic performance requirement of the transmission for oil. In
order to meet the needs of meshing gear lubrication, MTF, DCTF must have good
lubrication, to prevent gear pitting and wear. Therefore, the resistance to pitting,
abrasion and wear of DCTF is required to reach at least the same level of MTF.
Figure 9.4 shows a pitting test.

3. Bearing test

The bearing test is carried out on the bearing test machine, as shown in Fig. 9.5.
The rotating parts are driven by the adjustable speed motor and a certain load and
speed are exerted on the bearing to check whether the lubricating oil can ensure the
good condition of the bearing under such circumstance. Figure 9.6 shows the bearing
damage picture.
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Fig. 9.4 Pitting test
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LS

Fig. 9.5 Bearing test

4. Synchronizer durability test

Similar to MTF, the DCTF shall also have appropriate synchronizer durability.
SSP180 synchronizer test is adopted to investigate the synchronizer durability of
oil according to the friction factor and wear extent of the synchronous ring, as shown
in Fig. 9.7. Currently, the synchronous ring is mainly made of brass, molybdenum,
paper, sintered bronze and carbon composite material. The shift comfort and dura-
bility are different depending on the material. The carbon composite material is best,
followed by paper, molybdenum and sintered bronze, and the brass is worst. There-
fore, MTF and DCTF must match the material and structure of the synchronizer to
achieve the durability of the synchronizer.

5. High speed friction and shift test

The high speed friction and shift test is carried out on the high speed friction and
shift test bench shown in Fig. 9.8 to check the wear of the main parts of the DCT
such as gear, friction plate, steel plate and shift actuator after the test under high
speed and low torque. Figure 9.9 is the gear wear picture after the test and Fig. 9.10
is the friction plate and steel plate wear picture. As can be seen from the figures,
the gear wear, friction plate wear and steel plate wear after the test are all within
the acceptable range, proving that the DCTF meets the high speed friction and shift
requirements.
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Fig. 9.6 Bearing damage picture

In addition to the above test items, there are the following tests: DCT and AT
anti-jitter durability test to prevent jitter of the clutch or brake in engagement or
disengagement; shear stability test to reduce the oil change times; foam resistance
test to reduce the transmission loss; aniline point test to prevent the rubber swelling;
oil compatibility test to test whether the influence of the oil on the performance of
the rubber parts, plastic parts and metal parts is acceptable.

9.6 Selection of Transmission Fluid

To select an appropriate transmission fluid, it is required to known the transmission
type first; then make clear the operating environment, performance requirements and
working conditions of the transmission fluid; carry out physical and chemical test,
simulation test and bench test for the selected transmission fluid to judge whether
it meets the expected performance indexes; finally carry out the real vehicle test to
verify the rationality of the selected transmission fluid.
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Fig. 9.7 Synchronizer test

Fig. 9.8 High speed friction and shift test
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Fig. 9.10 Friction plate and steel plate wear picture

Choosing the right transmission fluid helps lubricate the transmission, reducing
friction and saving energy. In general, low viscosity transmission fluid is more energy
efficient than high viscosity transmission fluid and multi-speed transmission fluid is
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more energy efficient than single-speed transmission fluid, provided that lubrica-
tion requirements are met. With good low-temperature fluidity and high-temperature
lubrication in a wide temperature range, the multi-speed transmission fluid can reach
high viscosity transmission fluid level in terms of low-temperature fluidity and reach
high viscosity transmission fluid level in terms of high-temperature lubrication. The
transmission fluid in the mainstream models is mostly multi-speed transmission fluid.
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Chapter 10 ®)
Design of Hydraulic Torque Converter e

10.1 Working Principle and Characteristics of Hydraulic
Torque Converter

I. Working principle of hydraulic torque converter

The hydraulic torque converter is located at the most significant end of the AT and is
mounted on the engine flywheel, acting like a clutch with MT. It is a vane transmis-
sion with the liquid as the medium. When the hydraulic torque converter is working,
the interaction between the active wheel blade and working liquid is used to realize
the interconversion of mechanical energy and liquid energy (that is, the impeller
continuously absorbs the power the internal combustion engine and transfers it to
the turbine), and the transmitted torque is changed through the change of the liquid
moment of momentum. With the ability to continuously change the speed and torque,
it is a continuously variable transmission (CVT) most successfully used in the vehi-
cles, fundamentally simplifies the manipulation; makes the vehicle start smoothly,
accelerate quickly and gently with excellent vibration damping performance, thus
prolonging the life of the powertrain and improving the ride comfort, average vehicle
speed and driving safety; during stall, it has the maximum torque ratio, which prevents
engine flame-out and more importantly, greatly improves the vehicle passability.

As shown in Fig. 10.1, the hydraulic torque converter mainly consists of the
rotatable impeller 4, turbine 3 and fixed guide wheel 5. The shape of these parts is
shown in Fig. 10.2. All active wheels are precisely cast adopted aluminum alloy, or
made by stamping and welding with steel plates. The impeller 4 is integrated with
the hydraulic torque converter housing 2 and bolted to the flange at the rear end of
the engine crankshaft 1. The hydraulic torque converter housing 2 is made into two
halves and welded into one after assembly (some are bolted). The starting gear ring
8 is provided outside the housing. The turbine 3 is connected with other parts of
the powertrain through the driven shaft 7. The guide wheel 5 is fixed on the guide
wheel fixing casing 6. After all the active wheels are assembled, a circular body with
circular section is formed.
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Fig. 10.1 Structure diagram of hydraulic torque converter. 1—engine crankshaft, 2—hydraulic
torque converter housing, 3—turbine, 4—impeller, 5—guide wheel, 6—guide wheel fixing casing,
7—driven shaft, 8—starting gear ring

Like the hydraulic coupler, when the hydraulic converter works normally, the
working fluid stored in the ring cavity not only has circular motion around the
hydraulic torque converter shaft, but also has the circular flow in the circulation
circle along the direction indicated by the arrow in Fig. 10.3, so that the torque can
be transferred from the impeller to the turbine.

The hydraulic torque converter can transfer the torque, and change the torque
value output by the turbine with the turbine speed (reflecting the driving speed of the
vehicle) when the impeller torque is unchanged.

The reason why hydraulic torque converter can convert the torque is that it has an
additional guide wheel mechanism compared with the coupler in structure. During
the circular flow, the fixed guide wheel gives a moment of reaction to the turbine, so
that the output torque of the turbine is different from the input torque of the impeller.

The working principle of the hydraulic torque converter is illustrated by the
expanded view of the torque converter active wheel. As shown in Fig. 10.3, the
center lines of flow paths of all circulation circles are expanded into a straight line on
the same plane. In the expanded view, the impeller B, turbine W and guide wheel D
form three annular planes. For the convenience of explanation, the engine speed and
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1—engine crankshaft 2—hydraulic torque converter housing 3—turbine 4—impeller

5—guide wheel 6—guide wheel fixing casing 7—driven shaft 8—starting gear ring

ny=constant n,=constant

) When n,= constant and nw=0 b) When n,=constant and nw gradually increases

Fig. 10.3 Working principle of hydraulic torque converter

load remain unchanged. That is, the speed n; and torque M, of the torque converter
impeller are constant.

The vehicle starting condition is discussed first. The turbine speed is zero at the
start, as shown in Fig. 10.3a and the working fluid rushes to the turbine blade at a
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certain absolute speed in the direction of arrow 1 in the figure under the action of the
impeller. Since the turbine is stationary, the fluid flows out of the turbine along the
blade and towards the guide wheel, as shown in arrow 2. Then the fluid flows from
the fixed guide wheel blade to the impeller along the direction of arrow 3. When the
fluid flows through the blade, it is forced by the blade and its direction changes. The
torques of the impeller, turbine and guide wheel on the fluid are set to M, M’,, and
M 4, respectively. According to the force balance condition of the fluid, M’,, = M,
+M,.

Since the torque M,, of the fluid on the turbine is equal to M",, in opposite direction,
the turbine torque My is numerically equal to the sum of the impeller torque M,
and guide wheel torque M ;. Obviously, the turbine torque M,, is greater than the
impeller torque M, that is, the hydraulic torque converter plays a role in increasing
the torque.

When the driving force generated on the drive wheels by the output torque of
the torque converter through the powertrain is sufficient to overcome the vehicle
breakaway force, the vehicle starts and accelerates and the associated turbine speed
n,, increases from zero. As shown in Fig. 10.3b, the fluid has the relative velocity
w along the blade at the outlet of the turbine and the convected velocity u along the
circumference, so the absolute velocity v of the fluid flowing towards the guide wheel
blade shall be the combined velocity of the two. Because the original impeller speed
is constant and only the turbine speed changes, the relative velocity w at the outlet
of the turbine is unchanged and only the convected velocity u changes. The absolute
velocity v of the fluid flowing towards the guide wheel blade will also gradually tilt
to the left with the increase of the implicated velocity u (i.e., the increase of the
turbine speed n,,), making the torque on the guide wheel gradually decrease. When
the turbine speed increases to a certain value, the fluid from the turbine rushes to the
guide wheel along the outlet of the guide wheel. The fluid does not change direction
when flowing through the guide wheel, so the guide wheel torque M is zero and the
turbine torque is equal to the impeller torque, i.e. M,, = M,

If the turbine speed n,, continues to increase, the absolute velocity v’ of the fluid
will continue to tilt to the left and the direction of the guide wheel torque is opposite
to that of the impeller torque. The turbine torque is the difference of the two torques
M, = M, — M,. That is, the output torque of the torque converter is smaller than
the input torque. When the turbine speed n,, increases to equal to the impeller speed
nyp, the working fluid will stop flowing in the circulation circle and cannot transmit
power.

II. Typical hydraulic torque converters
1. Three-element integrated hydraulic torque converter

The structure of the three-element integrated hydraulic torque converter is shown
in Fig. 10.4. It is composed of impeller 8, turbine 5 and guide wheel 9, with the
maximum torque ratio (that is, the torque ratio when the turbine speed is zero) of
1.9-2.5.
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Fig.10.4 Structure of three-element integrated hydraulic torque converter. 1—Roller, 2—pourable
resin chock, 3—turbine hub, 4—flange, 5—turbine, 6—starting gear ring, 7—torque converter
housing, 8—impeller, 9—guide wheel, 10—OWC outer race, 1 I—OWC inner race, 12—Impeller
hub, 13—torque converter output shaft, 14—guide wheel fixing casing, 15—thrust washer, 16—
OWC cover
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The torque converter housing 7 is welded by the front and rear halves. The front
end of the housing is connected to a tray fitted with a starting gear ring 6 and screwed
to flange 4 at the rear end of the crankshaft. The screws are distributed unevenly on
the circumference to maintain the original relative position of the torque converter
and the crankshaft after repair and disassembly, so as not to destroy the dynamic
balance.

The impeller 8 is equipped with radial flat blades. The impeller hub 12 welded
on the impeller housing can rotate freely. The turbine 5 has sloping curved blades.
The turbine hub 3 riveted with the turbine housing is splined with the output shaft 13
of the torque converter. The impeller and turbine blades and housing are steel plate
stamping parts. The blade and inner ring are spot-welded and brazed to the housing.
The guide wheel is cast in aluminum alloy and is fixedly connected to the OWC outer
race 10.

The roller type one-way clutch of the hydraulic torque converter, as shown in
Fig. 10.5, consists of the outer race 2, inner race 1, roller 5 and stainless steel laminated
spring 6. The guide wheel 3 is riveted on the outer race 2 with rivet 4 (or with spline).
The inner race 1 is splined with the fixing casing (14 in Fig. 10.4), so the inner race
is fixed. The inner surface of the outer race 2 has several eccentric arc surfaces. The
roller 5 is often pressed by the laminated spring 6 to the narrower end of the raceway
between the inner and outer races, so as to wedge inner and outer races.

In case of low turbine speed and large difference from the impeller speed, the
fluid from the turbine impacts on the guide wheel blade, trying to make the guide
wheel 3 rotate clockwise. Since the roller 5 is wedged at the narrow end of the
raceway, the guide wheel and the OWC outer race 2 are clamped and fixed together
on the inner race 1. At this point, the hydraulic torque converter plays the role of
increasing the torque. When the turbine speed rises to a certain degree, the impact

Fig. 10.5 Roller type one-way clutch of hydraulic torque converter. l—inner race, 2—outer race,
3—guide wheel, 4—rivet, 5—roller, 6—laminated spring



10.1 Working Principle and Characteristics of Hydraulic Torque Converter 377

force of the fluid on the guide wheel is reversed, so the guide wheel rotates freely in
the same direction with respect to the inner race and the turbine. At this point, the
converter switches to the coupler condition. Such torque converter which can switch
to the coupler condition is called the integrated hydraulic torque converter. It is used
since the coupler has higher efficiency than the torque converter in high gear ratio.
Efficiency refers to the ratio of the output power to input power of the fluid drive. The
law of the change of torque converter efficiency 7, and coupler efficiency ny with
the gear ratio i is shown in Fig. 10.6, which also shows the curve of the change of the
torque ratio K with the gear ratio i. It can be seen from the figure that, in the range of
the gear ratio i < ix = 1 (gear ratio when torque ratio K = 1), the torque converter
efficiency is higher than the coupler efficiency; when i > ix = 1, the torque converter
efficiency 7, drops quickly, while the coupler efficiency ny continues to increase.
The integrated hydraulic torque converter works according to the hydraulic torque
characteristics at low speed. When the gear ratio reaches i, it works according to
the coupler torque characteristics, thus increasing the range of high frequency.

The active wheels of the torque converter work in a closed chamber filled with
hydrodynamic drive oil, which is not only the working medium but also the lubricant
and coolant of the hydraulic elements. To prevent cavitation, a certain compensation
pressure shall be maintained in the chamber, whose value varies according to the
torque converter, usually within 0.25-0.7 MPa. Cavitation is the formation of bubbles
in a working fluid when the pressure drops below the saturated vapor pressure of the
fluid at that temperature. When the bubbles in the fluid move to the region with
high pressure along with the flow, the bubbles quickly break under the impact of
the surrounding oil, and then condense into liquid, resulting in a vacuum due to
the sudden reduction of the volume. The surrounding fluid particles then fill up the
space at an extremely high rate. At this moment, the fluid particles collide strongly
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Fig. 10.6 Characteristics of three-element integrated hydraulic torque converter
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with each other, producing obvious noise. Meanwhile, high local pressure is caused,
causing the metal particles on the blade surface to be broken. It can be seen that
cavitation will affect the normal operation of the torque converter and reduce its
efficiency accompanied by noise. Therefore, adequate compensation pressure must
be maintained in the working chamber.

The compensation oil with a certain pressure output from the hydraulic pump
enters from the gap between the guide wheel and the impeller through the annular
cavity between the guide wheel fixing casing 14 (Fig. 10.4) and the impeller hub
12, flows out from between the turbine and the guide wheel and leads to the cooler
through the annular cavity between the fixing casing 14 and the torque converter
output shaft 13 to cool the working fluid.

Because of the compensation pressure, the axial force on the active wheel is larger.
For this purpose, a non-ferrous metal thrust washer 15 is installed at the end of the
guide wheel, and a wear-resistant pourable resin chock 2 is installed between the
turbine hub and the housing.

The three-element integrated hydraulic torque converter is of simple structure,
reliable operation and stable performance, with the maximum efficiency up to 92%.
When it switches to a coupler, the efficiency of the high gear ratio zone can reach
96%. Therefore, it has been widely used in limousines, and gradually used in large
passenger cars, dump trucks and engineering vehicles.

2. Four-element integrated hydraulic torque converter

If some torque converters with large starting torque ratio use above three-element
integrated hydraulic torque converter, the efficiency decreases significantly in the
section between the maximum efficiency condition and the starting point of the
coupler condition. To avoid this disadvantage, the guide wheel can be divided into
two and mounted on separate OWC to form a four-element integrated hydraulic
torque converter.

Figure 10.7 is the schematic diagram of four-element integrated hydraulic torque
converter. When the turbine speed is low, the fluid flow at the outlet of the turbine
impacts on the concave surfaces of the two guide wheel blades in the direction shown
in v; in Fig. 10.7b. At this point, the OWCs of the two guide wheels are locked, the
guide wheels are fixed and work under the torque converter condition. When the
turbine speed increases to a certain extent and the fluid speed is v,, the impact force
of the fluid flow on the first guide wheel is reversed, and the first guide wheel rotates
in the same direction with the turbine due to the release of the OWC. At this point,
only the second guide wheel still plays the torque conversion role. When the turbine
speed continues to approach the impeller speed, i.e. the fluid speed v3, the second
guide wheel is also subject to the reverse impact force of the fluid and rotates in the
same direction as the turbine and the first guide wheel. Then the torque converter
fully switches to the coupler condition.

The characteristics of a four-element integrated hydraulic torque converter are a
combination of the characteristics of two torque converters and a coupler (Fig. 10.8).
In the section with the gear ratio 0—i;, two guide wheels are fixed, and the blades of
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the two guide wheels form a blade with a greater bending degree to ensure that a large
torque ratio can be obtained under the condition of low gear ratio. In the section with
the gear ratio i;—ig-, the first guide wheel is released and the guide wheel with small
blade bending degree in the torque converter works. At this time, a high efficiency
can be obtained. At the gear ratio ig-j, the torque converter is transferred to the
coupler condition and its efficiency is improved linearly.

3. Hydraulic torque converter with lockup clutch

Because of the speed difference and hydraulic loss between the turbine and the
impeller of the torque converter, the efficiency of the torque converter is not as high
as that of the mechanical transmission and the fuel economy of the vehicle using
the torque converter in normal driving is poor. The hydraulic torque converter with
lockup clutch (Fig. 10.9) can be used to improve the efficiency of the torque converter
at high gear ratio. The active part of the lockup clutch is composed of force transfer
plate and hydraulic cylinder piston (i.e. pressure plate), which rotate together with
the impeller; the driven part is the clutch driven plate mounted on the turbine hub
spline. After entering via the oil channel, the hydraulic oil pushes the piston to the
right and presses the driven plate and the lockup clutch is engaged. Then the impeller
and the turbine are connected and rotate as a whole and the torque converter does
not work. When the oil pressure is removed, the two are separated and the torque
converter returns to normal operation.

When the vehicle starts or drives on a bad road, the lockup clutch can be released
to make the torque converter work, in order to give full play to the advantage that the
hydrodynamic drive can automatically adapt to the dramatic change in the driving
resistance. When the vehicle is driving on a good road, the lockup clutch shall be
engaged so that the input shaft of the torque converter is rigidly connected with the
output shaft, i.e. direct mechanical drive. At this time, torque ratio K = 1 and torque
converter efficiency n = 1, so as to improve the driving speed and fuel economy of
the vehicle.

When the lockup clutch is engaged, the OWC is disengaged and the guide wheel
rotates freely in the fluid flow. If the OWC is canceled, when the impeller and turbine
rotate as a whole, the guide wheel will still be fixed, resulting in hydraulic loss
increase and efficiency reduction.

III. Characteristics of hydraulic torque converter

The torque ratio K, efficiency 1 and capacity factor Cp corresponding to the speed
ratio i are often used to represent the characteristics of the hydraulic torque converter,
as shown in Fig. 10.10.

Figure 10.10 can accurately represent the basic performance of a series of
hydraulic torque converters with different speeds, sizes and similar mechanical prop-
erties. The torque ratio curve K = f(i) reflects the increase of the turbine torque 77
relative to the impeller torque 7 'p at different speed ratios and also reflects the adap-
tivity of the torque converter to the external load change. The K value under two
conditions is used to evaluate the adaptability: stall torque ratio Ko when i = 0; and
speed ratio i,, when torque ratio K = 1 (speed ratio in coupler condition).
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Fig. 10.9 Hydraulic torque =
converter with lockup clutch 5

7 7

n = f(i) can represent the loss in power transmission and the concepts relating
to the economy. It is the most important performance that decides the structure
development and design theory improvement. There are two evaluation indexes:
maximum efficiency fmax, Nmax = n* for the single-phase torque converter and 7yax
= Nmaxm 10 the coupler condition for the integrated torque converter; and width of
high-efficiency range, namely, speed ratio range dp = ip>/ip; when the efficiency is
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Fig. 10.10 Characteristics of hydraulic torque converter

not lower than 80%. The two indexes are often contradictory. The cars often work
under high speed ratio, the greater nm.x, the better the economy, so the requirement
for nmax 1S more important than dp; off-road vehicles are on the contrary. In the
quantification, the probability distribution of the torque converter conditions shall
be studied first before an accurate conclusion is drawn. In recent years, the torque
converter can only work in the starting, acceleration, or bad road and is often in slip
condition or locking conditions (mechanical drive) in other cases, suggesting higher
pursuit of 7pax.

Cp = f(i) curve represents the transmitted torque at the corresponding input
speed and reflects its load performance. The large Cp value indicates that the torque
converter size and mass can be small when the same power is transmitted. The
permeability property T can be expressed as

T =Cpo/Cpru (10.1)

where,
Cpo, Cpy—capacity factor at zero speed and coupler operating point.

T reflects the influence of torque and speed changes of the turbine shaft on the
torque and speed changes of the impeller shaft, namely the permeability.
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Fig. 10.11 Design flow of modern design method for torque converter

IV. Design flow of hydraulic torque converter

With the development of the CAD and CFD technology, a large number of trial
production and test steps in the traditional design method can be realized by computer
simulation, thus greatly saving the design time and cost. Meanwhile, the advanced
blade design method makes the torque converter design and manufacture more accu-
rate. Based on this, a modern design method for the torque converter is proposed, and
its design flow is shown in Fig. 10.11, mainly including four steps: pre-design; blade
shape design; numerical simulation and analysis of internal flow field of hydraulic
torque converter, i.e. performance analysis; parameter adjustment.

The modern design theory of hydraulic torque converter is described based on the
four steps below.

10.2 Pre-design of Hydraulic Torque Converter

The main purpose of the pre-design is to preliminarily determine the size of the
circulation circle and the basic parameters such as the inlet and outlet angles of each
blade so as to create conditions for the three-dimensional blade forming design. The



384 10 Design of Hydraulic Torque Converter

pre-design process follows the experience, analogy and other methods of traditional
design methods, and the parameters determined in the pre-design only serve as the
initial conditions of blade forming design. In the subsequent design, these parameters
will be adjusted according to the predicted performance. Therefore, the quality of
theoretical pre-design will not affect the final design result, but accurate pre-design
will greatly simplify the parameter adjustment. For this reason, the beam theory of
energy head loss correction is proposed to improve the accuracy of the preliminary
prediction of the torque converter performance.

1. Circulation circle

Figure 10.12 shows the circulation circle and blade angle of a three-element two-
phase single-stage hydraulic torque converter. The shape of the circulation circle has
a great influence on the structure size of the torque converter and the manufacture of
active wheels. In order to meet the needs of the car FF layout scheme, the axial size
of the circulation circle is strictly controlled, so it has mostly changed from round
to flat. The circulation circle also develops from an arc to three arcs. An excellent
prototype, if available for reference in the design, may be zoomed in or out according
to the similarity principle to adapt to the optimum matching requirements of new
models. If new design is required, the required capacity factor Cp = Tp/n% according
to the engine characteristics, in which, Tp and np are the torque and speed of the
impeller respectively. Then the approximate value of effective diameter D is obtained

D =/Cp/k; (10.2)

where,
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Fig. 10.12 Three-element two-phase single-stage hydraulic torque converter
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k,——coefficient related to the torque converter shape, blade shape, liquid density
and speed ratio;

D—effective diameter (m), which is an important dimension of torque converter
and has important influence on the capacity factor, circulation circle and rubber
size (mm).

The passage shape shall ensure that the passage area S of the cross section along
the flow line is constant. If the impeller outlet radius Rp; is a characteristic radius, the
relative area s,, = Sn/R%Z, selected in the range of 0.70-0.90; in addition, considering
the installation requirements of the OWC, the relative characteristic radius rp; =
Rpa2/Rpy, r7p = Ryo/Rpy, with the value in the range of 0.5-0.65.

II. Parameters of hydraulic torque converter

For a high-performance hydraulic torque converter, the energy loss due to the
interaction between the blade and fluid flow shall be kept to a minimum.

1. No impact loss

No impact loss shall be realized in the calculation condition. According to the unitary
beam theory X H, = 0, the inlet and outlet fluid flow angles of the active wheels at
the non-impact inlet can be obtained. Sp, has narrow optimum range and is easy
to select or determine according to formula (10.4), so the following formula is a
function of the guide wheel outlet angle

p, cot Bp,
cot =|-——+— s
181’1 ( q SDz ) P1

1/ k r'p,
cot B, = [-( o 1) n M]sm (10.3)
q q p SD,

1/ k t
cot By, = |:_< L i*) N rp, CO ﬂD2i|ST]
q*\q*p Sp,

1 k tbp,
COtIBT2 = {—|: }\ (1 — K;k) —_ I‘Tzl.*i| + —ng co ’BD“ }ST2

q*Lrng*p r1,SD,

k,

rnq*p

(1-K7)+

cot Bp, = |:

D, cot ﬂDz :|SD
1

r,SD,

rm1 = Ru1/Rpa, Ty = Rip/Rp2, s = Sut/Rpy Swa = Sw/Rpy. g = QIR Wp. The
subscript n stands for impeller, P for turbine, D for guide wheel; g for relative flow
and i* for gear ratio. This dimensionless expression is convenient for study.

2. Minimum ventilation loss

Whenever there is fluid flow, there is ventilation loss. The optimum efficiency can
only be achieved by controlling the ventilation loss to a minimum. The ventilation
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loss mainly depends on the blade angle, flow rate and flow area. For given i* and
k,*, to achieve the maximum 7, *, i.e. maximum torque ratio k,*, the extreme value
conditions are

IKY dK§ —0 IKY _

d cot Bp, - ag*

© 9

Through simultaneous solution of the equation

Sng é:mP _ L Emp
q* gmp + ‘i:mD m* ‘i:mp + st

cot Bp, = (10.4)

where,

&,,»—turbine ventilation loss coefficient;
&..p—guide wheel ventilation loss coefficient.

The test shows that when m* = g*/s >0.35, the ventilation loss increases; when m*
<0.17, vortexes will appear in the blade, easily causing additional losses. Therefore,
the optimal range is 0.17 < m* < 0.35.

III. Beam theory of energy head loss correction
1. Basic beam theory

In the beam theory, when the hydraulic torque converter is constant, the action torque
and energy head of each active wheel are required. The key is to obtain the variation of
the circular flow under different working conditions of the hydraulic torque converter,
which can be obtained according to the energy balance equation of fluid flow

Hp—l—HT—Zh:O (10.5)

where,

Hp—theoretic energy head of impeller (m);
Hr—actual energy head of turbine (m);
> h—Total energy head loss (m).

From the Euler equation

UpaVpe — Up1Vpis

8

UraVroe — U V;
Hy = T2V7T20 T1VT16 (10.6)
8

Hp =

The subscript 6 indicates tangential.
In the beam theory, the energy head loss is divided into two basic losses to be
calculated. The first kind of loss is related to the relative velocity of the fluid flow
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and is proportional to the square of the flow, which is called friction loss. The second
kind of loss is related to the impact angle of the fluid flow and is proportional to the
square of the loss velocity, which is called impact loss.

The calculation formula of friction loss A, is

L W?
Rpe = A——— (10.7)
4R, 2g
where,
L—passage length (m);
Ry—hydraulic radius, ratio of flow area to wetted perimeter (m);
A—friction factor;
W-—relative speed (m/s).
The calculation formula of impact loss A,; is
(AV)?
hej = ¢y > (10.8)
8

where,

@,—impact loss coefficient;
Av—impact loss velocity (m/s).

The energy head and energy head loss are substituted into the energy balance
Eq. (10.5) to obtain the circular flow Q. Thus, the active wheel torque can be obtained
according to the following formulas

Tp = pQ(Vp2erps — Vpiorp1)
Tr = pOQ(Vragrr2 — Vrierri)
Ts = pQ(Vsersa — Vsiorsi) (10.9)

2. Energy head loss correction

(1) Friction loss: the shape of the circulation circle of the hydraulic torque converter
has a certain effect on the flow friction loss of the torque converter. However,
this factor cannot be considered since the friction loss formula in the straight
pipe is adopted for the friction loss calculation in the traditional beam theory.
Of course, the flow inside the torque converter is extremely complex three-
dimensional flow, and it is difficult to grasp these losses correctly. In this paper,
the friction loss equation of curved pipe with high reliability is used to simply
reflect the change of friction loss caused by the change of passage curvature.
The impeller passages are approximate to curved lines, taking impeller for
example, as shown in Fig. 10.13. The friction loss can be expressed as
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Df

A

W2
hpme = 6p—=— (10.10)
28

where, the friction loss coefficient ¢ p is determined by the Reynolds number R,,
curved pipe curvature radius R’, curved pipe central angle ¥ and curved pipe
diameter D’

0.9
= AyRe 2 L (10.11)
Sp = D .

where,

A—centrifugal passage correction factor.

The passage friction loss of the turbine and guide wheel is calculated in the same
method as the impeller. When the impeller passages are approximate to curved
lines, the curved line diameter may be determined by following the principle of
equal flow area, and the curved line curvature radius shall be selected to ensure
that the shape of the curved line is similar to the circulation circle.

Impact loss at the impeller inlet: the large influence of the flow separation of
the suction surface at the guide wheel outlet on the performance of the torque
converter can be reflected by the impact loss at the impeller inlet, so the impact
loss at the impeller inlet has been corrected in this paper. It is the key to calculate
the impact loss velocity in the impact loss formula (10.8). Figure 10.14 is the
calculation diagram of impact loss velocity at the impeller inlet. From the figure

(AV)? = ((v;;lm — Vo) (Vi — pr)z) (10.12)
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where,

Viim» Vppo—meridional velocity and tangential velocity of the fluid flow at
the impeller inlet without impact.

In the traditional beam theory, the first item on the right side of the equal sign
in the above equation—the difference of meridional velocity is ignored when
calculating the impact loss velocity. In fact, a change in the circular flow will
cause a big change in the item. To calculate the impact loss velocity, two compo-
nent velocities without impact shall be calculated first. Figure 10.15 shows the
velocity triangle at the impeller inlet and guide wheel outlet in case of no impact
at the impeller inlet.

The condition for the entry of the fluid at the impeller inlet without impact is

Bri = Brwv (10.13)

n .
15‘» Wg, )

YSam

= . .
v r':(! U P Up Wp

18
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a) Guide wheel outlet b) Impeller inlet

Fig. 10.15 Velocity triangle without impact
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The fluid at the guide wheel outlet is considered to follow the blade angle, then

By = Bsa (10.14)

According to the invariance principle of moment of momentum in the bladeless
region

V;20FS2 = V;wrPl (1015)
The following equation can be obtained from the velocity triangle

%
Wle

Pl — _ tan(B?%, (10.16)
Wle ( b )
Vi
S — _tan(B1,) (10.17)
VSZm
* * Q*
Wle = Vle = A_Pl (1018)
Vi, = AQ—” (10.19)

where,
Ap1, Asp—flow area at the impeller inlet and guide wheel outlet.

The subscript 6 indicates tangential and m indicates the projection onto the
meridian plane.

Through simultaneous Egs. (10.13)—(10.19), the component velocity of the fluid
entering the impeller without impact is

wprpytan(Bpiy)

* —
Vle T Ap rpi tan(Bpip) (1020)
Asz rsy tan(Bsa)
_ wprpi
VPIO T Aso rpr tan(Bsw) (10.21)

Apy rsy tan(Bpip)

The formulas (10.20), (10.21) and (10.12) are substituted into the impact loss
formula (10.8) to obtain the correction formula of the impact loss at the impeller
inlet.

Performance prediction comparison: for the W305 prototype torque converter,
the traditional beam theory and the energy head loss correction beam theory are
used for calculation respectively and compared with the test data. Figure 10.16
shows the performance prediction comparison.

Figure 10.16 shows that the energy head loss correction beam theory greatly
improves the performance prediction accuracy of the efficiency and torque ratio,
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Fig. 10.16 Performance prediction comparison

the maximum relative error of the efficiency reduces from 9.35 to 2.44% and
of the torque ratio reduces from 19.55 to 3.09%; with respect to the impeller
capacity coefficient, the energy head loss correction beam theory does not
change obviously.

Accurate one-dimensional performance prediction makes the pre-design
process faster and more efficient. Although the numerical calculation of 3D fluid
field can obtain enough accurate prediction performance, the one-dimensional
method is still widely used in practical design because of its simple parame-
ters and fast calculation. In practical applications, the one-dimensional method
is mainly used to determine basic blade shape parameters such as inlet and
outlet angles in the pre-design process. On this basis, more powerful tools and
methods such as 3D flow field analysis and 3D blade forming are needed to
obtain accurate and better design results.

10.3 Blade Shape Design

The blade shape design of hydraulic torque converter is carried out after the basic
parameters such as circulation circle size and inlet and outlet angles of each blade
are obtained. In the modern design method, these basic parameters are preliminarily
determined by the pre-design process and further adjusted during the torque converter
design process. The torque converter blade angle determined by the model change
is shown in Table 10.1.

Table 10.1 Torque converter blade angle

Impeller blade Turbine blade Guide wheel blade

Inlet

angle Outlet angle Inlet angle Outlet angle Inlet angle Outlet angle

133°

90° 46° 152° 93° 20°
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The blade shape is a key factor that affects the performance of torque converter.
Traditional design methods rely more on experience, and the design of blade shape by
hand drawing is complicated and of low precision. With the development of modern
processing technology, blade forming can be carried out directly according to the
3D model, thus accurately ensuring the spatial shape of the blade. The blade shape
design method in this chapter may directly generate the 3D model of the blade finally.

I. Unequal distribution of moment of momentum
(D Equal distribution of moment of momentum

The equal distribution of moment of momentum is the traditional circulation distri-
bution method, whose theoretical basis is beam theory. It is considered that under the
selected design speed ratio, for every increase of the same arc length in the center
line of flow path on the circulation circle plane, the same moment of momentum
shall be increased along the center line of flow path of the blade, so as to ensure a
good flow condition in the passage. For each component of the torque converter, the
torque formula can be written as

T=p-Q-(Vagry — Vigry) (10.22)

where,

Q—-=circular flow (L/s);
vp—tangential component of the absolute velocity (m/s), with the formula as

vy = U + W, cot B (10.23)

As shown in Fig. 10.17, equal distribution of moment of momentum is equal
distribution of (vy97y — vigry) along the center line of flow path to ensure that the
increment of moment of momentum at each point is equal, so as to determine the
spatial coordinates of each point. The specific steps are as follows:

(1) The center line of flow path is equally divided on the circulation circle plane and
the element lines perpendicular to the center line of flow path are plotted through
the equipartition points. The more equipartition points, the more accurate
description of the blade shape.

(2) Calculate in the change in the moment of momentum at the inlet and outlet and
calculate the corresponding moment of momentum at each equipartition point
according to the incremental equality principle.

(3) Calculate the corresponding angle § at each equipartition point according to the
formula (10.23).

(4) Determine the angles of the corresponding points on the inner and outer rings.
According to the inverse potential flow theory, the velocity distribution law of
the fluid flow on the cross section of passage can be described as
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cotBc cotB  cotp,
= = d (10.24)

&)

(©)

re r Is

where, the subscripts ¢ and s represent the inner and outer rings respectively. The
corresponding angle at each point on the inner and outer rings can be calculated
according to the formula (10.24).

Determine the blade shape according to the inner and outer ring radius and
offset. The calculation formula of the offset x; on any blade element line is as

follows
) (10.25)

e—arc length between two adjacent points on the designed flow line;
fo—included angle between the axial plane of the starting point of the
element line and the radial reference plane;

ry—radius at which the element line intersects the designed flow line.

k
cot p;
xk=rksin<90+ze '3

r
i=0 !

where,

The subscript k is the serial number of the element line. Figure 10.17 illustrates
this space geometry relation by taking the inner ring of the turbine as an example.
Blade thickening. The basic principle of thickening is to make the blade surface
smooth and make the flow area change gently.
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(I) Unequal distribution of moment of momentum

The distribution law of moment of momentum actually determines the blade shape.
Therefore, although the basic parameters such as the inlet and outlet angles of the
blade are the same, different blade shapes will be generated by adopting different
distribution methods, which will lead to changes in the overall performance of the
torque converter. Based on this idea, the unequal distribution method proposed in this
paper studies the distribution law of moment of momentum along the string direc-
tion. In order to study the influence of the distribution law of moment of momentum
of each impeller on the torque converter performance, in this paper, the distribution
law of moment of momentum of the impeller, turbine and guide wheel is changed
respectively with the basic type of the torque converter designed by the equal distri-
bution of moment of momentum, provided that other parameters are unchanged, so
as to study its influence on the overall performance of the torque converter.

1. Impeller

The following dimensionless normalized moment of momentum (vy7)* is defined
for the impeller

Vor — V.
(Vory* = — = — 1071 (10.26)
Vagry — Vigry

In order to analyze the influence of different distribution laws of moment of
momentum on the torque converter performance, three special cases are selected in
this paper for comparison. Figure 10.18a shows the comparison of three distribu-
tion laws of moment of momentum of the impeller. Among them, the impeller 2 is
the traditional equal distribution scheme of moment of momentum; the moment of
momentum of the first half of the impeller 1 changes greatly, indicating that this part
of blade bears a large torque, so it is defined as the front loading scheme; similarly,
the impeller 3 is defined as the rear loading scheme. To ensure the consistency of
blade inlet and outlet angles, the variation law near the inlet and outlet is kept consis-
tent when the distribution law of moment of momentum is changed (section AB and
section CD in Fig. 10.18a). The same treatment method is adopted for the study of
turbine and guide wheel subsequently.

The comparison of the torque converter efficiency, impeller capacity coefficient
and torque ratio of three impellers is shown in Fig. 10.18b, ¢ and d. As can be
seen from the figures, impeller 3 has the highest maximum efficiency for the corre-
sponding torque converter, impeller 1 is not far from impeller 3, and impeller 2 has
the lowest maximum efficiency for the corresponding torque converter; the corre-
sponding torque converter of impeller 1 has the maximum impeller capacity coeffi-
cient and starting torque ratio and of impeller 2 has the minimum impeller capacity
coefficient and starting torque ratio.

It can be seen that the equal distribution of moment of momentum for the impeller
is unfavorable to the efficiency and torque ratio performance of the torque converter,
but it can obtain a small impeller capacity coefficient, which means that it can
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Fig. 10.18 Study on the distribution law of moment of momentum of impeller

match a motor with greater torque; the front loading scheme can be used to achieve
higher maximum efficiency, starting torque ratio and large impeller capacity coef-
ficient; while the rear loading scheme can be used to achieve maximum efficiency
performance.

2. Turbine

The following dimensionless normalized moment of momentum (vyr)* is defined
for the turbine

VQV — Vzgrz

(Vor)* = (10.27)

Vigr1 — Vagrs

Figure 10.19a shows the comparison of distribution law of moment of momentum
of three turbines. Turbine 2 is the traditional equal distribution scheme of moment
of momentum; the moment of momentum of the first half of the turbine 3 changes
greatly, which is defined as the front loading scheme; the turbine 1 is defined as the
rear loading scheme.

Figure 10.19b, ¢ and d show the comparison of the torque converter efficiency,
capacity coefficient and torque ratio of three turbines respectively. As can be seen
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Fig. 10.19 Study on the distribution law of moment of momentum of turbine

from the figures, turbine 3 has the highest maximum efficiency for the corresponding
torque converter, turbine 2 is not far from turbine 3 and turbine 1 has the lowest
maximum efficiency for the corresponding torque converter; turbine 3 has the largest
impeller capacity coefficient in the starting condition for the corresponding torque
converter, turbine 2 is not far from turbine 3 and turbine 1 has the smallest impeller
capacity coefficient, but after the high speed ratio is reached, the impeller capacity
coefficient of the corresponding torque converter of turbine 1 is greater than that
of turbine 2 and turbine 3; the corresponding torque converter of turbine 1 has the
largest torque ratio in the starting condition and of turbine 3 has the smallest torque
ratio.

It can be seen that the front loading scheme of turbine can be used to achieve
the maximum efficiency performance, but the lowest starting torque ratio; the equal
distribution scheme of moment of momentum can be used to achieve high effi-
ciency performance and starting torque ratio; the rear loading scheme may be used
to reduce the impeller capacity coefficient in the starting condition, but the efficiency
performance also decreases obviously.
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3. Guide wheel

The following dimensionless normalized moment of momentum (vy7)* is defined
for the guide wheel:

V@V —_ V]@Vl
Vor) = ——mM8M —— 10.28
(Ver) Vagry — Vigry ( )

Figure 10.20a is the shows the comparison of distribution law of moment of
momentum of three guide wheels. Guide wheel 2 is the traditional equal distribution
scheme of moment of momentum; the moment of momentum of the first half of the
guide wheel 1 changes greatly, which is defined as the front loading scheme; the
guide wheel 3 is defined as the rear loading scheme. Figure 10.19b, c and d show
the comparison of the torque converter efficiency, impeller capacity coefficient and
torque ratio of three guide wheels respectively. As can be seen from the figures, guide
wheel 1 has the highest maximum efficiency for the corresponding torque converter,
guide wheel 3 is not far from guide wheel 1 and guide wheel 2 has the lowest
maximum efficiency for the corresponding torque converter; guide wheel 1 has the
largest impeller capacity coefficient in the starting condition for the corresponding
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Fig. 10.20 Study on the distribution law of moment of momentum of guide wheel
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torque converter, and guide wheel 3 has the smallest impeller capacity coefficient;
the corresponding torque converter of guide wheel 3 has the largest starting torque
ratio and of guide wheel 2 has the smallest starting torque ratio.

The front loading scheme can be used for the guide wheel to achieve maximum
efficiency performance and largest impeller capacity coefficient; when the equal
distribution scheme of moment of momentum is used, the efficiency performance and
torque ratio are low; the rear loading scheme can be used to achieve high efficiency
performance, largest starting torque ratio and low impeller capacity coefficient in
starting condition.

4. Conclusion

The above comparative analysis shows that different distribution laws of moment of
momentum have great influence on the torque converter performance. According to
the three special distribution laws studied, the following conclusions can be drawn:

(1) Toimprove the efficiency performance, the rear loading scheme can be used for
the impeller, front loading scheme for the turbine and guide wheel.

(2) To reduce the impeller capacity coefficient, the equal distribution scheme of
moment of momentum can be used for the impeller, rear loading scheme for the
turbine and guide wheel.

(3) To increase the starting torque ratio, the front loading scheme can be used for
the impeller, rear loading scheme for the turbine and guide wheel.

It should be pointed out that, because the performance of the hydraulic torque
converter is affected by the interaction between various components, it is not enough
to compare different schemes of a single impeller to obtain the optimal torque
converter performance in actual design and a variety of combining schemes must
be comprehensively studied. It’s a lot of work. With the further development of theo-
retical and experimental research, the research on unequal distribution of moment
of momentum will be more perfect. The conclusions obtained in this section have
important guiding significance for this blade shape design method.

Compared with the following 3D forming method, the advantage of the unequal
distribution of moment of momentum is that the parameter change law adopted in
the design is of some physical meaning, while the 3D forming method is only based
on the pure geometric structure relation. However, in practical application, unequal
distribution of moment of momentum is also faced with the problem of unreasonable
distortion of blade when the blade shape is generated directly, while 3D forming
method is more intuitive and reliable.

II. 3D forming method
() Geometrical principle

The blades of the hydraulic torque converter active wheels are generally spatially
twisted, so in the blade shape design, the blade parameters such as real length, thick-
ness and angle shall be correctly described first. The 3D forming method proposed in
this paper mainly realizes the definition of blade shape through two transformations:
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Fig. 10.21 Description of
blade shape space
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The blade is segmented by using parallel span surfaces, so that the description
of spatial blade shape can be realized by describing the blade section shape
on each span surface, thus transforming the spatial curved surface into spatial
curves. For example, in Fig. 10.21, the blade is segmented by five span surfaces
(0, 1/4, 2/4, 3/4, 1), and the blade shape can be determined by the blade profile
on each span surface.

By using the method of isoclinic projection on multiple cylinders, the blade
profile on the span surface is transformed into planar blade shape, thus trans-
forming the spatial curve into a plane curve. The evolute obtained by isoclinic
projection can keep the same length and inclination angle with the original curve
Fig. 10.22 shows the isoclinic projection of the blade spine on the span surface
0. The isoclinic projection is also used in the traditional blade design method,
but it mainly considers the inlet and outlet angles. The middle change process
is manually plotted relying largely on the experience and the design process is
tedious and of low precision. By defining the blade angle and thickness at each
point on the blade spine, the three-dimensional coordinates of the blade surface
points can be directly generated in the 3D forming method according to the
space geometry relation, and then the 3D model of the blade is generated, not
only ensuring the accuracy of the spatial blade shape and making parameterized
definition and study on the blade shape.



400

Span surface

0

10 Design of Hydraulic Torque Converter

5?".'54
3, /: =
sy + /// - =
-2 0 ony
2 ~
3 T P
A n3
ém2 // A
2 bAL
7 om
¥ //
6m| Fd
1 Yy /Al r
;/’ 4
a any rs
0
ms
ro 7 65
w
8.
0
Z X
Ps
i
7 Lom
e, 4 By 5
/// &ng e”
71 (o)
d 08
// ‘/511'4‘!’
i ~omy
£ i "52
A 5?]’3 er
; // Z MSm
b A% 2
A m b
= Nom,
{ a2
s a’

w X

Fig. 10.22 Isoclinic projection on multiple cylinders



10.3 Blade Shape Design 401

As shown in Fig. 10.22, the location parameters of the points on the blade spine
are as follows:

X, y, z—coordinate values of X, Y and Z axes;

r—radius;

f6—rotation angle around Z axis from the X axis to the Y axis;

B—blade angle;

m—distance along the meridian curve;

s—percentage of distance along the curve (0 < s < 1, 0 at the inlet and 1 at the
outlet);

c—real 3D length of curve.

The geometrical relationship among the parameters is as follows

8m = 5,8, + 8Z51

8e = /8,8, + 8,8, + 8.5, ¢ = ;f)Scds

56
B =90° — atan( - r) (10.29)
m

Thus, after the division of the span surfaces, the shape of the blade spine can be
determined by the angle parameter 6. When the blade is thickened, the corresponding
point can be shifted by 1/2 of the thickness along the vertical direction of the spine.
When processing the front and rear edges of the blade, it is also necessary to define
the fillet radius to obtain reasonable blade shape. After obtaining the blade shape of
each span surface, they are connected through the ruled surfaces to generate the 3D
model of the blade shape.

(Il) Design process

The specific design flow of 3D forming method is shown in Fig. 10.23. In general,
it is sufficient to divide two or three span surfaces to determine blade shape, that is,
to determine the distribution law of blade shape angle and thickness in the inner and
outer rings or on the increased middle span surface.

In the design of the blade angle law, 6 curve is the most basic definition of
spatial position, but the blade angle § is a better indicator of the relationship with
the performance in the blade design. Therefore, it is more intuitive and effective to
describe the angle law of the blade shape using the blade angle. After the design
of reasonable blade angle change law, the shape of the blade on the span surface is
determined and the inclination angle of the spanwise blade can be adjusted by overall
shift of the 6 curve. The blade angle curve shall be kept gentle to ensure smooth blade
shape.

The thickness distribution law mainly follows the principle of ensuring that the
flow area is as consistent as possible. In the design, the statistical data of the torque
converter blade thickness distribution can be used, or some mature blade thickness
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Fig. 10.23 Design flow of 3D forming method

distribution laws can be used, such as NACA series and Joukowski blade shape. The
actual design shall be adjusted in detail according to the needs.

(IIT) Study on blade shape parameters

The basic angle parameters of the torque converter as the research object are shown
in Table 10.1. In order to ensure that the basic angle parameters of the blade remain
unchanged, three span surfaces are divided to define the blade shape, so the blade
shape angle parameters on the middle span surface can be directly controlled. In
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Fig. 10.24 Impeller blade parameters

order to prevent the distortion of blade shape, the change law of blade angle on the
inner and outer rings is designed to be consistent with that on the middle span surface.
When the change law of blade angle is described subsequently, only the change law
of blade angle on the middle span surface is given.

1. Impeller

Three impellers used for comparative study adopt the same thickness change law.
As shown in Fig. 10.24a, the chord length of the blade on the outer ring (i.e. span
surface 1/2) is longer, and the maximum thickness is larger, about 4.3 mm; the blade
on the inner ring (i.e. span surface 1) is relatively thin, with a maximum thickness
of 3 mm, and the thickness distribution law of the whole blade remains consistent.
For easy analysis, three special schemes are adopted for the blade angle change laws
of three impellers, as shown in Fig. 10.25b, in which, the impeller B is linear and
the basic form of comparative study. By integrating the blade angle from the inlet
to the outlet along the chord direction, the angular displacement of the blade outlet
edge relative to the inlet edge can be obtained. The three schemes in Fig. 10.25b can
ensure that the relative angular displacement of blade inlet and outlet is the same, so
that the performance comparison is only affected by blade shape.

The blade shapes of the three impellers are shown in Fig. 10.25a. The three
impellers are respectively combined with the same turbines and guide wheels to
form three torque converters. The blade angle change laws of the matched turbines
and guide wheels are of linear type. The same method is also used for the compar-
ative study on the turbine and guide wheel. The comparison of the efficiency,
impeller capacity coefficient and torque ratio of three torque converters is shown
in Fig. 10.25b, c and d.

As can be seen from the figures, in terms of the efficiency performance, the
corresponding torque converter of the impeller C has the highest maximum efficiency
and of the impeller A has the lowest maximum efficiency, but the change in maximum
efficiency is small; the comparison of the impeller capacity coefficient K shows
that the corresponding torque converter of the impeller C has the smallest impeller
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Fig. 10.25 Study on the impeller blade angle change law

capacity coefficient and of the impeller A has the largest; in terms of the torque ratio,
the corresponding torque converter of the impeller A has the maximum starting
torque ratio and of impeller C has the minimum starting torque ratio.

It can seen that the blade angle change law (e.g. impeller C) of gentle change at the
front and rear edges and dramatic change in the middle may be used for the impeller
to achieve high efficiency performance and small impeller capacity coefficient; the
blade angle change law (e.g. impeller A) of dramatic change at the front and rear
edges and gentle change in the middle may be used for the impeller to achieve large
starting torque ratio and large impeller capacity coefficient; the blade angle change
law is linear impeller, with the performance between the above two impellers.

2. Turbine

Three turbines adopt the same thickness change law, as shown in Fig. 10.26a. The
maximum thickness of the blade shape on the outer ring (i.e. span surface 0) is
about 8 mm and on the inner ring (i.e. span surface 1) is about 4 mm and the thick-
ness distribution law of the whole blade remains consistent. Similar to the impeller,
three special schemes are adopted for the blade angle change laws of three turbines,
as shown in Fig. 10.26b, in which, the turbine B is linear and the basic form of
comparative study.
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Fig. 10.26 Turbine blade parameters

The blade shapes of the three turbines are shown in Fig. 10.27a. The three turbines
are respectively combined with the same impellers and guide wheels to form three
torque converters, with the comparison of the efficiency, impeller capacity coefficient
and torque ratio shown in Fig. 10.27b, ¢ and d.
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Fig. 10.27 Study on the turbine blade angle change law
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In terms of the efficiency performance, the corresponding torque converter of the
turbines C and B has the highest maximum efficiency, of the turbine B has higher
efficiency than turbine C under the condition approaching the high efficiency point
and of the turbine A has the lowest maximum efficiency; the comparison of the
impeller capacity coefficient K shows that the corresponding torque converter of
the turbine C has the largest impeller capacity coefficient and of the turbine A has
the smallest; in terms of the torque ratio, the corresponding torque converter of the
turbine C has the maximum starting torque ratio, of the turbine B has little difference
in the starting torque ratio and of turbine A has the minimum starting torque ratio.

It can be seen from the above analysis that the blade angle change law (e.g. turbine
C) of gentle change at the front and rear edges and dramatic change in the middle
or the linear blade angle change law (e.g. turbine B) may be used for the turbine
to achieve high efficiency performance and guarantee large starting torque ratio, the
former of which has large impeller capacity coefficient; the blade angle change law
(e.g. Turbine A) of dramatic change at the front and rear edges and gentle change
in the middle may be used to achieve small impeller capacity coefficient and small
starting torque ratio.

3. Guide wheel

Three guide wheels adopt the same thickness change law, as shown in Fig. 10.28a.
The maximum thickness of the blade shape on the outer ring is about 6 mm and on
the inner ring is about 5.4 mm and the thickness distribution law of the whole blade
remains consistent. Similar to the impeller, three special schemes are adopted for the
blade angle change laws of three guide wheels, as shown in Fig. 10.28b, in which,
the guide wheel B is linear and the basic form of comparative study.

The blade shapes of the three guide wheels are shown in Fig. 10.29a. The three
guide wheels are respectively combined with the same impellers and turbines to
form three torque converters, with the comparison of the efficiency, impeller capacity
coefficient and torque ratio shown in Fig. 10.29b, ¢ and d.
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Fig. 10.28 Guide wheel blade parameters
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Fig. 10.29 Study on the guide wheel blade angle change law. SR—speed ratio

In terms of the efficiency performance, the corresponding torque converter of
the guide wheel B has the highest maximum efficiency and of the guide wheel C
has the lowest; the comparison of the impeller capacity coefficient K shows that the
corresponding torque converter of the guide wheel C has the largest impeller capacity
coefficient and of the guide wheel A has the smallest; in terms of the torque ratio,
the corresponding torque converter of the guide wheel C has the maximum starting
torque ratio, of the guide wheel B has little difference in the starting torque ratio and
of guide wheel A has the minimum starting torque ratio.

It can be seen from the above analysis that the linear blade angle change law
(e.g. guide wheel B) may be used for the guide wheel to achieve high efficiency
performance; the blade angle change law (e.g. guide wheel A) of dramatic change
at the front and rear edges and gentle change in the middle may be used to achieve
small impeller capacity coefficient and small starting torque ratio; the blade angle
change law (e.g. guide wheel C) of gentle change at the front and rear edges and
dramatic change in the middle may be used to achieve large starting torque ratio.
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4. Conclusion

(1) Toimprove the maximum efficiency of the torque converter, the options include:
blade angle change law of gentle change at the front and rear edges and dramatic
change in the middle for the impeller; blade angle change law of gentle change
at the front and rear edges and dramatic change in the middle for the turbine;
linear blade angle change law for the guide wheel. However, in general, it is not
obvious to adjust the torque converter efficiency by changing the blade angle
change law, and the more effective method is still to change the basic parameters
such as blade inlet and outlet angles.

(2) To reduce the impeller capacity coefficient, the options include: blade angle
change law of gentle change at the front and rear edges and dramatic change
in the middle for the impeller; blade angle change law; blade angle change law
of dramatic change at the front and rear edges and gentle change in the middle
for the turbine; blade angle change law of dramatic change at the front and rear
edges and gentle change in the middle for the guide wheel. By comparison, the
guide wheel blade angle change law has the largest influence on the impeller
capacity coefficient. Under the starting condition, the maximum change of the
impeller capacity coefficient Ko may be close to 20 r/min N~ m~"2_ while
the impeller and turbine have relatively small influence. Therefore, the impeller
capacity coefficient can be adjusted in a large range by changing the guide wheel
blade angle change law. This method is easier to ensure the stability of other
performance parameters than the more used impeller outlet tip bending method.

(3) To increase the starting torque ratio, the options include: blade angle change
law of dramatic change at the front and rear edges and gentle change in the
middle for the impeller; blade angle change law; blade angle change law of
gentle change at the front and rear edges and dramatic change in the middle for
the turbine; blade angle change law of gentle change at the front and rear edges
and dramatic change in the middle for the guide wheel.

Based on the above conclusions and taking into account the requirements of
the torque converter design specification comprehensively, the W30 prototype is
modified in this paper, and the blade shape parameter change law discussed above is
partially adjusted to finally obtain the torque converter performance that meets the
requirements.

The blade angle change laws subject to comparative study in this section are only
several special cases and the thickness change law only follows the empirical data.
In the actual design, the optimal change law shall be sought according to specific
design objectives. Since the change law of blade parameters may be of any shape
and the impellers interact with each other, it will be a lot of long-term work to study
the influence of blade parameters on the torque converter performance in detail.
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10.4 Numerical Simulation and Analysis of Internal Flow
Field of Hydraulic Torque Converter

The hydraulic torque converter is a multi-stage steam turbine with closed flow
passage, and its internal flow is complex three-dimensional viscous flow. Its flow
field characteristics cannot be obtained accurately by traditional research methods.
With the development of computational fluid mechanics (CFD) and computer soft-
ware and hardware technology, the research on the internal flow field of hydraulic
torque converter is becoming deeper and deeper. In this paper, the general fluid
analysis software STAR-CD is used to conduct numerical simulation of the internal
flow field of the hydraulic torque converter, which lays a foundation for the detailed
analysis of the internal flow field characteristics of the hydraulic torque converter.

I. Internal flow field model of hydraulic torque converter
(I) Basic assumptions

The flow of working media in the hydraulic torque converter is very complex. In
this paper, the internal flow field of hydraulic torque converter is analyzed with the
following assumptions:

(1) According to the requirements for the hydrodynamic drive oil in the SAE stan-
dard, its density and viscosity change very little during the working process,
which can be assumed to be constant, as p = 890 kg/m? and p = 0.00425 N
s/m? respectively, meaning that the working medium in the hydraulic torque
converter is typical incompressible viscous fluid.

(2) During normal operation, the temperature of the working medium in the
hydraulic torque converter does not change much. In this paper, the influence
of temperature is ignored, and only the velocity and pressure distribution of the
flow field is studied.

(3) The torque converter is cast. All components can be considered as absolute
rigid bodies. That is, the impeller, turbine and guide wheel have no relative
displacement in the working process, and the inner, outer rings and blades are
not deformed.

(4) In general, the flow of cooling oil is less than 0.2% of the circular flow, and
the fluid leakage between the impellers is also very small compared with the
circular flow, so it can be ignored.

(5) Under the same working condition, the flow field characteristics of each passage
in the same impeller are the same. This assumption has two implications: peri-
odic symmetry in space, which makes it possible to analyze only one passage
when studying the flow field; steady state in time, that is, under the same working
condition, regardless of the relative position of the impellers, the flow field
characteristics of the same impeller are unchanged.
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Fig. 10.30 Selection of
calculation region

(II) Geometric model

The space between the inner ring, outer ring and blade of the three impellers, together
with the bladeless region between the impellers, constitutes the working passage of
the hydraulic torque converter. According to above assumption (5), only one passage
space shall be selected for each impeller as the calculation region for analysis. The
calculation region includes the passage part within the blade, and a short section of
bladeless region before the blade inlet edge and after the blade outlet edge.

The selection scheme of the calculation region is illustrated with the impeller as an
example below: the passage is divided at the middle position near the adjacent blades.
The passage space, which is cut by two periodic symmetric surfaces, completely
contains the blade area, as shown in the part between surfaces C and D in Fig. 10.30.
Here, the difference of angular displacement between surfaces C and D shall be
equal to the difference of angular displacement between adjacent blades, namely
27t/N, where N is the number of blades of the impeller. For different impellers, there
is no restriction on the relative position of surfaces C and D.

In this paper, the passage model is established for calculation by using the above
scheme.

(IIT) Mesh model

In this paper, hexahedral elements are used to divide the mesh, which can ensure
good convergence of numerical simulation. In order to make full use of computer
memory resources, the mesh distribution is often uneven in the numerical calculation
of practical engineering problems. In the regions where the expected change in the
solved variables is more dramatic, the mesh distribution should be dense, while in
the regions with gentle changes, the mesh distribution should be relatively sparse
At this point, in order to ensure the calculation convergence and the accuracy of the
calculation results, two issues should be noted: first, the width of each element in
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Fig. 10.31 Mesh model of calculation region

different directions should be kept in proper proportion; second, the change in the
width of adjacent elements in the same coordinate direction should be kept within
the appropriate range. Figure 10.31 shows the mesh model of calculation region.

(IV) Boundary conditions

There are three types of different boundary surfaces in the calculation region: blade
surface, inner and outer ring surfaces; inlet and outlet surfaces; passage partition
surfaces.

1. Wall boundary conditions

The blade surface, inner and outer ring surfaces are non-deformable solid walls.
Therefore, these surfaces are set as non-slip wall boundaries relative to the interior
meshes. Meanwhile, the influence of the surface roughness is ignored, and these solid
walls are considered to be hydraulically smooth, and their surface roughness will not
affect the flow conditions inside the flow field. STAR-CD provides two methods for
the treatment of the near-wall flow field:

(1) In the two-layer model and low Reynolds number model, the conditions are
directly added to the boundary layer to obtain the boundary layer distribution
by solving the mass, momentum and turbulence equations, with the mesh model
as shown in Fig. 10.32a. In this method, the near-wall region is treated in much
the same way as the internal flow region except that non-slip conditions are
applied to the surface of the boundary element. In addition, at a certain distance
from the wall, there is a transformation from a high Reynolds number model
to a low Reynolds number model (“the transformation position of two models”
in the figure). Generally speaking, the transformation position varies along the
wall. In Fig. 10.32, the mesh grid in the near-wall layer (NWL) is required to
be high and its thickness must be sufficient to contain the actual near-wall flow
region. However, the actual near-wall flow thickness is unknown, the number
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of element layers in NWL needs to be adjusted several times in order to solve
the reasonable distribution of velocity and other parameters.

In the wall function method, special algebraic equations are used to describe the
distribution of velocity, temperature and turbulence parameters in the boundary
layer. These algebraic equations are called wall functions, with the mesh model
shown in Fig. 10.32b. The main assumptions on which the wall functions are
based are as follows: the changes in the velocity and other parameters mainly
exist in the direction perpendicular to the wall; the influence of the pressure
gradient and mass force is considered to be very small; the direction of shear
stress on the layer is parallel to the velocity vector; there is a balance between the
generation and dissipation of turbulent energy. The wall function method can
save memory and calculation time and is widely used in engineering turbulence
calculation. The wall function method is used in the standard k — & model.

Mixing plane theory

The mixing plane theory is used in this paper for unified calculation of different
rotation speeds of the components in the hydraulic torque converter. The mixing
plane theory is a treatment method proposed by Denton to calculate the multistage
turbomachinery. In practical problems, the sliding interface between components
changes with time. When the mixing plane is used instead of the sliding interface,
the steady state calculation can be carried out by eliminating the time-variation by
means of circumferential averaging.



10.4 Numerical Simulation and Analysis of Internal Flow Field ... 413

Fig. 10.33 Schematic Mixing plane
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Figure 10.33 is the schematic diagram of typical mixing plane, with the upstream
and downstream belonging to different components. The upstream outlet surface has
pressure boundary conditions, while the downstream inlet surface has inlet boundary
conditions. The velocity calculated on the upstream outlet surface is distributed in
the circumferential direction of the same radius for area averaging, and the value
obtained is taken as the downstream inlet boundary condition. Similarly, the pres-
sure calculated on the downstream inlet surface is distributed in the circumferential
direction of the same radius for area averaging, and the value obtained is taken as
the upstream pressure boundary condition. It is iterated in this way in the calculation
process until convergence.

According to the mixing plane theory, the boundary settings for the inlet and outlet
surfaces of each component are shown in Fig. 10.34, in which, Inlet represents the
inlet boundary condition, and Pressure represents the pressure boundary condition.
A lot of applications show that the numerical simulation of the hydraulic torque

Fig. 10.34 Mixing plane

. Pressure boundary
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ondition (Pressure)

Pressure boundary Inlet boundary
condition (Pressure) condition (Inlet)

Pressure boundary

Inlet boundary condition (Pressure)

condition (Inlet)
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converter using the mixing plane theory has sufficient precision for both external
characteristic parameters and internal flow field characteristics.

3. Periodic boundary condition

The passage partition surfaces are periodic symmetric and the included angle between
two adjacent passage partition surfaces is equal to that between two adjacent blades.
According to the assumptions made in the flow field, the flow field characteristics
of the two surfaces are completely consistent, so the passage partition surface is
set as the periodic boundary condition. The scalar values (such as pressure and
temperature) are equal at points corresponding to periodic boundary, and vector
values (such as velocity) are equal but shall be rotated to ensure that they are in the
same direction relative to their respective boundaries. The specific implementation
of periodic boundary condition in numerical calculation is to add an equation that
limits periodic symmetry to the discrete equation set for solving the whole flow field
space.

II. Numerical calculation of internal flow field of hydraulic torque converter
(D Calculation steps

The numerical calculation of flow field is generally divided into three parts: prepro-
cessing, solver calculation and post-processing, as shown in Fig. 10.35. The solver
calculation belongs to the internal processing of the fluid analysis software, while the
preprocessing and post-processing are the main work in the numerical calculation
of flow field. In the numerical calculation of internal flow field of hydraulic torque
converter, the preprocessing mainly includes the geometric modeling, the division
of mesh model, the setting of boundary conditions and the calculation of initial flow
field. The preprocessing has an important influence on the convergence and accu-
racy of numerical calculation. The post-processing refers to the further analysis of
the numerical calculation results to obtain an in-depth understanding of the flow field
and torque converter performance. In this paper, such wok is mainly completed in
the preprocessor and postprocessor PROSTAR of STAR-CD.

A reasonable initial flow field can improve the convergence rate and accuracy
of numerical calculation. In the flow field calculation of torque converter, the main

Geometric Division of mesh iemriig of Calculation of
modeling model O initial flow field
conditions

A

Flow field

analysis

UONE[NI[LD IOA[OS

Post-processing

Preprocessing T

Fig. 10.35 Numerical calculation process
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methods to obtain the initial flow field are as follows: the flow field calculated with
at an assumed circulation velocity is taken as the initial flow field; the flow field
after calculation of certain steps with the laminar flow model is taken as the initial
flow field; the flow field calculated with adjacent speed ratio conditions is taken as
the initial flow field. The above method is applied to the calculation in this paper,
with the steps as follows: the medium speed ratio condition (speed ratio 0.4) is taken
as the first calculation condition. When the condition is calculated, the initial flow
field is obtained by assuming the circulation velocity and then subject to numerical
solution. If it is convergent, other conditions may be calculated; if it is divergent, the
initial flow field may be unreasonable and the flow field after calculation of certain
steps (e.g. 50 steps) with the laminar flow model may be taken as the initial flow
field, and then a turbulence model is set for solving again until convergence; after
the medium speed ratio condition is calculated, the result is taken as the initial flow
field to calculate the adjacent speed ratio conditions (speed ratio 0.3 and 0.5). By
analogy, all operating points can be calculated.

(IT) Convergence criteria

The numerical calculation of flow field is the process of solving a system of linear
equations iteratively. When certain convergence criteria are met, it can be considered
that the numerical solution is close enough to the exact solution to stop the iterative
process. In steady-state iterative calculation, when the number of iterations is k, the
residual r’(; on a specific element is the imbalance caused by incomplete calculation
in the discrete control equation, i.e.

rh=agh =Y g —b (10.30)

o, o; and b are coefficients associated with flux, ¢ represents flux and superscript k
represents the number of iterations. The standardized absolute residual R(’; is used to
determine convergence in the actual calculation and is defined as follows

Ylryl
k %
RE = T (10.31)

M, is the standardized coefficient. In STAR-CD, the default definition for M, is

M, =Y appf (10.32)
P

For a momentum equation, the velocity gradient at the element P is taken as ¢p
to calculate the standardized coefficient; for a continuity equation, the maximum r’(;
in the first ten iterations is selected as the standardized coefficient; for other scalar
parameters, the scalar value at element P is taken as ¢p to calculate the standardized

coefficient.
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The residual is used to determine when to end the calculation and is judged on
the basis that all residuals shall be less than the user-defined standard A, i.e.

max (RY) < A (10.33)

The default value of A is 10°. In addition to satisfying the requirements of residuals,
the parameters in the flow field are also required to be close to constants, which
together constitute sufficient conditions for convergence.

(ITIT) Result
1. Mesh-independent solution

In the numerical calculation of practical problems, the workload of mesh generation
is very large. Often after repeated debugging and comparison can the mesh suitable
for the specific problems be obtained. The meshes used to obtain the numerical
solutions should be dense enough that further refined meshes have little effect on the
numerical results. Such numerical solutions are called mesh-independent solutions.

2. Preliminary determination of accuracy

The convergent numerical results describe the distribution of the parameters in the
flow field. To judge whether the calculation results are accurate, it is necessary to
conduct a detailed study on the flow field distribution based on the test results. In the
next part, the flow field characteristics and overall performance of each component
will be analyzed in detail.

The preliminary determination is only a simple check of the results according to
the flow field characteristics of the hydraulic torque converter, but it is a necessary
condition for the accuracy of the results. The preliminary determination generally
includes two aspects:

(1) Circular flow balance check. For each component, the relative error of mass flow
rate between the inlet and outlet surfaces must be less than 0.01%; for all three
components, the relative error between the respective mass flow rates must be
less than 0.1%.

(2) Torque balance check. The hydraulic torque converter has the characteristics of
the torque balance, namely the turbine torque value shall be equal to the sum
of the impeller torque value and the guide wheel torque value. For an accurate
calculation result, the torque unbalance value shall be less than 0.2—0.3% of the
impeller torque.

III. Internal flow field analysis of hydraulic torque converter

In order to deeply understand the working principle and flow field distribution of the
torque converter to guide the model change, the typical distribution characteristics
of the internal flow field and its mechanism of production will be studied with the
impeller of W305 torque converter as an example and the overall performance of the
impeller will be studied below. When it is necessary to make a comparative analysis
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of the flow field under different speed ratios, speed ratios of 0.00, 0.40 and 0.80 are
selected as three typical conditions, representing starting condition, medium speed
ratio condition and high-efficiency condition respectively.

(I) Internal flow field analysis of impeller
1. Geometric definition of passage

It is assumed that the direction of the passage from the outer ring to the inner ring
is composed of innumerable non-intersecting layers of circular surfaces, which have
similar geometric shapes with the inner and outer rings of the passage; in the direction
of rotation, the passage is composed of rotating sweeps of the blade surface; from
the inlet to the outlet, the passage is made up of numerous chord surfaces. Thus,
three spatial coordinate directions of the passage are defined, as shown in Fig. 10.36:
in the chordwise direction, the circular flow direction of the fluid is positive, called
chord coordinate, which is 0 at the inlet and 1 at the outlet; in the pitchwise direction,
the rotation direction is positive, called pitch coordinate, which is 0 on the pressure
surface and 1 on the suction surface; in the spanwise direction, the direction from
outer ring to inner ring is positive, called span coordinate, which is 0 on the outer
ring and 1 on the inner ring. Accordingly, the surfaces perpendicular to the chord
coordinate, pitch coordinate, and span coordinate are called the chord surface, pitch
surface, and span surface, respectively. Only the chord coordinate of the impeller
passage is selected below for analysis.

Outlet surface

Outer ring surface

Rear edge of blade

Inner ring surfas

Pitch coordinate

Inlet surface

Front edge of blade

a)

Fig. 10.36 Geometric definition of passage space
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Fig. 10.37 Velocity distribution on the inlet surface of impeller blade

2. Flow field characteristics on chord surface of impeller passage

ey

Inlet surface of impeller passage blade: the inlet surface of impeller passage
blade refers to the chord surface at the front edge of the blade and the rela-
tive velocity distribution on this surface at each speed ratio (SR) is shown in
Fig. 10.37.

It can be seen from Fig. 10.37 that, at each speed ratio, the reverse flow regions
(region A in Fig. 10.37a, region B in Fig. 10.37b and region C in Fig. 10.37c)
appear at the included angle between the inner ring and the suction surface.
There are two main reasons for this phenomenon: first, after the fluid flows out
from the guide wheel outlet, the flow area increases. Therefore, the flow in this
region can be considered as jet dispersion, and the low velocity zone and even
reverse flow will appear at the outer boundary of the jet dispersion; second,
the incurve of the inner ring wall creates a wake flow in this region. In order to
improve the flow condition in this region, in addition to changing the circulation
circle shape, it is also possible to adjust the guide wheel blade shape to change
the distribution of incoming flow, so as to eliminate or weaken the occurrence
of reverse flow.

Figure 10.38 shows the distribution of the static pressure on the inlet surface
of the impeller blade. It can be seen that with the increase of speed ratio, the
absolute value of static pressure increases gradually, but the pressure difference
in the whole surface decreases gradually and the pressure distribution tends to
be uniform. At the speed ratio, the pressure difference in the whole surface
is relatively small and the maximum pressure difference is 2.046 x 10° Pa;
at low speed ratio, the maximum pressure difference is 2.413 x 10° Pa. The
existence of pressure difference will cause the fluid flow to deviate from the
circular flow direction, thus forming secondary flow, which will be specially
analyzed subsequently.
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Fig. 10.38 Distribution of static pressure on inlet surface of impeller blade

(2) Chord surface in the middle of impeller passage: the relative velocity distribution
on the chord surface in the middle of the impeller is shown in Fig. 10.39. It can
be seen from the figure that, at the low speed ratio, the maximum velocity is on
the outer ring side, while the velocity is low on the inner ring side, indicating that
the flow in the inlet section is of jet structure, namely, near the inner ring is the
wake zone and near the outer ring is the jet zone; at the high speed ratio, the flow
velocity decreases due to the reduction of the circular flow, but this distribution
is more pronounced and a large low velocity zone (A in Fig. 10.39¢) appears
near the included angle between the inner ring and the suction surface, which is
mainly caused by the change in the passage curvature on the meridian surface.

Pressure surface, .- *

a) SR=0.00 b) SR=0.40 ¢) SR=0.80

Fig. 10.39 Relative velocity distribution on the chord surface in the middle of impeller
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Fig. 10.40 Distribution of static pressure on chord surface in the middle of impeller

3

Figure 10.40 shows the distribution of the static pressure on the chord surface in
the middle of impeller. As can be seen from the figure, at the low and medium
speed ratio, the increase of speed ratio has little influence on the distribution
structure of static pressure, the high pressure zone is located at the included
angle between the pressure surface and the outer ring, and the low pressure
zone is located at the included angle between the suction surface and the inner
ring; at the high speed ratio, the high pressure zone is also located at the included
angle between the outer ring and the pressure surface, but the local low pressure
zone (A in Fig. 10.40c) appears on the suction surface near the outer ring. This
abnormal local low pressure will cause large energy loss.

Outlet surface of impeller passage blade: the outlet surface of impeller passage
blade refers to the chord surface at the rear edge of the blade and the relative
velocity distribution on this surface is shown in Fig. 10.41. The velocity at
the angle between the pressure surface and the outer ring is higher, while the
velocity at the angle between the suction surface and the inner ring is lower.
The velocity distribution presents typical jet/wake structure, especially under
the condition of high speed ratio. A fully developed jet zone appears on one side
of the pressure surface, with large and evenly distributed velocity; a wake zone
appears on one side of the suction surface, and the velocity is low in a large
range close to the suction surface.

Due to the rotation of the passage, the flowing fluid in the rotating coordinate

system is affected by the coriolis force. The coriolis force applied to the fluid per
unit volume is expressed as follows

Fe = 2poV (10.34)

where,

F c——coriolis force (N), in the opposite direction to the rotation direction;
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Fig. 10.41 Distribution of relative velocity on outlet surface of impeller blade

v—{flow velocity (m/s);
w—impeller speed (rad/s).

Formula (10.34) indicates that the coriolis force is a function of the flow velocity.
When the flow velocity is not distributed evenly, namely dV /96 # 0, the effect of
coriolis force will make the velocity distribution more uneven; on the contrary, if the
velocity is distributed evenly, the coriolis force has less influence on it.

When the fluid flows into the impeller passage, the boundary layer on the suction
surface and pressure surface start to develop at the same time and the effect of the
coriolis force is shown in Fig. 10.42. The coriolis force on the pressure surface
will inhibit the development of the boundary layer, while the coriolis force on the
suction surface will promote the growth of the boundary layer. Therefore, the effect
of coriolis force on the fluid in the passage results in a low-speed wake zone on the
suction surface and a high-speed jet zone on the pressure surface. With respect to the
impeller, the passage mainly bends in the meridian plane. The fluid will be affected
by the centrifugal force when flowing through the curved passage and the centrifugal
force on the fluid per unit volume is Fg = pv?/r, where, the centrifugal force F
is outward perpendicular to the flow velocity, v is flow velocity and r is radius of
curvature.

When the flow velocity is very large or the radius of curvature is very small,
the effect of centrifugal force will be great, as shown in Fig. 10.43. The centrifugal
force causes the boundary layer on the inner ring surface to grow, and the adverse
pressure gradient generated causes the boundary layer to separate, resulting in a wake
zone with lower pressure and velocity. Therefore, the effect of centrifugal force on
the fluid in the passage results in a low-speed wake zone near the inner ring and
a high-speed jet zone near the outer ring. Based on the above analysis results, the
distribution position of the jet/wake structure is mainly determined by the relative
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Fig. 10.42 Effect of coriolis Pressure surface
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influence degree of rotation and bending of the passage. Generally, Rossby number is
used to evaluate the relative influence of centrifugal force and coriolis force, namely
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Vv Vv oV?/r  Fs
Ro=— ox— = = —
wr  2owr 2pwV Fc

(10.35)

For low Rossby number of impeller flow (Ry < 1), the coriolis force dominates.
Therefore, the influence of the boundary layer growth on the suction surface on
the wake flow is greater than that on the flow separation in the inner ring, and the
jet zone and wake zone will be located near the pressure surface and the suction
surface respectively. For high Rossby number of low (R > 1), the centrifugal force
dominates. The flow separation in the inner ring caused by the passage bending has
a greater influence on the flow, and the jet zone and wake zone will be located near
the outer ring and the inner ring respectively. When the Rossby number is close to 1
(Ry =~ 1), the effects of coriolis force and centrifugal force are similar. The jet zone
will be located at the interface between the pressure surface and the outer ring, while
the wake zone will be located at the interface between the suction surface and the
inner ring.

With respect to the W305 prototype torque converter, at the speed ratio 0.00 or
0.40, Ry > 1, the flow velocity is high near the outer ring and low near the inner
ring; at the speed ratio 0.80, Ry < 1, a jet zone appears on one side of the pressure
surface, while a wake zone appears near the suction surface, which is consistent with
the above analysis. The distribution of the static pressure on the outlet surface of the
impeller is shown in Fig. 10.44. It can be seen that on the impeller outlet surface,
the distribution of static pressure increases in proportion along the radial direction
and the maximum pressure is located on the outer ring near the pressure side. With
the increase of speed ratio, this distribution trend becomes more and more obvious.
It can also be seen that with the increase of speed ratio, the static pressure on the
impeller outlet surface rises gradually, but the maximum pressure gradient decreases
and the maximum pressure difference decreases from 1.422 x 10° Pa at the speed
ratio 0.00 to 1.096 x 103 Pa.
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Fig. 10.44 Distribution of static pressure on outlet surface of impeller blade
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(IT) Overall analysis of impeller flow field
1. Secondary flow

When the fluid in the passage is affected by the transverse differential pressure,
it will deviate perpendicular to the boundary direction, which can be regarded as
the combination of the primary flow and the secondary flow perpendicular to it.
Because of continuity, the secondary flow is not limited to the boundary layer, but
also affects the primary flow zone. Figures 10.45 and 10.46 show the distribution of
secondary flow on each chord surface under starting condition and high-efficiency
condition respectively. The secondary flow on the blade inlet surface does not form a
circular flow. It mainly flows from the outer ring to inner ring at low speed ratio and
mainly flows from the suction surface to pressure surface at high speed ratio. The
form of secondary flow is greatly affected by speed ratio, which is mainly caused
by the change of incidence angle. In both starting condition and high-efficiency
condition, the secondary flow on the middle chord surface has an obvious vortex
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Fig. 10.46 Distribution of secondary flow under high-efficiency condition
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rotating counterclockwise (seen from the downstream side), and a vortex rotating
clockwise (seen from the downstream side) when it reaches the outlet surface of the
blade. Gruver et al. found similar trends when they studied different torque converters.
The secondary flow in the impeller passage is mainly caused by the vortex in viscous
shear layer, the flow deflection, passage meridian plane bending, coriolis force caused
by rotation, centrifugal force at the blade boundary layer and other comprehensive
factors, which make the flow characteristics very complex.

2. Loss analysis

The above qualitative analysis of flow field characteristics gives us a deep and
detailed understanding of flow field, which has the most direct guiding significance
for improving the design performance. In order to study the flow condition more
intuitively and evaluate it quantitatively, the paper introduces the method of loss
analysis. Bernoulli equation points out that in the steady motion of the fluid without
viscosity and heat conduction, the total energy per unit mass of the fluid remains
unchanged along the same flow line, i.e.

H = P/p+1/2W? + ¢ = Constant (10.36)

where,

P—static pressure;
w—relative velocity;
—body force potential energy per unit mass.

In the loss analysis of hydraulic torque converter, both experimental analysis and
numerical research in recent years have used Bernoulli constant to construct the
Rothalpy constant as the basis for quantitative evaluation of loss and calculation of
impeller hydraulic efficiency. In rotating impeller, the body force of the fluid particle
is mainly centrifugal force and the body force potential energy ' is expressed as

1 r, L,
Y= _Efcentrifugal forcel” = _Ew rr = _Eu (10.37)
where,

w—rotation speed;
r—radius of a particle in a fluid from the rotary shaft;
u—peripheral velocity.

Thus, the Rothalpy constant is defined as

1,1
Rothalpy = £ 4 ~w? — ~u? (10.38)
p 2 2

For incompressible non-viscous flow, the Rothalpy value is a constant along the
flow line; while for viscous flow, the difference of the parameter between two points
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Fig. 10.47 Change of Rothalpy constant in chordwise direction of impeller

on the same flow line represents the hydraulic loss. Figure 10.47 shows the changes
of Rothalpy constant from inlet to outlet at different speed ratios, where, A and B
represent the front and rear edges of the blade respectively. It can be seen that, the
Rothalpy constant changes dramatically before the fluid enters the blade passage,
the section before point A. At this time, the fluid flows to the front edge of the blade
in the bladeless region and the hydraulic loss is large due to the retardation at the
front edge of the blade; as the fluid enters the blade passage, the Rothalpy constant
changes gently, and the loss is small; when the fluid leaves the blade, that is, the
region after point B, the decrease in the Rothalpy constant is due to the diffusion loss
caused by the fluid from the bladed region to the bladeless region. Meanwhile, as
can be seen from the Rothalpy constant difference at the inlet and outlet in the figure,
when the speed ratio changes from 0.00 to 0.40, the hydraulic loss decreases, but
when the speed ratio reaches 0.80, the hydraulic loss is slightly greater than that in
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Fig. 10.48 Impeller passage loss distribution

the medium speed ratio condition, which is one of the reasons for the low maximum
efficiency of W305 prototype torque converter.

In order to further describe the loss distribution of the whole passage, the passage
is divided into the following five sections:

(1) Bladeless region in inlet section: from the passage inlet to the inlet surface of
the blade passage, i.e. front edge of blade.

(2) Front section of blade passage: from the front edge of blade to 1/3 chord length
of blade passage.

(3) Middle section of blade passage: from 1/3 chord length of blade passage to 2/3
chord length of blade passage.

(4) Rear section of blade passage: from 2/3 chord length of blade passage to rear
edge of blade.

(5) Bladeless region in outlet section: from outlet surface of the blade passage, i.e.
rear edge of the blade to the passage outlet.

The reduction of the Rothalpy constant in each section from the start position to
the end position represents the hydraulic loss in each range. Figure 10.48 shows the
distribution of the impeller passage loss in each range at different speed ratios. It
can be seen from the figure that under various working conditions, the loss (range 1)
caused by the fluid retardation at the front edge of the blade is large, which is mainly
caused by unreasonable design of the front edge of the blade. For this problem, the
front edge fillet of the blade has been improved in the model change. The loss in the
front section of blade passage (range 2) accounts for the largest proportion, and the
loss in this range is mainly understood as impact loss. With the increase of speed
ratio, losses in the middle and back end of blade passage (ranges 3 and 4) account
for a smaller and smaller proportion of the total loss. The loss in the bladeless region
in outlet section (range 5) is relatively small and can be interpreted as diffusion loss.

Mass averaging is performed for the Rothalpy constant at the same span to obtain
the spanwise Rothalpy constant distribution on each chord surface of the impeller,
as shown in Fig. 10.49. The difference between the abscissa values of the inlet and
outlet surface curves represents the hydraulic loss from the inlet to the outlet at the
span. In various working conditions, the loss near the inner ring (vertical coordinate
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Fig. 10.49 Rothalpy constant distribution in spanwise impeller

close to 1.0) mainly occurs in the front half of the passage, that is, between the inlet
and the middle chord surface; while the loss distribution near the outer ring changes
greatly under different speed ratios.

10.5 Parameter Adjustment of Hydraulic Torque
Converter

The predicted performance is compared with the design requirements, and the torque
converter parameters are adjusted according to their influence law on the perfor-
mance. These parameters include blade inlet and outlet angles, distribution law of
moment of momentum in unequal distribution of moment of momentum, blade angle
change law and thickness distribution law in 3D forming method. After the parameter
adjustment, the blade forming step is entered again and the performance analysis and
parameter adjustment are repeated until the torque converter performance meets the
design requirements.

The performance indexes of the hydraulic torque converter include torque
converter efficiency 7, torque ratio 7R and impeller capacity coefficient K. In the
practical application, the torque converter performance is evaluated mainly through
several typical conditions: starting conditions TR, and K, high-efficiency condition
n* and corresponding i*. The penetrability coefficient T = (Kj,/K)?, where, the
subscript M represents the coupler operating point.

I. Model change for parameter adjustment of W305 prototype hydraulic
torque converter

W305 prototype torque converter is subject to model change using the modern design
method below.
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In order to analyze the working mechanism and performance of the torque
converter, a CMM is firstly used to measure the points on each surface of the
W305 prototype torque converter to obtain its geometric model, and then the method
of numerical flow field calculation is used to analyze the internal flow field, and
the direction of model change is sought in combination with the design objective.
After the basic angle parameters are determined in the pre-design stage, a compar-
ative study is made on the blade shape change law in order to obtain the optimal
torque converter performance. Through multiple parameter adjustments and numer-
ical simulation analysis, the final design result is called W305-1 hydraulic torque
converter. The basic blade angle parameters before and after the model change are
listed in Table 10.2.

The blade shape of W305-1 hydraulic torque converter is generated by 3D
forming method. The thickness and angle change laws of each impeller are shown in
Figs. 10.50, 10.51 and 10.52. The blade angle change law of dramatic change at the
front and rear edges and gentle change in the middle is adopted for the impeller, the
linear blade angle change law is adopted for the turbine and the blade angle change
law of the guide wheel is partially adjusted based on the linear type.

The resulting blade shape is compared to the blade shape of W305 prototype
hydraulic torque converter as shown in Fig. 10.53.

II. Flow field analysis of impeller of W305-1 hydraulic torque converter

Table 10.2 Comparison of basic blade angle parameters before and after the model change of
torque converter

Angle Impeller Impeller Turbine Turbine Guide Guide wheel

parameter | inlet angle |outlet angle |inlet angle |outlet angle | wheel inlet |outlet angle
angle

W305 108° 88° 33¢ 142° 103° 25°

prototype

W305-1 133° 90° 46° 152° 93° 20°

—a— Blade (0)
—e— Blade (1/2)
—a— Blade (1)
g
£
w)
5
£
o
2
E_‘
20% 40% 60% 80% 100% 0% 20% 40% 60% 80% 100%
s s
a) Thickness change law b) Blade angle change law

Fig. 10.50 Impeller blade parameters of W305-1 hydraulic torque converter
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Fig. 10.54 Span surface velocity distribution of impeller under high-efficiency condition

To analyze the performance improvement mechanism, the internal flow field of
impeller before and after the model change is analyzed with the hydraulic torque
converter impeller as example.

The velocity distribution on the span surface of the impeller of W305-1 hydraulic
torque converter under high-efficiency condition is shown in Fig. 10.54. Although
the flow condition near the front edge of the blade on the inner ring surface is still
poor, compared with the W305 prototype hydraulic torque converter, the existing
various reverse flows and vortices have been greatly weakened or even eliminated.
Some flow condition (e.g. low velocity zone at the front edge of the blade on the
inner ring surface) in the impeller flow field is difficult to eliminate due to its own
movement characteristics. Sometimes, the design objective of the impeller capacity
coefficient is satisfied at the expense of the efficiency (for example, the wake zone
will appear on the suction surface at the rear edge of the blade due to the blade
tip bending). Therefore, the poor flow condition still exists in some regions in the
model-changed impeller.

The loss analysis method mentioned above is used for the change of Rothalpy
constant in chordwise direction of impeller and the Rothalpy constant is also used to
evaluate the hydraulic loss in the passage. Figure 10.55 shows the change of Rothalpy
constant of the impeller from input to outlet at each speed ratio. Compared with the
prototype, the hydraulic loss at each speed ratio is greatly reduced and the abnormal
phenomenon that the hydraulic loss of the prototype torque converter under high
efficiency condition is greater than that at medium speed ratio is also eliminated.
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Fig. 10.55 Change of Rothalpy constant in chordwise direction of impeller

10.6 Hydraulic Torque Converter Matching with Engine

The hydraulic torque converter has a great influence on the load distribution charac-
teristics of the engine and the main performance of the vehicle. The power perfor-
mance, fuel economy, exhaust pollution and other performance of the vehicle largely
depend on whether the engine and torque converter work together well. Therefore,
it is necessary to study their input characteristics, co-working range and stability, as
well as their output characteristics. The co-working of the hydraulic torque converter
and engine will be studied below to achieve the best match between them, so as to
improve the performance of hydraulic traditional vehicles.

I. Input characteristics of co-working

According to the capacity factor curve C, = f(i) of the hydraulic torque converter
shown in Fig. 10.10, the speed ratio i is given, Cp is found in the figure and then the
impeller torque T, = C P”%} is used to obtain the 7'p value corresponding to different
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input speed np. It is a parabola that goes through the origin. Different i has different
C,, which forms a set of load parabolas, including several special points: i = 0, ip;
and ip, (corresponding to speed ratio at n = 80%), i* and in,x. For the integrated
torque converter, the coupler operating point i,, shall also be added. Then the engine
load characteristics are plotted on the same chart in the same coordinate proportion.
The intersection of two curves is the stable point of co-working, and the chart shows
their input characteristics (Fig. 10.56). The area surrounded by A;A,AzAy is the
co-working range a.

For the integrated torque converter, the load lines of ny,x and iy, shall be made
intersect at the maximum engine power point A4 and the A; A, A3 A4 working range
shall surround a good fuel economy zone. It is also necessary to check whether
Aj is in coincidence with or close to the maximum engine torque point 7',,, when
i = 0 to improve the vehicle starting torque, or whether Aj is in the left low n,
zone to reduce the noise. The height of point A, reflects the torque requirements for
starting motor. These requirements are often contradictory. If the focus is on fuel
economy zone, the acceleration performance is poor; on the contrary, if the focus
is on the high power zone, the fuel economy will become worse, so we need to
distinguish the priority according to the vehicle type. For a torque converter with
lock, the matching relationship is different. Generally, the torque converter is locked
and enters mechanical drive at i,, operating point, and a high velocity area shall be set
aside at the intersection point between Cpy, parabola and engine load characteristics
in the coupler condition for working during locking. Allison also adopted the SCAAN
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Fig. 10.57 Output characteristics of co-working of hydraulic torque converter and engine

program to evaluate the matching performance, which is based on the reliability index
and gradeability. The practice has proved that this method is also successful.

Output characteristics of co-working: on the basis of input characteristics, Tr
= —KTp, ny = inp and output specific fuel consumption g.; = g./n are used to
obtain the output characteristics of co-working of the hydraulic torque converter and
engine shown in Fig. 10.57, which are the basis for calculation of the vehicle traction
characteristics. The quality of the output characteristics depends on the engine type,
the torque converter characteristics, dimension D, and the input characteristics of
co-working. Optimizing the matching of hydraulic torque converter and the engine
enables it to work more in the high efficiency area, thus improving the economy and
power performance of the co-working.

II. Adjustment of matching between hydraulic torque converter and engine

The co-working area can be adjusted when it is not ideal. The essence is to change
the growth slope of the impeller torque Tp. As can be seen from 7, = k,\nf,DS, there
are the following adjustment ways:

(1) Change the effective diameter D, which is often used since D’ has large and
obvious influence on T'p.

(2) Change k;, i.e. change the blade angle § on the same premise to change the
corresponding capacity, so as to meet the matching requirements. By changing
D (coarse tuning) or B (fine tuning), the engine with different characteristics
can be matched to realize the serialization and generalization of the hydraulic
torque converter.
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(3) Change the impeller speed np. Set an intermediate drive i,p = n./n, between the

engine and the torque converter, so that the original n, = n, may be changed to
new n, = n,li.p.n, also has alarge influence on 7'p, which is also very effective
for some models difficult in installation and layout.
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Chapter 11 ®)
Planetary Gear Drive oo

With the development of automatic transmission technology, noise reduction and
efficiency improvement have become important issues in the field of automotive
technology. In AT, the planetary gear train, which can obtain a large gear ratio and
meet the requirements of miniaturization and lightweight, has been widely applied,
which puts forward higher requirements for the noise and efficiency of the planetary
gear train. This chapter will introduce the theoretical calculation and tests of the
transmission efficiency and vibration noise of the planetary gear train. The planetary
gear train consists of an input shaft, an output shaft and a fixed shaft, all of which
are aligned on the same axis. Figure 11.1 shows the power transmission route of the
compound planetary gear train in an AT.

Three gear ratios can be obtained by controlling the engagement and disen-
gagement of the clutch and brake in the double-row planetary gear train in
Fig. 11.1:

(1) Fig. 11.1a shows the gear ratio 1:0.33 of gear 1.
(2) Fig. 11.1b shows the gear ratio 1:0.617 of gear 2.
(3) Fig. 11.1c shows the overdrive, with the gear ratio of 1:1.44.

See Table 11.1 for the main parameters of gears in the planetary gear train shown
in Fig. 11.1.

The gears are made of SCr420H subject to carburizing and quenching heat
treatment, with the surface hardness of about SSHRC.

It can be seen from the design parameters of the planetary gear in the AT that the
planetary gear and center gear with high tooth and standard tooth are used respectively
to change the contact ratio. In order to obtain different accuracy and surface roughness
values of tooth surface, two sets of planetary gears and center gears are processed
by two different processes (shaving and grinding), in which, one set is only subject
to gear shaving, carburizing and quenching and the other set is processed with the
same processing technology as the previous set before gear grinding. The former has
the accuracy of JIS 3—4 and the tooth surface roughness of about R,Ry.x 6 pm (R,
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Table 11.1 Main parameters of gears in planetary gear train

Planetary gear train I Planetary gear train II
Gear type Planetary Internal Center Planet Internal Center
gear gear gear gear gear gear
Number of gears | 33 21 75 37 19 75
Normal 1.23 1.23
module/mm
Normal pressure | 20° 20°
angle
Helical angle 23.3° 23.3°
Pitch radius/mm | 22.09 14.06 50.2 24.76 12.72 50.2
Effective face 17.0 17.0
width/mm
Profile contact | 1.65 - 1.84 1.65 - 1.81
ratio A
Profile contact 1.31 - 1.69 1.30 - 1.66
ratio B
Longitudinal 1.74 - 1.74 1.99 - 1.99
contact ratio

1.5 wm). The latter has the accuracy of JIS 0-1 and the tooth surface roughness of
about R;R.x 2 wm (R, 0.5 pm).

11.1 Theoretical Calculation of Transmission Efficiency
of Planetary Gear Train

The power transmission efficiency of the planetary gear train depends on the gear
mesh efficiency (also known as the benchmark efficiency) when the planetary carrier
is fixed. The higher the benchmark efficiency, the higher the efficiency of the plan-
etary gear train. When meshing, the tooth surfaces in contact with each other will
slip relative to other contact points other than the meshing point, so there is also
tangential friction on tooth surface in addition to the normal force on tooth surface.
The magnitude of tangential friction varies with the position of the meshing point
on the meshing line. The existence of tangential friction on the tooth surface will
reduce the power transmission efficiency and also affect the wear, vibration, noise
and meshing effect of the gear teeth.

The benchmark efficiency 1y, of the external meshed helical gear pair (center
gear/planetary gear in the planetary gear train) is

1 1 5 2
ma=1—pur|—+—)(ss+&5+1—e —&)/cosB (11.1)
ZA ZB
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where,

—

u—average friction factor of tooth surface;
z4—number of teeth of center gear;
zg—number of teeth of planetary gear;
&1—engaging-in contact ratio;
&r,—engaging-out contact ratio;

B—helical angle.

1 Planetary Gear Drive

The benchmark efficiency 1,3 of the internal meshed helical gear pair (planetary
gear/gear ring in planetary gear train) is

772321—M7T(

where,

ZB

zc—number of teeth of gear ring.

1 1 2 2
i (e1+e&+1—¢ —g)/cosp
c

(11.2)

Suppose the average friction factor i = 0.08, calculate the benchmark efficiency
of two planetary gear sets in the planetary gear train for test using the formulas (11.1)
and (11.2), substitute the data in Tables 11.2 and 11.3 and calculate to obtain:

(1) Benchmark efficiency of planetary gear/center gear pair in the first planetary
gear set: 15 = 0.984806, benchmark efficiency of gear ring/planetary gear
pair: 145 = 0.992021. The benchmark efficiency of the first planetary gear set
is calculated as ng; = 145156 = 0.976948.

(2) Benchmark efficiency of planetary gear/center gear pair in the second planetary
gear set: 171p = 0.984245, benchmark efficiency of gear ring/planetary gear pair:
123 = 0.991144. The benchmark efficiency of the second planetary gear set is
calculated as 19, = n12123 = 0.975527.

Table 11.2 Gear parameters
of first planetary gear set

Normal pressure angle a =20°
Normal module my, = 1.23
Reference helical angle B =23.262°
Tooth addendum hy =1.17m,
Tooth dedendum hy =1.47Tm,
Number of teeth of sun gear 74 =133
Number of teeth of planetary gear zp =121
Number of teeth of gear ring zc=T75
Normal modification coefficient of sun gear | x,,; =—0.1539
Normal modification coefficient of planetary | x,2 = 0.1550
gear

Normal modification coefficient of gear ring | x,,2 = 0.1560
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Table 11.3 Gear parameters
of second planetary gear set

I. Calculation of gear efficiency in gear 1

In Fig. 11.1a, the gear ratio in gear 1 is

441

Normal pressure angle a =20°
Normal module m, =1.23
Reference helical angle B =23.2624°
Tooth addendum hy = 1.17m,,
Tooth dedendum hy = 1.47m,
Number of teeth of sun gear 74 =37
Number of teeth of planetary gear zg=19
Number of teeth of gear ring zc=1715
Normal modification coefficient of sun gear | x,; = —0.2652
Normal modification coefficient of planetary | x,2 = 0.2160
gear
Normal modification coefficient of gear ring | x,2 = 0.1560

. 72y

lp=—F——" (11.3)

4t 2¢

It is calculated that iy = 0.3304.
In Fig. 11.1a, the planetary gear R, is a drive gear and the center gear R, is a

driven gear.

Taking into account the benchmark efficiency in Fig. 11.2, the friction power loss
AL, between the center gear R and planetary gear R, and the friction power loss
ALj; between the planetary gear R, and gear ring R3 are calculated by means of the

circumferential force.

When calculating the power loss, the power loss will not occur because the revo-
Iution motion will not cause the sliding between the tooth surfaces. On the center
gear Ry, the input torque is 7'; and the angular velocity is w;. The power transmission
efficiency without the center gear revolution is

Fig. 11.2 Calculation of
gear power loss in gear 1

Fy=F3 1y

AN s

o A

& - | 7\

Fi+Fy” /’- ‘a,.{-: <
A

(J-rfFi

0, K 0, a}l
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ALy + ALj

114
To (11.4)

n=1

where, AL; and AL; are calculated according to the angular velocity of each gear
relative to the planetary carrier at the meshing point, namely

ALy = FiR 0| (1 — n12) (11.5)

where,

'y and w'p—angular velocity of center gear and planetary gear relative to the
planetary carrier.

The following relations

o) Ry ) (R, + R3)
Fy=npFio) = —— o = —
R, R;

are substituted into the power transmission efficiency formula to obtain n = 0.98361.
II. Theoretical efficiency calculation of planetary gear in gear 4

The circumferential force on the gears in gear 4 is shown in Fig. 11.3.

In the figure, wsc is the angular velocity of planetary carrier. The relative angular
velocities w'| and w's5 are determined and the friction power loss AL; between the
center gear and planetary gear and the friction power loss ALj3 between the planetary
gear and gear ring are calculated by

ALy = F5(1 — ns6) Rew) (11.7)

AL3 = Fs/(l — 7]45)R4a)/5 (118)

Fig. 11.3 Circumferential
force acting on the gears in
gear 4

Fy 1‘“5’.’4:

Fi+Fs

Fe=Fshgs
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where
a)’l = WscC; wg = W4 — Ws5C
The above and the following relations

2R5C

4

w&: wSC;F5=F5’;R6+2R5=R4

are substituted into the efficiency formulan =1 — (AL; + AL)/(Tsws) to obtain n
=0.992921.
III. Derivation of theoretical efficiency formulas of gears in gear 2

1. Derivation of approximate formulas for theoretical efficiency not using
mechanism coincidence

The circumferential force acting on the gears in gear 2 is shown in Fig. 11.4. The
relationship between the circumferential forces of each gear is

Fypp=F)=Fc/2=F =F;
Fy=Fsy=Fs=Fs= Fs5c/2

(11.9)
FscRsc = F3R3 = F1R3
F4R4 = FocRoc
The circulation power is
Lo = Ryp 3R R F (11.10)
c = Ric——F—Fioxc = 03R3F3 .
2RycRsc

According to Fig. 11.2b, there is the following angular velocity relation

F5a=Fy35 Fy~Fn'

Fan
By Nxa / g B
s, F- ¢ Wy
0,
Fs

\

Fsc

—7

([~

F=FsMs F,

0, 0, @,

47

Fig. 11.4 Circumferential force acting on the gears in gear 2
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we = 0; wsc = w3; w4 = wac; W4R4 = 2wsc Rsc

Taking into account the benchmark efficiency of the mechanism in Fig. 11.4, the
power loss AL, between the center gear R} and planetary gear R, in the second
planetary gear set and the power loss AL;3 between the planetary gear R, and gear
ring R3; the power loss A Lys between the gear ring R4 and planetary gear Rs in the first
planetary gear set, and the power loss (friction heat loss) ALsg between the planetary
gear Rs and fixed center gear Rg are calculated by means of the circumferential force.
The revolution motion of the planetary gear is independent of the slip between the
tooth surfaces. Here, the revolution rate C is introduced, so the proportion of the
rotation component of the input angular velocity is 1 — C.

The calculation process of the revolution rate is as follows: the angular velocity
wy¢ of planetary carrier (R,¢) and the angular velocity w3 of gear ring R3 are positive.
If wyc < w3, the revolution rate is

C3 = Qw3 — wac) /w3 (11.11)

If wyc < wq, the revolution rate is
C1 = wyc/w1 (11.12)

If wsc < w4, the revolution rate is
Cy = wsc/wy (11.13)

The approximate formula for the efficiency of the dual-planetary gear set in
Fig. 11.2bis

| — ALy + ALy + ALys + AlLsg

(11.14)
FycRycwre — FroRzws

}’]:

where

ALy = Fi(1 —n12)(1 — Chaor Ry
ALy = Fy(1 —np3)(1 — C3)wsRs
ALys = F4(1 — n45)(1 — Ca)ws Ry
ALsg = Fs(1 — ns56)Caws Re

(11.15)

Finally, it is obtained that n = 0.977355.

2. Derivation of approximate formulas for theoretical efficiency using mecha-
nism coincidence

In the dual-planetary gear set shown in Fig. 11.2b, the power will be shunted only
when the center gear of the planetary gear set is fixed. A part of power flows back
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to Ry¢ from the gear ring R4 and generates power cycle between the first and second
planetary gear sets. The power passing through the planetary carrier R, is greater
than the input/output power. The gear ring R3 and center gear R, are the drive part
and R;¢ is the driven part. The second planetary gear set makes up a differential
mechanism.

In the following calculation process, the dual-planetary gear set is divided into
two to calculate its efficiency.

(1) Component 1: as shown in Fig. 11.5, the sun gear R; is fixed, the theoretical
circulation power is input from R3 and output from R,c¢. In this process, the
efficiency is nyc3
The circulation power is

LC = Lc3 = F3R3a)3 = a)3R3F3 (1116)
Output power

L¢3 = Lesmacs (11.17)

(2) Component 2: as shown in Fig. 11.6, the gear ring Rj is fixed and the input drive
power of the center gear R) is

L] =F1R1a)1 (1118)

Fig. 11.5 Analysis of
nE

component 1

Fig. 11.6 Analysis of Y/
component 2 Rs

Input Output
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The power is output from the planetary carrier Ry¢ and the efficiency in the
process is nac1. Then the output power is

Lci = FioiRinact (11.19)

(3) Theoretical transmission efficiency (Figs. 11.7, 11.8 and 11.9)

Fig. 11.7 Rg fixed —‘_Lm
Nsc I

IR:

Tnput Output

Z

Ry

Fig. 11.8 Rj3 fixed y%

L
.
Input -‘7 Output

Fig. 11.9 R fixed

a3 I

Ry
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_Lei+Les — Les/nse
F1R1w1

(11.20)

where,
nsc—efficiency when the center gear Rg in the first planetary gear set is fixed,
driven by the gear ring R4 and output by the planetary carrier Rsc.

Then
Lci = FiRiw1moct

L¢3 = F3R3w3nacs (11.21)
Les =Le = F3Ryws

Fsi = Fup (11.22)
R RR

w3 = 22 _ L Ra®1 (11.23)

2Rsc 2RyCyRsc — R3Ry

noi1+io

== - 11.24

nsc [ 11y ( )

io = Rs/Rq (11.25)

Figure 11.9 R; fixed It is calculated that 15¢ = 0.99296.

1 +no2io

= 7= 11.26
naci Tti, ( )
io = R3/R, (11.27)
It is calculated that 1) = 0.98361.
No22y + 2¢
Mc3 = —Z/A e (11.28)

It is calculated that 1,3 = 0.99192.
Through the above formulas, n = 0.97042.

IV. Theoretical efficiency calculation considering bearing loss

The main reasons that affect the efficiency of planetary gear include tooth surface
friction loss, bearing friction loss, lubricant churning loss and air drag loss. To analyze
the transmission efficiency of tooth surface of planetary gear, it is necessary to find
out the bearing friction loss, lubricant churning loss and air drag loss, among which,
the lubricant churning loss and air drag loss can be measured by no-load test. The
bearing loss in the transmission is theoretically analyzed below.
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(D Analysis of bearing friction

The bearing friction moment can be measured experimentally and there are four
types of friction:

(1) Pivoting friction.

(2) Friction caused by minute slip of rotary parts.
(3) Slip contact friction.

(4) Lubricant viscosity.

The friction loss varies with the bearing form, working speed and lubrication
conditions.

The bearing friction can be divided into dynamic friction and static friction, and
the dynamic friction is related to working load and speed. Items (1), (2) and (3)
above, namely, the contact between bearing metal parts are determined by the load;
item (4) is determined by the speed.

(II) Transmission efficiency of thrust bearing

The needle roller of thrust bearing under axial load will produce corresponding
friction force. In the case of good lubrication, the sliding friction factor is about
0.006; in case of poor lubrication, the friction factor is about 0.015.

1. Transmission efficiency of thrust bearing in gear 1

Figure 11.10 shows the installation positions of the bearings in the planetary gear
train for test. The arrows in Fig. 11.11 indicate the direction of the thrust on the
center gear and gear ring of the gears in gear 1 (single planetary gear set).

Through the analysis of the thrust on the planetary gear train in Fig. 11.11, the
center gear R and gear ring R3 in Fig. 11.1a have thrust effect on the thrust bearings
5 and 6 (Fig. 11.10) and the transmission efficiency is

Fitan BRysp,1 (w1 — wac)

=1- 11.29

b1 F Rio, ( )
Fit Rpsit,

ma =101 an B Rps iy wac (11.30)
Fi R w;

where,

wr1—friction factor of thrust bearing;
Rps—rotation radius of the roller center of bearing 5;
Rpe rotation radius of the roller center of bearing 6.

2. Transmission efficiency of thrust bearing in gear 2

Figure 11.12 shows the direction of the thrust of the 2 speed planetary gear train on
the center gear and gear ring. The thrust of the planetary gear train in Fig. 11.12 is
analyzed. The thrust bearings 5 and 6 are subject to the thrust of the center gear R,
and gear ring R3 in Fig. 11.1b and the transmission efficiency is
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Needle bearing

Fig. 11.10 Installation positions of the bearings in the planetary gear train for test. 1-7—bearing

AT T e

B'B LOW\OWC L&R'B
——
L 1 [=—]
H\C Il } 'l_"' II
REVIC HE —— i ==p§
IN m ouT

Fig. 11.11 Force on the center gear and gear ring in gear 1

F tan B Rys 3
My =1 — — R (11.31)
JRAS S|

The thrust bearing 4 is subject to the thrust of the gear ring R4 and the transmission
efficiency is

Fyt Rpapt, —
e =1 — 1 an 8 ;;4/; la()wl ) (11.32)
1 R1w;
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Fig. 11.12 Force on the center gear and gear ring in gear 2

where,

Ry4—rotation radius of the roller center of bearing 4.
(III) Transmission efficiency of needle bearing

The crowded needle bearing installed on the planetary gear is free of retainer, inner
ring and outer ring, maximizing the miniaturization, increasing the effective radius
and greatly increasing the rated load of the crowded needle bearing. The plane-
tary gear and crowded needle bearing are shown in Fig. 11.13. Figure 11.14 is the
installation diagram of crowded needle bearing.

The crowded needle bearing has no retainer, so the roller will tilt, which will
produce axial thrust acting on the inner ring and the outer ring in opposite direction.
Because the length of the needle roller is larger than its diameter, the outer ring flange

Fig. 11.13 Planetary gear
and crowded needle bearing




11.1 Theoretical Calculation of Transmission Efficiency ... 451

=N
m

W)
AR N

Fig. 11.14 Installation diagram of crowded needle bearing. 1—milled planetary gear (carburizing
and quenching), 2—needle roller, 3—carburized and quenched shaft, 4, 5—oil passage

is unable to limit the rolling direction of the needle roller, which may easily cause
the tilt of the needle roller and will have a large influence on the friction.

The gears used in the planetary gear train of AT are helical gears, and the axial
force generated by the meshing of the gear ring and planetary gear is opposite to that
generated by the meshing of the center gear and planetary gear, which will aggravate
the tilt trend of roller. The bearing load caused by the tilt of the needle roller accounts
for a portion of the bearing axial load. The friction resistance caused by the tilt of
the needle roller will increase the friction force.

1. Transmission efficiency of needle bearing in gear 1

The approximate formula for the transmission efficiency g of the crowded needle
bearing used by the planetary gear in the second planetary gear set is

FpiRpipr1 Ri(1 — Cpowy
-1 11.33
nb6 F]Rl(,()l R2 ( )

Fp = Fl\/l + [(4R,/B)) tan B]° (11.34)

where,

F pj—compound radial load of planetary gear R, acting on the needle bearing;
wr1—friction factor of thrust bearing;

wi—angular velocity of input shaft;

C—revolution rate, C; = wyc/w1, in which, w,¢ is the angular velocity of output
shaft.
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C] = W), ~ Wj. (1135)

F—circumferential force acting on the sun gear R;;

Bj—needle roller length of the needle bearing on the planetary gear R;;
R;1—bearing bore diameter;

B—nhelical angle of planetary gear;

R|—pitch radius of sun gear R;;

R,—pitch radius of planetary gear R;.

2. Transmission efficiency of needle bearing in gear 2

In the 2 speed dual-planetary gear set shown in Figs. 11.1b and 11.15, 10 bearings
are subject to the radial and axial loads by the gears and support the components in
the planetary gear train, in which, 7 bearings are crowded needle bearings.

When the radial and axial loads act on the crowded needle bearings in the second
planetary gear set, the theoretical transmission efficiency is

FpiRpipr1 Ri(1 — Cp)owy
-1 11.36
7 F1R10)1 Rz ( )

The theoretical transmission efficiency of the crowded needle bearings in the first
planetary gear set is

:Q\Nccdlc bearing

Fig. 11.15 Dual-planetary gear set
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_ 1 _ FraRppe Ry(1 = Coy (11.37)
MNb8 FiR Rs .

Fpy = Fl\/l + [(4R,/B>) tan B1? (11.38)

where,

F pp—compound radial load of planetary gear Rs acting on the needle bearing;
wo—friction factor of thrust bearing;

Cs—revolution rate, C4 = wsc/w4, in which, w4 is the angular velocity of gear
ring Ry in the first planetary gear set;

wsc—angular velocity of revolution of planetary gear Rs in the first planetary
gear set;

B,—needle roller length of the needle bearing on the planetary gear Rs;
R;»—bearing bore diameter;

R4—pitch radius of gear ring Ry4;

Rs—pitch radius of planetary gear Rs.

V. Theoretical calculation of overall efficiency
1. Overall efficiency of 1 speed gears

The theoretical overall efficiency 7,4, of the 1 speed gears (single planetary gear set)
is

Nren = NenMb1M62M6670 (11.39)

where,

n;u—tooth surface benchmark efficiency;

N1, Npp—transmission efficiency of thrust bearing;
npe—efficiency of needle bearing;

no—idle efficiency of 1 speed single planetary gear set test.

Affected by the lubricant churning loss and the air drag loss from the gear drive,
it is difficult to calculate the idle efficiency 19, which is mainly affected by the speed
and is unrelated to the load, so its value can be tested through a blank experiment.

2. Theoretical overall efficiency of 2 speed gears

The theoretical overall efficiency of the 2 speed gears (dual-planetary gear set) is

Nrth = NehMp3NpaNbsNp71M6870 (11.40)

where,

N3, Npa and nps—transmission efficiency of thrust bearing;
np7 and npg—efficiency of needle bearing;
no—idle efficiency of 2 speed dual-planetary gear set test.
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11.2 Transmission Efficiency Test of Planetary Gear Train

The transmission used in the test is of dual-planetary gear set type, as shown in
Fig. 11.15. The transmission has four gears and its power transmission route is
shown in Fig. 11.16.

In order to reduce the impact of vibration and elastic deformation, the transmission
case is required to be stiff enough; a coupling is arranged on the fixed part or the
transmission shaft to ensure that the gears mesh evenly when working. Each part
shall have high manufacture and assembly accuracy, and the position error at the
center of rotation of the input and output shafts shall be controlled below 0.025 mm.

Three lubricants are used in the test. A is mineral oil commercially available for
ordinary lubrication, B is the automobile ATF and C is the steam turbo-compressor
lubricant (mineral oil). The ATF is mainly used in this test.

The relationship between the kinematic viscosity and temperature of the three
lubricants is shown in Fig. 11.17.

The composition and principle of the power absorption type gear efficiency test
bench for the test are shown in Fig. 11.18. The drive motor drives the test planetary
gear train to work through the CVT, V-belt, coupling and torque estimator. The load
is loaded on the output shaft of the planetary gear train by the drum brake via the
output torque estimator and coupling.

Before the test, the bench shall run smoothly for 20 min, and then gradually load
from the no-load state for the test. The speed of the input shaft is controlled within
the range of 500-3000 r/min, and the torque is controlled within the range of 0-
85 N m. In order to make the lubrication mode consistent with AT, the oil pumping
shall be used for forced lubrication, and the three injectors near the center gear and
one injector in the upper part of the center gear are used to provide lubricant for
the planetary gear set. The lubricant temperature at the injectors is determined by a
temperature sensor.

In fact, it is difficult to determine the gear transmission efficiency. Although it is
considered to calculate the transmission efficiency (overall efficiency) through the
theoretical efficiency calculation and test method of the meshing loss, the influence
factors and mechanical relations are not easy to study. The structure of the plane-
tary gear train is more complex and it is more difficult to accurately determine its
transmission efficiency.

Under the forced lubrication conditions, the power loss types affecting the overall
efficiency 7 of the planetary gear train are as follows:

(1) Meshing tooth surface friction loss AL;.

(2) Bearing friction loss ALj.

(3) Churning loss AL; caused by the rotating parts such as gear churning the
lubricant.

(4) Air drag loss AL4 generated in the rotation of parts such as gear.

In the above items, (1) and (2) are load influence, (3) and (4) are speed influence.
The overall efficiency is
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Fig. 11.16 Power transmission route of 4 gears
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Fig. 11.17 Relationship between the kinematic viscosity and temperature of three lubricants
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Fig. 11.18 Composition and principle of the power absorption type gear efficiency test bench
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AL+ AL, + ALz + ALy

=1
1 T;

(11.41)

where,

T ;—input torque;
w1—drive angular velocity.

ALj; + AL4 may be measured in no-load state and AL, may be calculated from
the bearing loss formula.

After the power loss AL3 + ALy in the idling is measured, the theoretical calcula-
tion efficiency mentioned above is compared with the measured efficiency to check
the influence of the power cycle and other factors on the overall efficiency.

The single and dual-planetary gear sets are tested respectively, and the influence
of the variables controlled and adjusted, including speed, load, gear accuracy, gear
contact ratio, lubricant type, temperature and flow, on the transmission efficiency is
analyzed finally.

I. Influence of churning loss on overall efficiency

At the same temperature, the higher the viscosity of the lubricant, the greater the
churning loss, as shown in Fig. 11.19. The lower the temperature of the lubricant, the
greater the churning loss, as shown in Fig. 11.20. As can be seen from Fig. 11.21, at
the same temperature, the higher the lubricant flow and gear speed, the greater the
churning loss.

4
3
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Z >
= _ . _ Gearoil
8
z
)
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Fig. 11.19 Relationship between lubricant viscosity and churning loss
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Fig. 11.21 Relationship between lubricant flow and gear speed and churning loss

II. Influence of processing technology on overall efficiency

The set of center gear and planetary gear of 1 speed gear for the test is shaved and
the other set is ground. The test results are shown in Fig. 11.22 and the transmis-
sion efficiency of gears manufactured by the two processing technologies is slightly
different. The transmission efficiency of the ground gears is about 0.5% higher than
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Fig. 11.22 Influence of processing technology on overall efficiency

that of the shaved gears. This is because the tooth surface of the shaved gears is rough
and less accurate with large tooth surface friction factor.

III. Influence of speed on overall efficiency

The 1 speed gear is selected for the test, with the gear ratio of 1:0.33, the processing
technology of gear shaving and the input speed of 500, 1500 and 2000 r/min. The
lubricant with high viscosity is selected.

The testresults are shown in Fig. 11.23. The corresponding transmission efficiency
has little difference at the speed of 500 and 1000 r/min; but it decreases obviously
at the speed 2000 r/min. It is speculated that the lubricant churning loss and the air
drag loss are related to the square of the speed.

100
920
& 80 .
< o: 500 r/min
=
g OF 94 a: 1500 r/min
2
g 60+ a : 2000 r/min
§ 50 Oil temperature =(3(01+2)K
40
30 L L 1 1 1 1 L | |
0 10 20 30 40 50
Input torque Ti/(N.m)

Fig. 11.23 Influence of speed on overall efficiency
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Fig. 11.24 Influence of single and dual-planetary gear sets on overall efficiency

IV. Influence of single and dual-planetary gear sets on overall efficiency

Figure 11.24 shows the comparison of the transmission efficiency test results of
single and dual-planetary gear sets. The processing technology is gear grinding.
The center gear of the first planetary gear set in the dual-planetary gear set is fixed
and the second planetary gear set is of differential form. The 2 speed power cycle
transmission route of a power (FR3w;3) is: gear ring R3 — planetary gear Ry, —
planetary carrier R,c — gear ring R4 — planetary carrier Rsc — gear ring R3. The
efficiency reduction caused by the power cycle is also analyzed in the theoretical
calculation of the previous section.

V. Influence of contact ratio on overall efficiency

The test only changes the gear contact ratio of the planetary gear train and the
influence of the contact ratio on the overall efficiency is shown in Fig. 11.25. The
contact ratio 1.30/1.66 is represented by “[]”, while the contact ratio 1.65/1.82 is
represented by “A”. The efficiency decreases in the large contact ratio because the
increase in the relative slippage of two meshing teeth results in the friction loss
increase.

VI. Influence of lubricant temperature and flow on overall efficiency

The influence of the lubricant temperature on the transmission efficiency is shown in
Fig. 11.26. The lubricant temperature is high and the total efficiency is high at low
load because of low lubricant viscosity and small churning loss at high temperature.

The influence of the lubricant flow on the transmission efficiency is shown in
Fig. 11.27. When the lubricant flow is increased, the overall efficiency will decrease
significantly; but after the load is increased, the influence of the lubricant flow on
the efficiency will decrease. It is because that the increase in the Iubricant flow will
make the viscous resistance increase and the churning loss is not affected by the load
on the tooth surface.
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Fig. 11.28 Influence of lubricant type on overall efficiency

VII. Influence of lubricant type on overall efficiency

The 4 speed gear is selected for the test, with the gear ratio of 1:1.44, the processing
technology of gear grinding and the input speed of 500 r/min. The test results are
shown in Fig. 11.28. Among the three lubricants applied, that with low viscosity has
high overall efficiency, but the influence of viscosity on transmission efficiency is
decreased with the increase of load.

Even though the difference in the kinematic viscosity of the lubricant is up to
6 times, the influence of the lubricant type on the transmission efficiency is not
significant when the medium load or above is applied.

VIII. Theoretical calculation and test results analysis of overall efficiency

Figure 11.29 shows the theoretical efficiency and test efficiency of the input torque
and tooth surface meshing of the 1 speed gear at the input speed 500 r/min, as well as
the relationship between the efficiencies with consideration to the churning loss and
bearing loss. The input torque is 0-50 N m. The tooth surface benchmark efficiency
ny, of the gear is calculated with the average friction factor between tooth surfaces
@ = 0.08 and marked with straight line in Fig. 11.29; the dash-dotted line represents
the efficiency curve including churning loss and air loss; the dotted line represents
the efficiency calculated after considering the needle bearing friction factor u,; =
0.0025 and thrust bearing friction factor w2 = 0.008 (1,4 = N Mp1 M62 No6 No)-

Wr1 1s inversed by the test value of 7,4, to obtain w,; = 0.011. That s, the measured
overall efficiency under this friction factor is at the same level with the calculated
value.

U2 = 0.0025 is the friction factor of a needle bearing with a retainer at low
speed operating without tilt of the needle roller. In fact, the crowded needle bearing
without retainer used for the AT will make the needle roller tilt due to the radial and
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axial loads in the planetary gear train. That is, the roller rotates in the tilt condition,
which will lead to an increase in the rotational resistance under unchanged load, i.e.
increase in the friction factor. Moreover, when the speed reaches above a few hundred
revolutions per minute, the influence of the needle roller tilt on friction factor will be
more serious. Therefore, the needle bearing friction factor ug = 0.010 inversed from
the test is reliable. The analysis of the 2 speed gear test results is shown in Fig. 11.30.
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11.3 Theoretical Calculation of Vibration and Noise
of Planetary Gear Train

Gear noise is the main problem of AT noise. From low speed to high speed, noise
is generated in gear engagement under various operating conditions. The planetary
gear train is a gear mechanism in which several planetary gears are meshed with the
center gear and gear ring simultaneously and its characteristics are different from the
external meshed gear.

Due to the pitch error, tooth contour error and tooth profile error in the plane-
tary gear train, even if the input speed is constant, the output speed will fluctuate
periodically, which will affect the fatigue life of the mechanism and generate noise.

The noise is generated in gear engagement when the vehicle is driving under
various conditions. How to reduce noise and vibration is an important subject in
transmission design.

1. Planetary gear layout

In the planetary gear train, the number of planetary gears shall satisfy a certain
relation: the angle between the lines of the center of two adjacent planetary gears
and the center of the planetary gear train shall be an integral multiple of 2%%; the
planetary gears shall be spaced at the same intervals and the number of planetary
gears shall be an integral multiple of - 360 , as shown in Fig. 11.31. Here, z, is the
number of teeth of center gear and z¢ 1s the number of teeth of gear ring.

Planetary gear 2

Center gear

Planetary gear 3
Planetary gear 1

Center gear

Fig. 11.31 Planetary gear layout requirements
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Fig. 11.32 Force on single
planetary gear

The number of teeth of planetary gear zp is determined by

(11.42)

Zc —Zp =2at+ Zc
7z = (2c —z4)/2

II. Planetary gear mesh cycle

There is a certain error in the gear. Even if the uniform angular velocity is input, the
output angular velocity will also fluctuate periodically, which may affect the fatigue
life of the planetary gear train and cause noise problems.

As shown in Fig. 11.32, the circumferential force of the center gear acting on the
planetary gear is F,, = M {/R4 and of the gear ring acting on the planetary gear is F';.
According to the torque balance, F', and F,,; have the same magnitude and direction;
according to the force balance, the force between the planetary carrier and planetary
gearis Fy = 2F,.

As shown in Fig. 11.33, in the meshing process, a single planetary gear is subject
to two dynamic loads from the gear ring and sun gear and these two dynamic loads
often have different cycles. According to the phase relation, the resultant forces acting
on different planetary gears at the same time would be different.

III. Analysis of meshing phase difference and torsional vibration of planetary
gear

When the number of teeth of center gear and the number of teeth of gear ring can be
exactly divided by the number of planetary gears, different planetary gears have the
same meshing phase and have the same load at the same time. It can be seen from
the force analysis in Fig. 11.33 that the resultant force of the force acting on the gear
ring and center gear respectively is 0 and the resultant moment on the center gear is
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Fig. 11.33 Force on two y
planetary gears F,
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where,

R,—pitch radius of center gear;
F,—normal force on tooth surface;
a,—pressure angle.

The relationship between normal load change and torsional vibration of center
gear can be obtained by the above equation.

When the number of teeth of center gear and the number of teeth of gear ring
cannot be exactly divided by the number of planetary gears, planetary gears bear
different load at the same time due to different meshing phases, which will affect the
resonance of the gear ring, and the effect of manufacturing error will be smaller.

The meshing phase difference A6 can be changed by changing the relationship
among the number of teeth of center gear, the number of teeth of gear ring and the
layout angle of the planetary gear. The gear ring of the planetary gear train in the
AT for the passenger vehicle is of thin-walled structure and the deformation under
the load may make the gear ring meshed evenly with the planetary gears, so the
vibromotive force of the planetary gear train is mainly affected by the meshing of
the center gear and planetary gear.

To make the phase difference exist, the number of teeth shall meet the conditions
under the premise of evenly distributed planetary gears
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Fig. 11.34 Meshing phase difference between center gear and planetary gear

{ (za + z¢)/n = integer (11.44)

za/n # integer

Figure 11.34 is the schematic diagram of the meshing phase difference between
the center gear and planetary gear. It is assumed that the point O, is located on the
planetary gear 2 and has no phase difference with the starting meshing point (point
0)) at the dedendum of planetary gear 1 and the addendum of center gear. If the
actual meshing point Q3 of the planetary gear 2 is made rotate to Q, around the gear
train center, the angle A6 of rotation is the meshing phase difference.

The noise of the planetary gear train is mainly from the torsional vibration in the
system. If the meshing phase of all planetary gears is different, the periodic vibration
of planetary gear meshing with the center gear and gear ring will be significantly
reduced.

The phase difference between the jth planetary gear and the center gear at the
beginning of meshing of a tooth is

A0 =kj x2nZ /n (11.45)

where,

Z'—remainder of division of the number of teeth of sun gear by the number of
planetary gears;

Jj—planetary gear code;

k—harmonic order.
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When the harmonic order is k, the vibromotive force F; of the meshing between
the jth planetary gear and the center gear is

Fij = Fuy sin(kot 4+ kj x 272" /n) (11.46)

where,
F,;j—amplitude of the force acting on the gear (maximum value).

The relationship between the total torque of the force on the planetary gears and
the pitch conforms to the sine law. If the amplitude of the loads is equal, the total
torque is

M, = Z F,;Rp cosa,
=1
= FuRp cosanZsin(ka)t—i—kj x 2nZ'/n) (11.47)
=1

where,

Rp—pitch radius of planetary gear;
a,—pressure angle.

If My is 0 and the calculated value of the meshing transfer error caused by the
rigidness is 0, the torsional vibration will not appear.

Figure 11.35 shows 1 speed planetary gear train with phase difference. Because
of the phase difference, the sinusoidal forces generated in meshing cancel each other,
and the vibromotive force of meshing is 0.

=
opmrjdue oY) 9Im [,

1/4 cycles

1 cycle

Fig. 11.35 1 speed planetary gear train with phase difference
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IV. Calculation of phase difference of test planetary gear train

The 1 speed planetary gears are evenly distributed and have proper meshing phase
difference, so that the vibromotive force at the meshing positions cancels each other.
In case of no manufacturing error in the gear, the vibromotive force of meshing is 0
theoretically.

The meshing phase difference of the planetary gear train is

2 2w
=_g_=

A6 (11.48)

ZA n

where,

H—an integer;
n—number of planetary gears;
za—number of teeth of center gear, with the formula as

za=nH*1 (11.49)

It is calculated from formula (11.48) that the meshing phase difference of the 1
speed gear is Af = 2.432°.

The meshing frequency is one of the reasons that affect the gear noise and vibra-
tion. Through spectral analysis of the gear noise and vibration frequency, the peak
occurs at the doubling of the meshing frequency. The noise and vibration are also
affected by gear dynamic load.

The meshing frequency f, of the 1 speed planetary gear is the number of meshing
teeth of the planetary carrier (output) per revolution. The number of meshing teeth
can be calculated from the relative speed between the center gear and the planetary
carrier

! ! ’
naz NAZZ
(na —ng)zy = <I1A T >Z/A =4 (11.50)
74+ 2¢ 4+ 2¢

where,

7' 4—number of teeth of sun gear in second planetary gear set;
7' c—number of teeth of gear ring in second planetary gear set;
na—sun gear speed (1r/min);

ns—planetary carrier speed (r/min).

Input shaft speed in gear 1 (r/min) n; = n4 and meshing frequency

I’l,‘Z/CZA

- itcta 11.51
60(z, + z¢) ( )

f:

Through calculation
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f. = 0.413n;

The number of meshing teeth of the 4 speed planetary gear is calculated from the
relative speed between the gear ring and the planetary carrier

ns(za +zc)

(nc —ns)zc = ( ns)zc = nsza (11.52)

ic

where,

za—number of teeth of center gear in second planetary gear set;
zc—number of teeth of gear ring in second planetary gear set;
ns—planetary carrier speed (r/min);

nc—gear ring speed (1r/min).

Input shaft speed in gear 4 (r/min) n; = ng and meshing frequency

nizZa

=%

(11.53)

Through calculation
f: =0.55n;

Because there are several pairs of gears meshed in a gear assembly, there will be
more than one vibration frequency. To analyze the vibration frequency, it is necessary
to calculate the meshing times of each gear pair.

Meshing times of each gear pair in gear 1: gear ring 1.321n;; center gear 2.678n;;
planetary gear 1.304n,;.

Meshing times of each gear pair in gear 4: center gear 3n;; gear ring 1.32n;;
planetary gear 1.571n,;.

11.4 Vibration and Noise Test of Planetary Gear Train

A power absorption type gear test bench is used to test the planetary gear trains
with phase difference (1 speed) and without phase difference (4 speed) respectively.
The vibration and noise of the planetary gear train can be measured by changing the
meshing rate, accuracy, load and speed.

The power absorption type gear test bench is shown in Fig. 11.36. In order to accu-
rately measure the noise generated by the planetary gear train, the motor, the reducer
and the planetary gear train in the dashed box are placed in the sound insulation box
for sound insulation, so as to reduce the dark noise to less than 6 dB.

The lubricant is ATF, which is supplied to the planetary gear train from three
injectors near the center gear and one injector in the upper part of the center gear,
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Fig. 11.36 Power absorption type gear test bench

at the flow rate of 1.5 L/min and the temperature of (32 &+ 2) °C. The input torque
range is 0—80 N m, and the speed of high speed shaft (input shaft) is 500-2400 r/min.
The speed changes 100 r/min each time, and the torque changes 5 N m each time.
An acceleration vibration sensor is installed near the supports of the input shaft and
the output shaft to measure the vibration acceleration and noise of the planetary gear
train.

I. Small load test for shaved gears

Figures 11.37 and 11.38 show the results of the small load test for shaved gears. The
test gear parameters are the high-tooth gear pair A in Table 11.1. “[J” means 1 speed
gear (with phase difference) and “A” means 4 speed gear (without phase difference).
The input speed is 500-2400 r/min, the input torque in gear 1 is 20 N m, and in gear
4is 43 N m.

As can be seen from the figure, the noise level of the planetary gear train with
phase difference is 3-8 dB lower than that without phase difference, and the vibration
level is 2-4 dB lower. The test results show that the existence of phase difference
can significantly reduce the torsional vibration, and the design of phase difference is
an effective way to reduce the vibration and noise of the planetary gear train.

II. Large load test for shaved gears

Figures 11.39 and 11.40 show the results of the large load test for shaved gears. The
input torque in gear 1 is 40 N m, and in gear 4 is 80 N m. It can be seen from the
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Fig. 11.38 Influence of shaved gear (small load) phase difference on vibration

figure that under the same operating conditions, compared with the gear grinding
process, the change law of the two curves is almost the same. It can be considered
that the elastic deformation of gear teeth is the main cause for vibration and noise
under large load conditions.

III. Small load test for ground gears

The planetary gear and center gear for test are ground by the MAAG gear grinding
machine to the accuracy up to JIS 0-1. The test results are shown in Figs. 11.41 and
11.42. As can be seen from the figure, the noise level of the planetary gear train with
phase difference is 6—10 dB lower than that without phase difference within the test
speed range and the accuracy of ground gear has relatively small influence on the test
results; in the case of phase difference and no phase difference, the vibration level is
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Fig. 11.40 Influence of shaved gear (large load) phase difference on vibration

basically the same with the increase of the speed. The vibration level of gear with 1
gear (with phase difference) is 2—4 dB lower than that with 4 gears (without phase

difference).

Tables 11.4 and 11.5 list the vibration and noise level data of the 1 speed (with
phase difference) and 4 speed (without phase difference) in the frequency range of

0-10 kHz and 0-5 kHz respectively.
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IV. Large load test for ground gears

It is set in the test that the input speed is 500-2400 r/min, the input torque in gear
11s 40 N m, and in gear 4 is 80 N m (tangential load 370 N). The noise level curve
from the test is shown in Fig. 11.43. As can be seen from the figure, the noise level
of the planetary gear train with phase difference is 3-9 dB lower than that without
phase difference. Compared with the test results when the tangential load of the tooth
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Table 11.4 Noise level data

Speed/(r/min) | Noise/dB (0-10 kHz) Speed/(r/min) | Noise/dB (0-5 kHz)
1 speed gear |4 speed gear 1 speed gear |4 speed gear

500 74.21 84.68 500 71.30 83.28
600 74.21 78.76 600 76.48 83.68
700 79.19 79.21 700 78.27 82.72
800 72.17 81.00 800 75.66 82.76
900 75.19 82.73 900 81.27 83.15
1000 78.03 82.50 1000 77.69 77.94
1100 82.22 82.00 1100 78.30 79.52
1200 79.97 78.83 1200 76.68 80.82
1300 76.95 82.68 1300 80.66 82.34
1400 76.93 87.45 1400 81.35 86.02
1500 81.58 87.59 1500 82.80 86.79
1600 81.28 90.55 1600 83.95 91.70
1700 83.72 82.92 1700 84.63 91.57
1800 82.53 93.71 1800 81.88 93.71
1900 83.51 94.00 1900 86.19 95.52
2000 84.26 92.55 2000 88.11 92.64
2100 89.06 90.29 2100 86.26 91.96
2200 86.40 89.14 2200 87.44 87.98
2300 87.09 87.98 2300 90.04 90.66
2400 88.37 2400 89.18

surface is 200 N, the influence of phase difference on the noise level is more obvious
after the increase of input torque.

Figure 11.44 shows the influence of phase difference on vibration. As can be seen
from the figure, within the range of speed change, the amplitude of vibration level
change measured in the two tests is basically the same, with a difference of 3—5 dB.
However, the corresponding speed of the peak value at vibration level is different
from that in Fig. 11.43.

V. Influence of torque on vibration and noise of planetary gear train with phase
difference

The influence of the torque on the vibration and noise of the planetary gear train at
the speed 1200 r/min is shown in Figs. 11.45 and 11.46 respectively. It can be seen
from the figure that the torque has little influence on noise. When the load torque is
increased, the difference of vibration level tends to increase.
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Table 11.5 Vibration level data

Speed/(r/min) | Noise/dB (0-10 kHz) Speed/(r/min) | Noise/dB (0-10 kHz)
1 speed gear |4 speed gear 1 speed gear |4 speed gear

500 92.27 94.69 500 90.90 93.49
600 91.62 95.41 600 92.79 94.78
700 93.87 96.45 700 93.57 95.38
800 94.27 98.30 800 94.29 96.91
900 95.68 99.53 900 95.83 97.94
1000 97.47 101.00 1000 96.67 98.71
1100 98.53 102.96 1100 97.11 103.91
1200 100.37 103.05 1200 97.64 101.90
1300 100.94 104.10 1300 99.22 101.91
1400 102.10 104.68 1400 99.93 102.15
1500 102.46 105.37 1500 99.92 103.44
1600 102.82 105.68 1600 100.19 103.22
1700 102.98 106.07 1700 101.20 102.58
1800 103.12 106.10 1800 101.70 103.29
1900 105.44 106.32 1900 103.74 103.90
2000 104.33 107.10 2000 104.94 105.52
2100 105.84 107.74 2100 104.90 105.45
2200 106.76 108.56 2200 103.60 108.21
2300 106.17 108.77 2300 103.39 106.97
2400 107.09 2400 107.96
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Fig. 11.43 Influence of ground gear (large load) phase difference on noise
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Fig. 11.45 Influence of torque on noise

VI. Influence of contact ratio on vibration and noise of planetary gear train
with phase difference

See Table 11.1 for the parameters of 1 speed in the test. High-tooth gear pair A
(1.65/1.81) and standard gear pair B (1.30/1.66) are selected, and the input shaft
speed is 500-2400 r/min. It can be seen from Figs. 11.47 and 11.48 that two gear
pairs are tested respectively with 200 N tangential load on tooth surface, and there is
no significant difference in noise and vibration levels. The reason is that the contact

ratio of the 1 speed planetary gear train is large, and the gear offsets the vibromotive
force caused by the stiffness and flexibility.
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VII. Influence of accuracy on vibration and noise of planetary gear train with
phase difference

In the two gear pairs used in the test, one dual-planetary gear set of planetary gear
and center gear is subject to gear shaving, carburizing and quenching and the other
set is ground by MAAG gear grinding machine after gear shaving, carburizing and
quenching. The accuracy of the former is JIS 3—4 and the tooth surface roughness
is about Rymax 6 wm (R, 1.5 wm); the accuracy of the latter is JIS O—1 and the tooth
surface roughness is Rymax 2 pm (R, 0.5 pwm). The test results are shown in Fig. 11.49
and 11.50. As can be seen from the figures, the vibration and noise level of the ground
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high-accuracy gear is 2-3 dB lower than that of the gear without grinding. Especially
when the speed reaches above 1000 r/min, the difference of vibration level is more
obvious.

VIII. Influence of torque on vibration and noise of planetary gear train of
different accuracy with phase difference

The gear used in the test is 1 speed planetary gear train with phase difference, and
there are two kinds of processing technology, namely gear shaving and grinding. As
shown in Figs. 11.51 and 11.52, the input shaft speed is 1200r/min, and the input
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Fig. 11.51 Influence of torque on the noise of planetary gear train of different accuracy

torque change range is 0-50 N m. As can be seen from the figures, when the input
torque exceeds 10 N m, the vibration and noise levels tend to increase with the
increase of torque. In the test torque range, the vibration noise of the ground gear is

lower.
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IX. Analysis of vibration and noise test results

Figures 11.53 and 11.54 show the spectral analysis results of the vibration and noise
of the 1 speed planetary gear with phase difference. Test conditions: gear grinding,
tangential load 200 N and input shaft (high speed shaft) speed 1600 r/min.

The meshing frequency of the planetary gear is 660 Hz, and the peak of vibration
and noise acceleration level corresponding to the frequency doubling could not be
clearly identified. The reason is that there is phase difference in the meshing of
planetary gear and center gear, and the vibration caused by phase difference is exactly
offset with the torsional vibration caused by the planetary gear.

Figures 11.55 and 11.56 show the spectral analysis results of the vibration and
noise of the 4 speed planetary gear without phase difference and the test conditions
are the same as those for spectral analysis of 1 speed. Compared with that with phase
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Fig. 11.53 Spectral analysis results of vibration of 1 speed planetary gear



482 11 Planetary Gear Drive

l-speed  Gear grinding(F=200N) 1600t/min 1.5L/ min
T T T T T T T T T
/M L 4
)
2
(]
=
<
>+ J
3 m.r ?I/ 9z
é 1\‘JI
= _Iz o J
g
<
ll)kllr
Frequency/HZ

Fig. 11.54 Spectral analysis results of noise of 1 speed planetary gear

T T T T T T T T T

Amplitude/dB

10kHz

Frequency/HZ

Fig. 11.55 Spectral analysis results of vibration of 4 speed planetary gear

26

lﬂﬁr

Amplitude value /dB

fz 2z 3 spp 6z Tfl Bl}t q

P

&0 * + * dfz l' , {
Mﬂm .rﬁ » W idha

10kHz

PWR SP Arct LIN
X full frequency Y 90.55dB

Fig. 11.56 Spectral analysis results of noise of 4 speed planetary gear



11.4 Vibration and Noise Test of Planetary Gear Train 483

difference, the noise level without phase difference is about 9 dB higher, and the
vibration acceleration level is about 3 dB higher. The meshing frequency of planetary
gear is 611 Hz, and the corresponding vibration and noise levels are much higher
when the harmonic order is 1-3 times than that with phase difference. It can be seen
from the figure that the circumferential vibration acceleration of the planetary gear
train is formed by the superposition of vibration of the integer multiple frequencies
in the meshing frequency. The total stiffness of the planetary gears without phase
difference is a multiple of the number of planetary gears and the vibromotive force
will increase in the periodically varying meshing.
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Chapter 12 ®)
Electronic Control System of Automatic oo
Transmission

12.1 Introduction to AT Electronic Control System

The AT electronic control system, as the brain of the AT, is mainly to commu-
nicate with other VOBCs through various sensors to obtain real-time transmis-
sion, engine and vehicle operating state, achieve accurate shift control and clutch
control according to the vehicle speed, accelerator pedal and other signals, free the
driver from the heavy manual shift and achieve good driving comfort and better fuel
economy.

The AT electronic control system, with the block diagram shown in Fig. 12.1,
usually consists of a sensor, a control unit and an actuator. Firstly, the sensor detects
the information of the transmission condition and driving condition and converts it
into an electrical signal. Then, the control system analyzes and processes the electrical
signal according to the shift law, makes a judgment and issues a shift instruction for
shift control. The coordination control mode of “PID + self-learning” is used in
the shift process. On the one hand, parameter adjustment is implemented through
feedback control to ensure the shift quality of in the shift process. On the other
hand, according to the shift control effect, the parameters are further self-learned
and optimized to prepare for the next shift. Repeat this way and it can continuously
approach the ideal shift process and constitute a complete closed loop. It may also
provide interfaces for other peripheral control units, such as the engine control unit
(ECU) and electronic stability control (ESP) unit to synergistically improve vehicle
driving comfort, safety and other functions.

The AT electronic control system provides all the functions that meet the OBD
diagnosis regulations, and can diagnose the electrical rationality of the components
and subsystems, and output the diagnosis results according to the regulations or
customer requirements.
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Fig. 12.1 Block diagram of AT electronic control system

With the complexity of vehicle control technology in recent years, the capacity of
software is increasing. To facilitate reuse of software, AT electronic control system
adopts a hierarchical structure that covers sensor, actuator characteristics, and micro-
computer functions (changes in characteristics and functions have no impact on the
software).

1. Software structure

Figure 12.2 shows the hierarchical structure example of the vehicle control software.
The current software structure is based on the different concepts of vehicle manu-
facturers and software suppliers, but in order to develop in the unified direction,
standardization activities are increasingly active at home and abroad.

2. Operating system (OS)

The OS is a module that manages the allocation of information processing resources
for the applications to reduce the software development and management cost. The
OS can be used to easily use the external development software, construct a multipro-
cessing system with time limit, cover different processors and improve the recycling,
portability and reliability to reduce the cost.

The main features of the OS include: task scheduling in the form of priority
(execution priority), management of different time limits for applications, manage-
ment of intertask shared resources (exclusion of access to the same resource between
the seemingly parallel-running applications), intertask communication and event
communication (support intertask coordination). Functions previously implemented
in application processing are handled by an OS independent from the application
software.
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Fig. 12.2 Hierarchical structure example of software

In addition, the standardized real-time OS in the auto industry is character-
ized by highly real-time implementation (a simplified style dedicated to automo-
biles), the emphasis on quantification (corresponding to stock savings), and the on-
board communication networking. As the vehicle control software, OS is constantly
carrying out the standardization work aiming at the optimal parts.

3. Platform (PF) layer

The PF layer is the part of the software that uses hardware functions such as micro-
computer peripherals to manipulate the input of the sensor signals and the output
of the actuators. The computer peripherals vary widely depending on the type of
microcomputer, but are designed to perform best in a particular system.

For example, when a drive solenoid valve is driven by Pulse Width Modulation
(PWM), the best method is selected based on the drive characteristics (dynamic range,
precision, etc.) of the existing computer peripherals and actuators before design.

According to the specified time, the calculated count value is compared with the
cycle set value and duty cycle (task) set value, and the PWM output time chart shown
in Fig. 12.3 is used to make the output reverse to realize the PWM output action.

4. Interface (API) layer

The API layer is the part that operates the exchange of data between APL and PF.
When the APL layer and the PF layer process different data attributes (data form, unit
system, etc.), data conversion at the API layer can be used to realize data exchange
between the existing APL software and the existing PF software.

For example, when a solenoid valve duty cycle or a stepping motor can be used to
control the bypass air flow, the control value of air flow (in m*/min) can be converted
into control signal data by driving the signal solenoid valve based on the respective
flow and actuators.



488 12 Electronic Control System of Automatic Transmission

Cycle set value - L/‘
[ |
Duty cycle set value |

l ! Output}

| | IOFF I

]
|
|
|
|
|
|
Output
Output ON

Duty cycle
- |

/

Cycle

Fig. 12.3 PWM output time chart

5. Application (APL) layer

The APL layer is installed in the actual control system through the methods described
in the preceding paragraph and the software developed. By standardizing the data
interface at the API layer in advance, the reuse of APL software can be realized, thus
giving full play to the advantages of high development efficiency.

For example, in the bypass air flow control, the calculation processes are stan-
dardized in the form of air flow control value (m3/min), so that they are not affected
by the air flow control method, thus ensuring the independence of APL components.

6. Hierarchical software architecture

According to the development characteristics of the TCU system, hierarchical soft-
ware architecture is proposed to provide a friendly interface for the upper programs,
thus ensuring the realization of different AT control requirements on the same plat-
form, as shown in Fig. 12.4. This hierarchical architecture can enhance the functions
of the underlying software and weaken the coupling between the underlying soft-
ware and the application layer software; this architecture is also in line with the
development trend of software architecture. For different applications, the architec-
ture can tailor and upgrade the underlying software, which reduces the increase in
the cost of upper software modification and improves the efficiency of AT software
development.

12.2 AT Control System Development

With the improvement of control requirements, the application of the control system
becomes more and more extensive and its position is more and more important. As
a result, the control system is becoming more and more sophisticated and complex,
especially with larger software system. The resources needed for the control system
(development cycle, cost and number of developers) increase year by year, and
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improving the software development efficiency has become an important issue.
Making full use of the “model” is one of the means to solve the above problem. This
process is called model foundational development. Model is the product of abstrac-
tion of physical devices. The objects of model include not only control objects but also
control devices. The model foundational development has the following advantages:

(1) Easily implement high performance control.
(2) Validate the control system at the initial stage of development.
(3) Make full use of automation.

The following is a description of the transmission control development process
and development approaches.

I. Development process

Figure 12.5 is the development process of the transmission control system. Previ-
ously, the control system was designed after the basic design of control objects such
as engine transmission was completed. However, in the development mode shown
in Fig. 12.5, there are many cases that the system as a whole cannot meet the design
requirements due to the limitation of control objects. Therefore, it is better to develop
control objects and control strategies or systems gradually after the overall design of
the system.

Figure 12.6 shows a V-shaped diagram of the development process from a broad
software development perspective. The following is a description of the contents of
each process in the figure.



490 12 Electronic Control System of Automatic Transmission

System development Iﬁ;%i‘:gtg
e NN BN SR Th e NN =Sl B R =B =
| . |
: Control system development System design :
| | |
R e e e 1 1 |
Il Control system I
I : TCU development design E Control object| |
: | P _* — l _____ = | development :
e | : (engine I
: : I TCU design ! | transmission, :
| : : Device | etc.) |
Ly ‘ l | development ; I
: : | (Narrow sense) Hardware | (sensors, | I
/| | |_software development development : actuators) | :
|
I I | |
[ ; : I |
: : | TCU testing [ : :
| | Le————— === _L _________ J I |
I 1 I |
: : Control systen : :
R ey e e J I
I [} I
I |
| System testing| |
I |
L o o o i e e e e e e e = ] =
The dotted portion is generalized software development
Product finishegl
Fig. 12.5 Development process of transmission control system
Fig. 12.6 V-shaped diagram - -
& P & System design System testing
of development process
Control system Control system
design testing
TCU

development

I1. System design

The system design is equivalent to the initial stage of system development, which
is the stage of designing the overall system functions according to the information
such as commodity planning and regulations.

The system design subprocess is shown in Fig. 12.7, and each process is
summarized as follows.
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System requirement analysis: the functions required for the whole system shall
be set first. The ideal state is that the functions can be set quantitatively, but
they can only be set qualitatively in most practical cases. However, even when
a decision cannot be made, it is important to set a feature as a temporary target
and promote development. In addition, in addition to the target function, it is
also important to grasp the constraints.

Control object function design: when the control system is designed, the control
objects such as engine and transmission should be grasped functionally. When
the control objects and the control system are developed in parallel, the specific
design of the control objects is started after completing the function setting of
the control objects. On the other hand, there are many control system designs
for existing control objects. In this case, it is necessary to fully understand the
control objects and master their functions.
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(3) Control system function design: according to the set system function require-
ments and the set or mastered control object functions, the functions required

for the control system shall be designed.

(4) System feasibility analysis: through the combination of control objects and
control system, it is necessary to fully study whether it can achieve the functions
required by the whole system. It would be a huge waste of time and resources
to build on a system that cannot be implemented. In addition, due to the uncon-
scious focus on the realization of major functions in the design process, it is easy
to neglect the research on the harm of side effects, which needs full attention.

III. Control system design

The function requirements of the control system are set in the system design stage,

where the specific design that satisfies relevant performance is made.

Figure 12.8 shows the control system design stage subprocess. Here mainly intro-
duces the software development, and no longer explains the equipment development

and TCU hardware development.
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1. Control system function analysis

The AT electronic control system usually consists of the sensor, control unit and actu-
ator. The sensor transmits the detected vehicle state, road conditions and other infor-
mation to the control unit, and the control unit issues a target instruction based on such
information, which is finally completed by the actuator. The control unit can adopt
rule-based or optimized control algorithm. In addition, the AT electronic control
system may also provide interfaces for other peripheral control units, such as the
engine control unit (ECU) and electronic stability control (ESP) unit to synergistically
improve vehicle driving comfort, safety and other requirements.

At the initial stage of development, developers only care about whether the control
system is working properly, but tend to ignore the security issues in case of failure.
However, failure protection is a very important part in the development of control
system, which needs to be fully discussed from the initial stage.

First of all, it is necessary to determine the level or degree of danger the user falls
into when the system fails, and what level of failure protection should be carried
out. In the power transmission control system, the general design idea is to adopt
a failure mode that will not cause danger even if there is a failure or misoperation
in the control system. In advance, the action state of important components of the
system in failure is studied, and the parts that produce the dangerous failure mode are
double-configured, or the failure detection is carried out through other information,
so as to prevent the occurrence of dangerous actions.

In addition, FMEA (Failure Mode Effective Analysis) is generally used for failure
detection. The principle of this method is to study the working state of each part of
the system when a failure occurs.

2. Control system function design

Functional strategy is the core of the control system. According to the function
requirements of the control system completed in the system design process, the
control functions required to enter the TCU are designed. Function requirements are
“what should be done”. In addition, since the control system is actually loaded into
the TCU, the content regarding “how should do” must be documented. By repeating
the different levels of “what should be done” to “how should do”, we gradually reach
the actual possible level, as shown in Fig. 12.9.

The process of reducing to a functional unit is called modularization, and it is
important to determine control specifications that are easy to understand and main-
tain. In the design of modules, modules should be arranged from the functional point
of view, while the minimum amount of module interfaces shall be fully considered
to achieve the overall functions.

The main description methods of the control functions are described below:

(1) Data flow: data flow diagram.
(2) Control flow: state transition diagram and flow chart.

The function of the data flow diagram is to describe the control functions along the
flow direction of a control variable, which is the basic form of the control specification
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Fig. 12.9 Hierarchical structure of control specifications

when the control object is a successive event system. At this point, the input/output
of the variable and its relationship are relatively clear, and it has a good affinity with
the method of structured analysis. Its disadvantage is that it is not clear when and
under what conditions to proceed. Figure 12.10 shows the data flow diagram.

The state transition diagram is suitable for describing the control functions of
discrete event systems, such as human operation or failure state. This description
makes it easy to show clearly what state can exist and how it changes under what
conditions. However, in contrast to the data flow diagram, it has the disadvantage of
not being able to clearly reflect the flow of variable. Figure 12.11 shows the state
transition diagram.

The flow chart describes the control functions along the processing flow, which
has the best affinity with the actual writing code. This description is also difficult to
clearly reflect the flow of variable. Figure 12.12 is a flow chart.

Quantitative change a N Quantitative change b i
Processing A Processing B |  Quantitative change d

Processing D | Quetitative hange £

Quantitative change ¢

Quantitative change ¢ Processin g C

Fig. 12.10 Data flow diagram
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It is necessary to consider the characteristics of the control before deciding which
description method to choose. In actual control, there are both successive event
systems and discrete event systems. In this case, it is necessary to consider the
actual computer assembly problem again. Therefore, the combination of the above
descriptions is often used.

In addition, the control functions require data such as variables and constants,
as well as information such as association attributes, in addition to the description
described so far. Such information is called a data dictionary. The required attribute
information, including the units and addresses of variables and constants, and conver-
sion formulas to physical quantities when using fixed decimal points, will be used in
the code generation and validation process. Therefore, it is very important to manage
data dictionary uniformly in the development of control system. It should be noted
that the data dictionary here differs from the definition of the data dictionary used in
the data flow diagram that accompanies the software design related to information
processing.
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In the model foundational development, the design results can be directly used
as the control device model that can be simulated after the above description is
perfected with tools. In addition, efficient use of automatic code generation is one of
its advantages.

3. Control object function design

The control object function design subprocess is shown in Fig. 12.13. The control
object modeling has two purposes: one is for the design of control specifications; the
other is for the validation of control specifications. The control object functions are
designed or grasped in the system design process; in this process, the model being
simulated needs to be materialized. However, instead of pursuing absolute precision,
the convenience of modeling and emphasis on computing time are more needed in
the process of control object function design.

4. System feasibility analysis

The closed-loop simulation can be used to analyze the feasibility of the joint simula-
tion of the control device model and the control object model. At this time, the vali-
dation script should be completed from two aspects: validation of analysis process
and validation of control functions. The former is used for feasibility analysis with
unknown design content, called black-box testing, which is the main method for
system feasibility analysis; the latter is used for feasibility analysis with known
design content, called white-box testing. In addition to the feasibility analysis of
control functions, the system feasibility analysis also includes the software feasi-
bility analysis. The index used to measure feasibility is called coverage, including
decision coverage and condition coverage.
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Decision coverage (branch coverage): with a view to branches of control functions,
showing the percentage of branches of an actual calculation at least once.

Condition coverage: with a view to the theoretical calculation that includes state
transition, showing the portfolio ratio of actual testing across the portfolio.

IV. TCU development (TCU writing)

From the point of view of software development, TCU development refers to the
process of preparing the actual writing code into TCU according to the control
functions. Loading software is generally classified into platform and application
program. The former is equivalent to the operating system, mainly dependent on the
TCU hardware; the latter runs on the basis of the platform and records the control
content. The TCU writing subprocess is shown in Fig. 12.14.

(1) Code generation: C language is mainly used in the transmission control now.
The codes were written manually before. However, with the recent development
of system tools, the use of system tools for automatic programming has become
popular. Only when the control functions are described as actual feasible models
in the system tools can automatic coding be used.

(2) Code testing: the generated code may be tested due to its possible flaws.

For example, for small units of software, testing for consistency between control
functions and codes is called unit testing. In the model foundation development,
the consistency can be tested through simulation because of the control device
model with dynamic control functions.

(3) Compilation and link: the validated coding group shall be combined and loaded
into the TCU. Because this process is the same as a traditional and general
software development process, it is not specified here.

(4) TCU testing: even though the testing is conducted in small units, the overall
testing is also required after combination. This testing can be done on software
only, or in the combined loading in TCU.

V. Control system testing

The previous process has tested whether the TCU works according to the control
functions. The next step is to combine the sensor, actuators and the TCU loaded
with the code, and then test whether they can act as a control system according to
the instructions. The specific testing methods include HILS (Hardware in the Loop
Simulation) and real vehicle testing. The control system testing subprocess is shown
in Fig. 12.15.

1. Hils

HILS means to test with physical devices in one part of the simulated closed loop.
Figure 12.16 shows the composition of the HILS using actual ECU. In this case, the
engine, transmission and vehicle control object models are combined into a real-time
simulator to carry out the testing similar to that using real vehicles.



498 12 Electronic Control System of Automatic Transmission

System design System testing
Control system design Control system testing
LIS X L Z ___________ :
' |
' [
‘ |
; Lt i TCU development :
1 |
1 I |
| Code testing :
' |
1 |
’ |
| NO ;
' |
’ |
| YES .
[ ! |
: Compilation and link Hardware development |
|
| l |
1 |
| i |
} TCU testing |
|
‘ [
1 |
; NO NO |
|
‘ !
1 |
|

Fig. 12.14 TCU writing subprocess

The advantage of HILS is that it can improve testing safety, reproducibility and
inclusion, but it also has the disadvantage of limiting the testing range due to the
accuracy of control object model.

In HILS, ECU may be used as a real machine, and the actual sensors and actuators
may also be used as required. A portion of the control objects can also be used as a
real machine, depending on the situation.
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2. Real-time simulation testing

Due to the limitations of HILS, the actual system needs to be tested. The specific
method is to test the real vehicle after using the test bench. With the improvement
of the accuracy of the control object model and the reduction of modeling time, the
importance of actual system testing has decreased, but it has not reached the level
that the actual system testing is no longer needed at this stage.
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In addition, due to the testing environment, there are more cases in which HILS
is used as a link of ECU testing, while real vehicle testing is used as a link of system
testing.

A full vehicle model (prototype integrating a controlled AT) is set up through
Simulink and the real-time HILS system consists of Labcar system and transmission
control unit (TCU) by means of ETAS, as shown in Fig. 12.17. The principle of the
real-time simulation system is as follows: a real-time simulation code is generated
by the simulation model on the Host PC through compilation and downloaded to
the RTPC via networking. The RTPC makes real-time operation of the model and
sends the model operation variables, such as the engine speed, transmission input and
output shaft speed, and signals required by the TCU and engine control unit (TCU)
to the signal generation and measurement component ES4100. ES4100 converts the
received signal variable into the corresponding actual physical signal and sends it
to TCU through an adapter. TCU receives the relevant input signal and controls the
solenoid valve to perform the corresponding action according to the software program
therein. The solenoid valve current is detected by ES4100 current detection board
and the measured value is resent to the RTPC model. The AT model calculates the
pressure and torque of the relevant clutch/brake based on the solenoid valve current,
and then recalculates the engine speed, transmission input and output shaft speed
and other signals, thus forming an AT closed-loop system with the TCU.

As shown in Fig. 12.18, the hydraulic torque converter lockup operation is carried
out in the real-time simulation system. It can be seen from the data that the control
process has the same trend with the real vehicle testing results and similar data.
Therefore, in the development process, the real-time simulation system can be used
for logical validation and pre-matching of function modules, as well as simulation
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Fig. 12.18 Comparison of testing results between simulation test bench and real vehicle

and testing of special conditions, without any operational risk; in the software batch
production stage, automatic test program is developed on this basis to replace repeated
manual testing.

VI. System testing

The system testing is in the final stage of system development. It is to combine the
control systems and control objects as a whole system to test whether it meets the
set system requirements. The system testing subprocess is shown in Fig. 12.19.

1. Calibration of control constants

The action of the ECU software is determined by the control algorithm and the
accompanying control constants. Based on the characteristics of different control
objects of each vehicle, the control constants to achieve the best control performance
are obtained step by step. This process is called the calibration of control constants.
Calibration has a broader meaning such as the calibration of different vehicles or of
each individual, but the calibration described in this section refers to the calibration
of control constants. There are many cases in which the control constants cannot be
represented in the numerical form of scalar. In this case, they can be represented in
the one-dimensional to three-dimensional graphs as shown in Fig. 12.20. A graph
above two-dimensional level is called a MAP.

The system testing has a significant impact on system performance and requires
a lot of development resources, especially for engine system development.

First, design is made on the computer. The values obtained from the design param-
eters, the monomer characteristics of the sensor and the actuators are set as control
constants. Then the initialization and the maximum and minimum values of the
constants are set. A constant will also change constantly in value during develop-
ment, so it is important to note that it has the same concept of initialization and
maximum and minimum values as a variable. In the development of model founda-
tion, the full use of simulation method can improve the control constant precision at
the initial stage of development and the efficiency of subsequent development.
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Secondly, calibration is carried out on the actual equipment, including steady-state
calibration and transient calibration.

1. Steady-state calibration: there are two ways of steady-state calibration: one is to
make the control object produce the actual action, and to search for the best control
constant manually; the other is to take the initial steady-state characteristics of
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the control object as the model, and to set the optimal control constant according
to the model, namely model base calibration. The former is effective in the case
of few parameters, while the advantages of the latter gradually emerge with the
increase of control parameters.

The model base calibration steps are shown in Fig. 12.21.

(1) Set the measuring points using the testing planning. When more parameters
affect the control constants, the total number of combinations becomes very
large. For example, when there are 5 parameters and each need to reach 10
levels, the total number of combinations is 105, which is difficult to complete in
reality. The testing planning is used to control the characteristics of the control
object through the practical number of combinations of testing.

(2) Measure data by real machine testing. Measure the characteristics of the control
object on the measuring points obtained in 1).

(3) Function approximation (modeling) of real vehicle characteristics. The types
and times of the functions are set according to the characteristics of the control
object and then the functions are subject to approximate calculation according
to the data from the testing and the statistical approach.

(4) Model-based optimization results. Based on the modeled control object, the
optimal point is calculated and searched. At this time, it should be noted that
we should avoid the mistake of pursuing local best effect while thinking about
constraints.

2. Transient calibration: transient calibration is to optimize the transient character-
istics of a system. Since it is very troublesome to use real machines, especially
real vehicles, for transient calibration, we should try to perfect the previous
process to minimize the workload at this time. However, in areas where model
accuracy is insufficient and where human perception is processed, the real
machine must be used for transient calibration.

12.3 Validation of System Validity

The whole system is subject to final validation after the transient calibration. When
requirements are not met, the system design process needs to be returned for devel-
opment. But this will cause a huge waste of development resources and must be
avoided. The solid and reliable testing by full use of the model at the early stage of
development is to prevent iterative development.

VII. Model based modern transmission control software development

The running condition of the vehicle is complicated and changeable, and new power
sources and actuators are introduced constantly. In order to achieve high-performance
transient quality and energy saving performance, it is necessary to design a complex
control system and carry out burdensome control parameter calibration. At present,
the main control methods of vehicle control are open-loop control, feed-forward table



504 12 Electronic Control System of Automatic Transmission

Fig. 12.21 Model base Set the measuring points using
calibration steps the testing planning

Function approximation o